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ABSTRACT 
This thesis presents a detailed study of the performance of a nozzled, double entry turbine. This 
configuration is primarily found in the turbocharger application and encompasses two different 
entries, each feeding 180° of a single turbine wheel. The primary motives for this research are to 
enhance the knowledge and understanding of the behaviour of such a device under steady and 
pulsating flows including the effect of three different nozzle vane geometries. The work 
incorporates both experimental and computational analyses. 
Experimental results show that with unequal admission between the two volute entries the 
performance of the turbine is greatly affected compared to when both entries are flowing 
equally. A methodology was developed which successfully linked the unequal admission 
performance of the turbine to the full admission maps which are more readily available. 
Pulsating flow was found to affect the average performance of the turbine compared to the 
steady state characteristics. Examination of the instantaneous mass flow showed a large degree of 
mass storage in the turbine domain for all conditions of pulsating flow. A new parameter was 
developed based upon the conservation of mass in order to quantify unsteadiness taking into 
account both pulse amplitude and frequency.  
Steady and unsteady computational simulations were undertaken for one of the different nozzle 
configurations. Entropy generation rate was used to establish the distribution of loss within the 
turbine. In partial admission the loss distribution within the rotor wheel was found to be 
different to any case during full admission operation. Under pulsed flow conditions the 
computational analysis showed that the loss distribution changes throughout a pulse cycle 
showing that the flow regime will also undergo a large change. The loss distribution within the 
rotor wheel at one point within the pulse cycle was found to be very similar the equivalent steady 
state condition.   
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NOMENCLATURE 
ROMAN CHARACTERS 
 A Area [m2] 
a Propagation speed of sound [m/s] 
Cd Discharge coefficient (v-cone) 
Cdf Windage drag coefficient 
Cis Isentropic gas spouting velocity [m/s] 
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Cθ Tangential velocity in absolute frame of reference [m/s] 
d V-cone insert outer diameter [m] 
D V-cone pipe inside diameter [m] 
d3 Average rotor wheel leading edge diameter [m] 
dw Wire diameter [m] 
EP Efficiency parameter 
ER Efficiency ratio 
f Frequency [Hz] 
Fa Material thermal expansion factor 
G Smoothing coefficient due to filtering 
h Heat transfer coefficient [W/m2/K] 
h Specific enthalpy [J/kg/K] 
I Polar moment of inertia [kg.m2] 
i Specific internal energy [J/kg] 
Im Mass flow rate influence factor 
IT Torque influence factor 
k Thermal conductivity [W/m/K] 
k1 Flow coefficient (v-cone) 
L Length scale [m] 
MFP Mass flow parameter 
MFR Mass flow ratio 
n Number of data points 
N Turbine speed [rev/s] 
P Pressure [Pa] 
PR Pressure ratio 
R Gas constant [J/kg/K] 
r Recovery coefficient for temperature 
r3 Radius of rotor back face [m] 
s Specific entropy [J/kg/K] 
t Frequency time scale [s] 
T Particle residence time within a flow domain [s] 
T Temperature [K] 
t Time [s] 
 u Absolute gas velocity [m/s] 
U3 Leading edge blade speed [m/s] 
v Velocity [m/s] 
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V Volume [m3] 
 ̇    Actual (Shaft) power [W] 
 ̇   Isentropic power [W] 
Y Gas expansion factor (v-cone) 
   
   GREEK CHARACTERS 
 α Overheat ratio 
β Beta ratio, used in the calculation of mass flow rate with the v-cone flow meter 
β Temperature coefficient of resistance [K-1] 
γ Ratio of specific heat capacities [cp/cv] 
ΔP Differential pressure [Pa] 
ΔY Uncertainty associated with variable Y 
ε Clearance between rotor back face and back plate [m] 
ηt-s Efficiency (total to static) 
λ Turbine rotor inlet cone angle [°] 
Λ Degree of reaction 
μ Dynamic viscosity [Pa.s] 
μt Turbulence viscosity [Pa.s] 
ν Kinematic viscosity [m2 /s] 
ν Number of fixed degrees of freedom 
ξ Influence coefficient for interspace pressure between two limbs during unequal 
admission 
Π Pulse pressure amplitude weighting factor 
σ Entropy generation rate per unit volume [W/K.m3] 
σ Standard deviation 
τ Torque [Nm] 
τ Shear Stress [Pa] 
τfric Torque required to overcome windage friction on rotor back face [Nm] 
φ Pulse duty factor 
Ψ Normalised mass flow rate discrepancy 
ω Shaft speed [rad/s] 
Ω Mass conservation based unsteadiness criterion 
  Influence coefficient for interspace pressure between two limbs during unequal 
admission 
   SUBSCRIPTS 
 0 Stagnation conditions 
1 Volute inlet 
2 Nozzle row inlet 
3 Rotor wheel inlet 
4 Rotor wheel outlet 
5 Exit (atmospheric) conditions 
a Acquired value (Temperature) 
A, B Arbitrary naming of each volute entry 
A-B Average of both limbs, A and B 
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atm Atmoshperic conditions 
CYC Over a whole pulse cycle 
FA Full admission conditions 
HP Voltue entry with highest stagnation inlet pressure 
i Tensor notation 
in  Value at inlet 
inner Value for inner limb 
inst Instantaneous value 
is Isentropic value 
j Tensor notation 
LP Volute entry with lowest stagnation inlet pressure 
maxAB maximum value of either limb 
minAB minimum value of either limb 
noz Value at a nozzle throat 
out  Value at outlet 
outer Value for outer limb 
QS Quasi-steady (predicted) value 
RSS Root sum squared value (uncertainty) 
US Unsteady value (measured on test facility) 
   
   SUPERSCRIPTS 
 ̅  Average value 
 ' Fluctuating value 
̇  Rate of change with time 
   
 
 
 DIMENSIONLESS NUMBERS 
Ma Mach number     
Nu Nusselt number      
Re Reynolds number       
St Strouhal number      
St* Modified Strouhal number     ̅           
PMSt Pressure wave modified Strouhal number      ̅   ̅           
   
   ACRONYMS 
 CFD Computational Fluid Dynamics 
CTA Constant Temperature Anemometer (hot wire) 
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1 INTRODUCTION 
1.1 THE CURRENT STUDY 
In 2010 the transport sector accounted for 22% of the World’s CO2 production, with road 
transport alone responsible for 74% of this [1]. The primary power plant for a large proportion 
of all land and marine based transport is the internal combustion engine leading to an 
unquestionable necessity for improving the efficiency of this technology. A key approach in 
achieving this goal is through engine downsizing, which has notable benefits in automotive 
applications including a reduction in both inertial mass and packaging volume. On its own 
simply reducing the engine capacity is not necessarily an effective solution since this may also 
lead to a reduction in the overall performance of the vehicle. It is here that increasing demands 
are being placed on the air charging systems for these engines. 
Supercharging is a process of compressing the charge air before the inlet to a reciprocating 
engine, allowing a greater mass of air to enter the cylinder during the inlet stroke. This in turn 
means that more fuel can be burned during each engine cycle (in proportion with the increased 
air mass per cycle) resulting in an increase in specific power output. The result is that a large 
naturally aspirated engine can be replaced by a smaller supercharged engine without sacrificing 
performance [2].  On top of reducing the mass and volume of the engine, losses may be also be 
reduced since many of these scale with engine size, leading to an increase in engine efficiency [3]. 
In their original form superchargers were driven directly from the engine driveshaft. This 
requires that some of the increase in shaft power output, made available due to the inlet boost 
pressure, will already be used in turning the compressor.  Consequently the use of a supercharger 
will not necessarily lead to an efficiency advantage. The turbocharger on the other hand is a 
specific form of supercharging that uses a turbine, powered by the exhaust gases from the engine 
which would otherwise be wasted, to drive the supercharger compressor. The idea of 
turbocharging as we understand it today is generally attributed to the Swiss engineer Alfred 
Büchi who developed the idea from 1905 [4].  
Even though the turbocharger allows for greater efficiency savings compared to the 
conventional supercharger, an overall efficiency gain is not necessarily guaranteed as there are 
many factors affecting engine performance. The turbocharger is just one component of the 
overall system so that optimising its performance, although desirable, may not necessarily lead to 
the best overall performance. A rather more important consideration is in the correct matching 
of the turbocharger to the engine. This is dependent on the characteristics of the engine and the 
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turbocharger, including both the compressor side and the turbine side. In order to select the 
most appropriate turbocharger for a given application a suitable understanding of all three of 
these components (the engine, the turbine and the compressor) is required.  
The overall aim of the work within this thesis is for an increased understanding of the 
performance of a nozzled double entry turbocharger turbine. The study looks at several different 
aspects of turbine behaviour including the effect of both steady and pulsating flow. The effect of 
nozzle geometry is considered by the inclusion of 3 different nozzle row geometries with 
different throat areas. Both experimental and computational analyses are incorporated in this 
research.  
1.1.1 PULSED FLOW TURBOCHARGING 
As outlined above, one of the main difficulties with effective turbocharging is in correctly 
matching the turbocharger to the internal combustion engine. This problem is inherent when 
attempting to connect a rotor-dynamic device, which is designed to accept a steady flow of 
working fluid, to a positive displacement internal combustion engine which produces a pulsating 
exhaust flow. The handling of this pulsating exhaust flow broadly divides turbocharging into two 
different categories; constant pressure turbocharging and pulsed flow turbocharging.  
As a reciprocating engine turns each cylinder will produce a pulse in the exhaust manifold for 
every completed cycle. This may be once every 720° of crankshaft rotation, in the case of a 4-
stroke engine, or every 360° in the case of a 2-stroke engine. For either engine configuration this 
creates a highly unsteady exhaust gas stream which is used to drive the turbocharger turbine. A 
constant pressure turbocharging system uses a large volume in the exhaust manifold to damp out 
these engine pulsations so that the turbine sees a much steadier flow of gas. A pulsed 
turbocharger arrangement on the other hand will use a short narrow pipe to connect the engine 
exhaust directly to the turbine such that it will see the full influence of this pulsating flow. This 
will have an inevitable effect on the operation of the turbine. Although it is true that the constant 
pressure arrangement lends itself to better performance of the turbine, making it seemingly an 
obvious choice for a turbocharging application, there are also a number of associated 
disadvantages [4].  
Firstly, there are a number of practical problems associated with a constant pressure system. The 
plenum chamber in the exhaust manifold, used to dissipate the exhaust pulses from the engine, is 
inherently voluminous; this creates packaging issues, which are important for automotive 
applications where space may be limited. Also, the response of the turbocharger will be limited in 
a constant pressure system due to the time involved in pressurising the large exhaust manifold 
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volume when a load change is demanded, this makes such a design impractical for any 
application in which the dynamic response of the system is important. Further, although the 
turbine in a constant pressure layout may perform more efficiently than for a pulsed system, the 
energy available at the turbine wheel will be reduced. This is due to the dissipation of kinetic 
energy in the exhaust flow which happens inside the plenum chamber. It is often the case that 
the drop in turbine efficiency due to unsteady flow is more than compensated by the extra 
energy available at the turbine wheel [4]. 
Considering these limitations the pulsed flow turbocharger arrangement has become the 
preferred option for most turbocharger applications [4] although it is apparent that this will have 
problems of its own. Namely the fitting of a turbine closely downstream of the exhaust valve on 
a reciprocating engine raises a question of the union between the two devices. Although this will 
have an inevitable impact on the behaviour of the engine, this thesis will focus on the other half 
of the problem; the impact of the pulsating flow on the performance of the turbocharger 
turbine. Ultimately a better understanding of this effect will enable more effective matching 
between engine and turbocharger and may also allow the turbine designer to optimise their 
design for such conditions. 
1.1.2 DOUBLE ENTRY TURBINE 
The application of a turbine in the exhaust flow of a reciprocating engine will have an inevitable 
influence on the gas wave dynamics in the exhaust manifold. In a conventional single entry 
device all of the exhaust pipes converge to a single turbine entry allowing mixing between 
different flows, which, depending upon the valve timing, can have a negative impact on the 
scavenging and blow-down characteristics of the combustion engine [4]. In order to lessen this 
effect it is possible to use a multiple entry turbine. 
A multiple entry turbine is designed such that there are two or more entries to the turbine volute; 
these remain separated for as long as possible up to the turbine wheel, reducing the possibility of 
exhaust pulse overlap. Figure 1 shows a typical pressure trace which may be experienced by a 
turbocharger turbine throughout a single crankshaft rotation of a 6-cylinder, 4-stroke engine [5]. 
In this figure the cylinders have been divided into two banks, one which incorporates cylinders 
1-3 and the next containing cylinders 4-6, it is clear that if all of the cylinders exhausted to a 
single manifold there would be a great deal of overlap between the different pulses. Not only are 
interactions between different exhaust streams minimised but also, because of reduced mixing, a 
greater proportion of the exhaust gas energy will be available at the turbine wheel. Clearly the 
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multiple entry system shows tangible benefits over a single entry device in a pulsed turbocharger 
application. 
 
Figure 1: Typical pressure trace of the flow entering a turbocharger from a six-cylinder 4-stroke internal 
combustion engine [5] 
Turbocharger turbines can be found with up to three of four entries to a single turbine wheel 
although the most common arrangements will have two inlets, these are most frequently found 
in either a twin or a double entry formation. These are shown in Figure 2, taken from Pischinger 
and Wunsche [6], who carried out a comparison of the two different designs. The twin entry 
volute (shown on the right) contains two entries which are divided axially such that each one 
feeds the whole circumference of the turbine wheel but only half of the height of the radial 
inflow rotor. The double entry, or sector divided volute on the other hand (shown on the left 
hand side) has its two entries divided peripherally such that each one feeds 180° of the turbine 
wheel, it is this geometry which will be investigated in this thesis.  
 
Figure 2: Double (left) and Twin (right) entry volute [6] 
During on-engine operation of a multiple entry turbine the firing order of the cylinders will be 
arranged such that the pulses will arrive alternately at each casing entry, as shown in Figure 1. 
This means that on an instantaneous basis the turbine will spend most of the time being fed 
unequally from each volute inlet. In order to optimally pair an engine to a turbocharger it is thus 
important to have an understanding of how this flow inequality affects the performance of the 
turbocharger turbine. It is here that the distinction between the double and twin entry volute is 
of most importance as it is well established that both of these designs will behave differently 
Crank angle (°) 
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under conditions of unequal admission [6]. Increasing the understanding of the performance of a 
double entry turbine in conditions of full and unequal admission forms an important aspect of 
the work in this thesis. 
1.2 TURBINE GEOMETRY 
The turbine used in this work was supplied by ABB Turbosystems and will be designated 
TURBINE-IC throughout this thesis, this is the same turbine which was used by Copeland [7] 
and Copeland et al. [8, 9, 10]. ABB are world leaders in the supply of large turbochargers for 
diesel and gas engines, maintaining and supplying turbochargers for engines ranging from 500kW 
to over 80MW for applications including marine, rail and stationary power generation amongst 
others. The large size of the ABB turbocharger units meant that they could not fit on the 
Imperial College test facility. Instead a bespoke turbine (TURBINE-IC) was designed to fit on 
the Imperial College test facility. This has a turbine wheel diameter of approximately half a 
comparable full size unit, the RMS leading edge diameter of TURBINE-IC is 85.5mm. A greater 
discussion of the turbine geometry is given in Section 3.2. TURBINE-IC is of a size which may 
be found on a heavy duty on-highway vehicle (typically this may be an 8 to 10 litre displacement 
compression ignition engine). 
The turbine itself is comprised of three main components; the double entry volute, the turbine 
rotor and the nozzle ring. These components are shown in the Figure 3 along with the back plate 
which was necessary for installation. The volute and turbine rotor were kept the same for all of 
the work carried out in this thesis. The nozzle ring on the other hand was interchangeable, 3 
different geometries were considered in this work, each with a different throat area. An exit duct 
was also attached to the end of the volute. 
 
Figure 3: Exploded diagram of turbine components 
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1.2.1 VOLUTE 
Perhaps the most significant feature of this type of turbine geometry is the double entry volute 
design. This is a symmetric design such that the flow area through each entry is intended to be 
the same with each inlet feeding 180° of the turbine wheel. The main purpose of the volute is in 
turning the gas flow from an almost entirely tangential direction at the inlet to a more radial 
direction toward the rotor wheel. As the flow is turned toward the rotor wheel it is also 
accelerated due to the conservation of tangential momentum as the radius of the flow is reduced 
in a free vortex flow.  
1.2.2 NOZZLE 
Before the flow enters the rotor wheel it passes through the nozzle vanes. On its own the volute 
can only accelerate the flow according to a free vortex flow; the nozzle vane is able to accelerate 
the flow further than the volute would be able to alone. The acceleration of the flow within the 
nozzle row is determined by the throat area of the nozzle ring. Three different nozzle ring 
geometries were supplied, each with a different flow area and consisting of 24 nozzle vanes. The 
different nozzle geometries have been named Nozzle A, Nozzle B and Nozzle C. These are 
discussed in Section 3.2.2. Copeland [7] and Copeland et al. [8, 9, 10] carried out their work using 
only the geometry designated as Nozzle B in this thesis.  
1.2.3 ROTOR WHEEL 
The rotor wheel is responsible for extracting shaft power from the energy of the gas as it flows 
through the turbine. As the flow of gas leaves the nozzle row and enters the turbine wheel the 
shape of the rotor blade acts to simultaneously accelerate and turn the flow of gas in the 
opposite direction to the rotation of the turbine wheel. As it does so the tangential momentum 
of the gas is reduced in the absolute frame of reference and a torque is applied to the rotor 
allowing shaft power to be generated. 
The TURBINE-IC rotor is a mixed flow design. This is similar to a standard radial inflow 
turbine but differs in the design of the inlet geometry. Figure 4 shows the difference between the 
two different types of turbine. As the name implies the gas flow entering the radial inflow 
turbine wheel will have radial and tangential velocity components but no axial component. The 
mixed flow rotor on the other hand has a cone angle, λ, at its leading edge so that the flow must 
enter the rotor wheel with some axial component of velocity.  
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Figure 4: A mixed flow turbine rotor (left) and a radial inflow rotor (right). 
In the design of a turbine wheel there is a stipulation that, as a consequence of structural 
limitations, the turbine blade must be constructed from purely radial material fibres. For a radial 
inflow turbine this requires that the inlet is limited to a zero blade angle whereas the cone angle 
on the mixed flow turbine allows greater design freedom so that the turbine can be optimised for 
different conditions. 
1.3 THESIS OBJECTIVES 
Over the past 3 decades the double entry turbine has been largely neglected from published 
research, until the work of Copeland [7] and Copeland et al. [8, 9, 10] whose research forms the 
starting point for the work in this thesis. They carried out an extensive investigation of double 
entry turbine behaviour under both steady and unsteady conditions. This thesis will provide 
much needed further understanding of double entry turbine performance. 
Specifically this thesis will make greater use of computational fluid dynamics (CFD) in order to 
understand the flow processes within the double entry turbine. This will include both steady and 
transient CFD calculations. Another key aspect of this thesis will be to extend the understanding 
of double entry turbine behaviour by the inclusion of two new nozzle geometries with different 
throat areas to the original tested by Copeland [7]. This will include both steady and pulsating 
performance of the turbine. In terms of the turbine performance under pulsating flow the 
previous research left an interesting question about the quantification of flow unsteadiness and 
its effect on turbine performance. This is also part of the motivation for this research although 
this addresses a wider picture, not just the double entry turbine geometry. 
The objectives for this thesis are as follows; 
I. To determine the effect of nozzle angle on the performance of the double entry 
turbine under conditions of unequal admission and to link the unequal admission 
performance to that under full admission. 
II. To investigate the effect of nozzle angle on the performance of the double entry 
turbine under pulsating flow conditions and to determine which nozzle setting 
leads to the optimal performance. 
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III. To study the aerodynamic losses within the double entry turbine under both 
steady and unsteady conditions and to ascertain how pulsating flow affects the 
loss distribution within the turbine. 
IV. To quantify the level of unsteadiness within a pulsed flow turbocharger and to 
relate this to the behaviour of the turbine. 
1.4 THESIS OUTLINE 
The main contents of this thesis will be laid out in 8 different chapters which are described 
below. 
1.4.1 CHAPTER 1: INTRODUCTION 
This chapter is an introduction to the work which will be presented in this thesis and will outline 
the problem being discussed. The main objectives of this thesis are included in the introduction 
section. 
1.4.2 CHAPTER 2: LITERATURE REVIEW 
This chapter will present a review of the published literature pertinent to the work in this thesis. 
This will highlight the gaps in the current knowledge and will help to add perspective to the work 
which will be carried out in this thesis. The review will look at research into pulsed flow turbine 
performance, research which looks specifically at the performance of double entry turbines and 
finally computational analyses for pulsating flow turbines. 
1.4.3 CHAPTER 3: TURBOCHARGER TEST FACILITY AND TURBINE PERFORMANCE 
This chapter will describe the test facility at Imperial College including detail of the different flow 
measurements in both steady and pulsating flow conditions. The uncertainty in the measurement 
of the individual variables and a dimensional analysis of the turbine performance parameters will 
also be discussed. 
1.4.4 CHAPTER 4: STEADY EXPERIMENTAL RESULTS AND ANALYSIS 
This chapter will present the steady state experimental results measured on the test facility for 
both equal and unequal admission. In equal admission the standard performance maps for the 
TURBINE-IC turbine will be presented for each of the 3 different nozzle geometries. The effect 
of unequal admission on efficiency and mass flow are both discussed. An empirical correlation is 
presented in order to relate the unequal admission performance of the turbine to the full 
admission performance. 
1.4.5 CHAPTER 5: PULSATING FLOW EXPERIMENTAL RESULTS AND ANALYSIS 
In this chapter the pulsating flow performance of the turbine is examined. The cycle average 
performance is considered initially followed by the time resolved turbine behaviour. Finally the 
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quantification of unsteady effects is discussed; a new analysis based on the conservation of mass 
is introduced. 
1.4.6 CHAPTER 6: CFD ANALYSIS OF PARTIAL ADMISSION 
This chapter presents a highly discretised computational analysis of the double entry turbine 
under partial admission. The flow processes within the turbine are discussed. The distribution of 
aerodynamic losses within the turbine is also examined, using the idea of entropy generation. 
1.4.7 CHAPTER 7: CFD ANALYSIS OF PULSATING FLOW PERFORMANCE 
The final analysis chapter presents a pulsed flow CFD analysis for the double entry turbine under 
three different pulsation frequencies. The effect of pulse frequency on the turbine behaviour is 
discussed first. The efficiency of the turbine wheel is considered as well as the effect of mass 
storage within different components of the turbine. The unsteady analysis from Chapter 5, based 
on the conservation of mass flow, is compared against the computational results. The loss 
distribution throughout a pulse cycle for one of the cases is discussed. This is compared to a 
quasi-steady analysis for one point within the pulse cycle. 
1.4.8 CHAPTER 8: CONCLUSIONS 
The final chapter presents the conclusions gained from this research, especially regarding the 
thesis objectives laid out in the introduction. The main contributions of the work are also 
summarised. 
1.5 SCHOLARLY OUTPUT 
The work carried out during the course of this PhD has led to the publication of articles in 
journals and conferences. These are listed below with a brief synopsis of each one. 
C. D. Copeland, P. Newton, R. F. Martinez-Botas and M. Seiler, “The Effect of Unequal 
Admission on the Performance and Loss Generation in a Double Entry Turbocharger Turbine,” 
Journal of Turbomachinery, vol. 134, no. 1, pp021004, 2012. [10] 
This paper was originally presented at the ASME Turbo Expo in Glasgow (14-18 June 2010) 
where it received the award for best radial turbomachinery paper, it was published in the Journal of 
Turbomachinery in 2012. It was co-authored by Copeland, whose work forms the starting point 
for this thesis (the works of Copeland are discussed in Section 2.2), whilst Martinez-Botas and 
Seiler acted in a supervisory role. It uses computational fluid dynamics (CFD) to explore the 
effect of unequal admission on the performance of a double entry turbine. The notion of using 
entropy generation rate to assess the areas of loss within the turbine was presented, this is a 
concept which has been refined and exploited within this thesis. 
P Newton, C D Copeland, R F Martinez-Botas, and M Seiler, "An audit of aerodynamic loss in a 
double entry turbine under full and partial admission," International Journal of Heat and Fluid Flow, 
vol. 33, no. 1, pp. 70-80, 2012. [11] 
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For this article Newton was the main author whilst Copeland, Martinez-Botas and Seiler acted in 
a supervisory manner. This paper is an extension to that above and used a much more highly 
discretised computational model. Greater attention was given to the fluid dynamic processes 
inside the turbine in full and partial admission. A profile of where entropy was created within the 
turbine passage was generated for both full and partial admission and the two compared. This 
allowed a quantitative evaluation of the effect of partial admission on the performance of the 
turbine. This paper forms the basis of the work presented in Chapter 6 of this thesis. 
P Newton, C D Copeland, R F Martinez-Botas, and M Seiler, "A comparison of timescales 
within a pulsed flow turbocharger turbine," in 10th IMECHE International Conference on 
Turbochargers and Turbocharging, London, 2012. [12] 
This paper was co-authored by Newton and Copeland with Martinez-Botas and Seiler acting as 
supervisors to the work. The paper develops an idea of using mass accumulation within a fluid 
domain with time varying boundary conditions as an indication of “unsteadiness”. This leads to 
the development of a parameter, called Ω in this thesis, which can be used to estimate the 
average rate of mass accumulation. This was derived by an analysis undertaken by Newton. This 
is presented in Section 5.5 of this thesis. 
 P Newton, A Romagnoli, R F Martinez-Botas, C D Copeland, and M Seiler, "A method of map 
extrapolation for unequal and partial admission in a double entry turbine," in Proceedings of ASME 
Turbo Expo, San Antonio, TX, USA, 2013 GT2013-95815. [13] 
For this article Newton was the primary author whilst the remaining authors assissted in an 
editorial and supervisory fashion. This paper puts forward a methodology for the prediction of 
the performance of a double entry turbine under conditions of unequal admission, given 
approprite boundary conditions, from the full admission turbine maps along with several 
empirically determined constants. The results of this paper are based on observation of 
experimental data along with a simple hypothetical model of an ideally separated double entry 
turbine. The results from this paper are presented in Section 4.3.3. 
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2 LITERATURE REVIEW 
This chapter will review the published literature relating to the work carried out in this thesis. 
Because there are several defining aspects to the work this will be divided into different sections. 
The chapter has been divided into 3 main areas: the first section will look at experimental studies 
pertaining to turbine performance under pulsed flow conditions; the second part will look at 
research specifically related to the double entry turbine; the final section will consider 
computational analyses relating to the research carried out in this thesis. 
2.1 PULSED FLOW PERFORMANCE OF RADIAL INFLOW TURBOCHARGER TURBINES 
Research on the effect of engine pulsations on turbocharger turbine performance initially 
appeared in literature in 1965. Wallace and Blair [14] were first to publish on this subject, 
followed just a few months later by Benson and Scrimashaw [15]. These papers began a steady 
history of research in this area which is now in its fifth decade. 
One of the main problems with research into pulsating flows is that most standard 
instrumentation does not have a fast enough response to allow a satisfactory temporal resolution 
of the performance parameters such as temperature, turbine speed, mass flow rate and torque. 
These could only be measured on a time average basis. This is true except for the case of 
pressure which could be measured on a time resolved basis. All early attempts to characterise the 
behaviour of radial type turbines in unsteady flow were bound by these technical limitations. 
One of the main endeavours of this early research was to evaluate the fidelity of the quasi-steady 
assumption. The quasi-steady hypothesis says that, during unsteady operation, the turbine will act 
in the same manner at any instance in time as if the same conditions were applied in a steady 
state manner. The quasi-steady performance of the turbine could be obtained on a time resolved 
basis throughout a pulse cycle using the instantaneous static pressure ratio across the turbine 
along with the time averaged speed and temperature. This would allow the equivalent steady 
state operating point to be found and the quasi-steady performance of the turbine evaluated. The 
instantaneous quasi-steady performance of the turbine could be integrated over a pulse cycle to 
obtain cycle averaged quasi-steady values which could in turn be compared to the time averaged 
measured turbine performance. 
Different studies would often test the effect of different parameters on the performance of the 
turbine, or the validity of the quasi-steady analysis under unsteady flow conditions. It seems that 
Wallace and Blair [14] were unable to decide on a single parameter to study and so looked at the 
effect of pulse frequency, pulse form, pulse amplitude, turbine speed, nozzle angle, pipe length 
and pipe area on the fidelity of the quasi-steady assumption. While this paper represents a large 
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undertaking of experimental work, it looks to address such a vast array of issues that no solid 
conclusions can be gained about any of them, although some trends are identified. This however, 
is not just a symptom of the experimental limitations of the time but also demonstrates the 
complexity of the task at hand and the number of dependent variables in the problem of pulsed 
flow turbine research. 
Other early studies were more restrained in their choice of parameters. Benson and Scrimshaw 
[15] choose to look at the effect of pulse frequency, Kosuge et al [16] look at the effect of pulse 
amplitude and Strouhal number, Benson [17] again looks at the effect of pulse shape. Although 
all of these studies broadly agreed that the quasi-steady hypothesis could not give an accurate 
prediction of turbine performance the details of their analyses were somewhat inconsistent and 
no conclusive trends could be identified. Some researchers found that the quasi-steady model 
would always overestimate the mass flow rate and power output from the turbine [14, 17] whilst 
others found the opposite [15, 16]. Considering the technical restrictions on the experimental 
practices of the time, as Baines remarks, it is not surprising that many of the researchers came up 
with incongruous results [18]. 
A step change came in 1986 with perhaps one of the most important publications on pulsed flow 
turbine behaviour. The work of Dale and Watson [5] is the first publication of unsteady 
performance data taken from the Imperial College Turbocharger test facility. Unlike previous 
test stands designed for pulsed turbine operation, this test rig was capable of measuring both 
instantaneous mass flow rate and turbine shaft power, the instantaneous temperature was 
inferred by assuming an adiabatic relationship with pressure. This assumption was later qualified 
by Szymko [19] to give a good representation of the actual temperature of the flow. The turbine 
was loaded by an eddy-current dynamometer, which could measure the average torque produced 
by the turbine. Knowing the polar moment of inertia for the rotating assembly, the instantaneous 
fluctuating component of torque could be calculated by differentiation of the speed signal. The 
summation of the average and fluctuating torque values was used to provide the total 
instantaneous torque delivered by the turbine. The same principal is still used on the current 
pulsed flow turbine test stand at Imperial College. The instantaneous mass flux at the measuring 
plane was determined by a hotwire anemometer, this could be integrated across the flow area to 
obtain the mass flow rate. 
The main aim of Dale and Watson [5] was to demonstrate the capability of their test rig; as such 
only minimal results are presented. Those shown, however, do provide a much deeper insight 
into pulsed turbine operation than previous publications. Figure 5 shows the instantaneous non-
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dimensional mass flow for one limb of the twin entry turbocharger during pulsed operation at 
40Hz. The steady state operating line for the same turbine speed is overlaid as a dashed line. This 
shows the unsteady mass flow looping around the steady state characteristic thus demonstrating 
a clear departure of the turbine operation from quasi-steady, a feature now synonymous with 
unsteady operation of a radial or mixed flow turbine. Although they do comment that the 
“mean” flow lies very close to the steady flow line, this was the first substantial evidence to show 
that on an instantaneous basis the turbine was not acting in a quasi-steady manner. 
 
Figure 5: Instantaneous mass flow characteristic for a turbine under pulsating flow displayed by Dale and Watson 
[5] 
Figure 6 shows the instantaneous efficiency of the turbine operating under pulsed flow at 40Hz, 
once more the steady operating line of the turbine at the same speed is overlaid as a dashed line. 
In a similar manner to the mass flow, the instantaneous efficiency of the turbine in unsteady 
operation forms a loop around the steady state characteristic showing a definite departure from 
quasi-steady operation. It is interesting to see the peak efficiency of the turbine working in the 
unsteady regime is above the peak efficiency of the of the steady state operation, the authors 
comment that this occurs as the pressure at the turbine inlet is falling but offer no more detailed 
discussion as this is not the intention of the paper. In reality, because this is a dynamic system, 
the isentropic power which is measured upstream of the volute inlet will not correspond to the 
instantaneous shaft power measured at the turbine wheel in the same instant. In order to account 
for this the measurements must be phase shifted so that they align with eachother temporally. 
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However this process is not straightforward, as discussed in Section 3.7.1, and may explain the 
high peak efficiency seen by Dale and Watson [5].   
 
Figure 6: Instantaneous efficiency characteristic for a turbine under pulsating flow displayed by Dale and Watson 
[5] 
Four years later Dale [20] showed more experimental results regarding the performance of a twin 
entry turbine under pulsating conditions. These again show the unsteady operation of the turbine 
as a loop around the steady curve although more insight is given as to why the unsteady 
operation deviates from the quasi-steady line.  Dale proposes that one of the most significant 
causes for this deviation is when the flow is accelerating or decelerating into the volute. This 
filling and emptying behaviour was identified by Baines [18] as one of the major findings on the 
Imperial College turbocharger test facility. 
Yeo and Baines [21] working on the same test rig as Dale, advanced instantaneous pulsed flow 
data collection one step further by beginning to look at the internal fluid dynamic processes 
inside a turbine system with a twin entry type volute.  This was done by the application of laser 
two focus (L2F) velocimetry. The velocitmetry system was able to take point measurements of 3 
velocity components in various positions at the inlet and outlet of the rotor wheel, although for 
their time resolved measurements during unsteady flow they only look at one position just 
upstream of the rotor leading edge.  
In steady state conditions Yeo and Baines compare the inlet flow angles to the rotor with 
different levels of flow inequality from the two entries of the twin volute. During this testing 
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they find a large variation in incidence angle, far from the design point, as the flow inequality is 
changed between the two limbs. This is able to explain the drop in efficiency seen in the twin 
entry turbine with increasing flow inequality. In unsteady testing, with out of phase pulsations, 
they find a similar variation in flow angle throughout a pulse cycle. They observe that the 
measured velocity components during unsteady flow are very similar to a series of steady flow 
conditions. They use this evidence along with the fact that the turbine rotor passing frequency is 
roughly two orders of magnitude larger than the pulse frequency to suggest that the turbine rotor 
operates in a quasi-steady condition. This is an interesting development and follows the 
proposition by Dale [20] that a significant factor in the unsteady behaviour of the turbine is in 
the filling and emptying of the volute and not in the rotor wheel. The assumption of a quasi-
steady rotor is a view generally still upheld today. 
This conclusion was backed up the following year by Baines and Yeo [22] by further analysis of 
the spatial variation of velocity components at the rotor inlet and a comparison to those 
recorded under steady operation which showed a great deal of similarity. 3 years later Baines et al 
[23] used this outcome as a basis for a simple unsteady turbine model based on the filling and 
emptying of the volute whilst treating the rotor wheel as quasi-steady. They found good 
agreement with experimental data when they used this model, again corroborating this 
conclusion. 
The work of Baines et al [23] is interesting from another point of view to the work in this thesis 
because they used a twin entry turbine. They plotted the instantaneous mass flow parameter in 
each limb of the twin entry turbine, shown in Figure 7. These followed a similar hysteresis 
characteristic found in the results of Dale and Watson [5] however, a secondary loop was evident 
during the low pressure region of each of the curves. This they suggest was due to the interaction 
of the two limbs during out of phase pulsating flow.  
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Figure 7: Instantaneous mass flow characteristics in each limb of a twin entry turbine presented by Baines et al 
[23] 
It was again at about the same period in time that Winterbone et al. [24] developed a test rig of 
similar capability to that of Imperial College. The instrumentation on this rig was similar to that 
of the Imperial College test rig, although they used a hydraulic dynamometer as opposed to the 
eddy current device developed by Dale and Watson [5]. Instantaneous massflow was measured 
using a constant temperature hot wire anemometer, as in the Imperial College facility. The main 
aim of this paper seems to be to present the capability of the test rig. The results that they do 
present corroborate those of the Imperial College facility. One example is given of the 
instantaneous mass flow against pressure ratio; this is shown in Figure 8 where the unsteady 
operation forms an orbit around the steady curve in a similar manner to the results shown by 
Dale and Watson [5]. 
 
Figure 8: Instantaneous mass flow characteristic data for a turbine under pulsating flow presented by Winterbone 
et al [24] 
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Although this test rig shows an impressive capability, matched only by the Imperial College 
facility at the time, the authors do not make any conclusions about the performance of the 
turbine itself.  
Much of the work on the Imperial College test facility in the mid to late 1990s was involved in 
demonstrating the pulsed performance of mixed flow turbines as compared to a standard radial 
inflow turbine. Arcoumanis et al [25] were the first to measure the instantaneous performance of 
a mixed flow rotor under pulsating conditions. They found that the mixed flow rotor led to 
similar hysteretic performance under pulsating flow as previous researchers had found on radial 
inflow turbines however an overall improvement in efficiency was found. This was due to the 
extra design freedom allowed with the leading edge of a mixed flow device which enables the 
designer to optimise the rotor geometry for higher pressure ratios.  
In 2001 Karamanis, Martinez-Botas and Su [26] published a detailed account of the unsteady 
effect, specifically on a mixed flow turbine. This investigation was again carried out on the 
Imperial College test facility. They used a Laser Doppler Velocimetry (LDV) system for 
measuring instantaneous velocity components at the inlet and exit to the rotor. The main aim of 
this work was to develop understanding of the flow inside a mixed flow turbine with the use of 
LDV measurements in both steady and unsteady inlet conditions; this was the first time such a 
study had been carried out on a mixed flow turbine. 
The instantaneous velocity components at a single point 3mm upstream of the rotor inlet and at 
another point 9.5mm downstream of the rotor exit were measured for a whole pulse cycle. At 
the inlet to the rotor a large variation in incidence angle was observed throughout the pulse cycle, 
from -80° to +40° showing a significant deviation from the design point during unsteady 
operation, reminiscent of the results of Yeo and Baines [21] in a radial inflow turbine. In 
evaluation of instantaneous performance the unsteady operating line was found to loop around 
that of the steady performance curve, a classic effect of unsteady operation. 
In 2002 the turbocharger research group at Imperial College presented their first work on the 
development of a new dynamometer for their test facility by Szymko et al [27]. Although the 
detailed design of the dynamometer is not necessarily pertinent to the work in this thesis the 
benefits of this new loading device are clear in terms of turbocharger characterisation. The new 
eddy current dynamometer would be able to obtain a much greater range of loading on the 
turbine than an equivalent compressor; this is particularly useful when dealing with pulsating 
flow. Under pulsating flow the boundary conditions for the turbine will commonly extend 
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momentarily to areas beyond the range of most steady turbine maps. This makes a comparison 
of instantaneous turbine performance at that point and the equivalent quasi-steady behaviour 
impossible without extrapolation of the turbine map. In his thesis Szymko [19] expands upon 
this, he remarks that up until this point no research had compared the “true” quasi-steady 
performance of a turbine under pulsating flow.  
As well as building the dynamometer Szymko makes some further theoretical contributions to 
the field on the effect of unsteadiness on turbine behaviour in his thesis. Previous research was 
clear in showing the deviation of turbine performance from the quasi-steady operating line, 
Szymko attempts to characterise the importance of the unsteady effect using the Strouhal 
number as a parameter. This relates the fluid travel time through the domain to the timescale 
associated with the disturbance 
   
        
    
 
Equation 1 
Where, in this equation,      is a representative frequency of the disturbance,      is the length 
of the domain and      is a representative velocity of the fluid in the domain, usually 
represented by the time average velocity   ̅ . Szymko presents a normalized version of the 
Strouhal number defined by 
    
        
 ̅
 
  
 
Equation 2 
The introduction of a factor of 1/φ in this formula represents the portion of the pulse cycle over 
which the “pulse” is present. For example a single cylinder, 4-stroke engine may be operating at 
1,200rpm, which is equivalent to 600cycles/min or 10Hz. However, the time that the exhaust 
valve is open may typically only occupy 1/3 of each engine cycle so that φ=1/3. This recognises 
that instead of seeing a continuous 10Hz pulsating flow in the exhaust there will be a pulse event 
over 1/3 of each cycle and then no flow for 2/3 of the cycle followed by the next exhaust pulse 
lasting 1/3 of the next cycle and so on. In this case the actual time over which the pulse event 
occurs will be equivalent to a 30Hz pulsed flow rather than just 10Hz. The factor of 1/2 was 
introduced so that the pulse counts for half of the wavelength. Szymko [19] then goes on to 
propose a further variation of the Strouhal number, this is the pressure wave modified 
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normalised Strouhal number (PMSt). For this he uses the average pressure wave propagation 
velocity,  ̅   ̅, as a reference value 
     
        
 ̅   ̅
 
  
 
Equation 3 
Szymko defines 3 modes of operation for a turbocharger turbine operating in pulsating flow. 
These are based on empirical observations of his data. The first mode is quasi-steady operation 
when        . The next stage of unsteadiness is filling and emptying, where the unsteady 
effect is dominated by the filling and emptying of the volute, in this case             . 
Finally the turbine will enter “wave action” where the wave dynamics in the volute contribute 
significantly to the unsteadiness within the turbine. In this regime he showed that the pressure 
wave will undergo a considerable change of shape within the volute. This phase is defined 
when         . Although Szymko does not demonstrate the first mode of operation, which 
would see the unsteady trace moving along the steady state performance curve and would require 
a very low pulsation frequency, the second and third phases are demonstrated as shown in Figure 
9. Figure 9(e) shows the mass flow characteristic loop for the turbine under a 20Hz pulsation, 
this case has a normalised Strouhal number of 0.23 with a pressure wave modified Strouhal 
number of 0.046, this means that filling and emptying will be present whereas wave dynamic 
effects are not of importance. Figure 9(f) shows the operating loop for a 40Hz pulsation, in this 
case the Strouhal number is 0.47 whilst the pressure wave modified Strouhal number is 0.092, 
putting this case on the border of gas dynamic effects being important. It is possible to see a 
clear difference between the unsteady operating traces in each of these charts with the 20Hz case 
showing a much “cleaner” hysteresis loop than the 40Hz case where wave dynamics are 
becoming more important. As the pulse frequency is increased to 60Hz and 80Hz the operating 
loops are seen to deviate even further from the purely filling and emptying characteristic of the 
20Hz case. 
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Figure 9: Instantaneous mass flow characteristics for a turbine under pulsating flow at different pulse frequencies 
presented by Szymko [19] 
The year after Szymko presented this work Costall et al. [28] build on this analysis using a 1 
dimensional computational model. In this code the volute and the connecting pipework from the 
measurement plane are modelled explicitly with 1D wave action, the rotor wheel itself is treated 
as a quasi-steady entity with the instantaneous performance taken from the steady state turbine 
maps. They find a good agreement between the code and the experimental results of Szymko 
[19] for a 20Hz pulse frequency but find a worse agreement as the pulse frequency is increased. 
A parametric study was carried out using this computational model, here they found that the 
pressure wave normalised modified Strouhal number (PMSt) was most appropriate to judge the 
importance of unsteady effects. They suggest a value of PMSt < 0.014 will guarantee operation 
within 5% of the steady state operating line. 
Rajoo and Martinez-Botas [29] used the Imperial College test facility to look at the effect of 
nozzle angle on the unsteady operation of a mixed flow turbine by using a variable geometry 
turbine under different vane angle settings. They show that this has a marked effect on unsteady 
turbine performance. As part of this analysis they look at the unsteadiness criterion suggested by 
Szymko [19] using the pressure modified Strouhal number. When they study the performance of 
the turbine under pulsating flow they see that, for a given value of PMSt, the different vane angle 
settings will lead to different levels of unsteadiness. Figure 10 shows the instantaneous mass flow 
through the turbine for different vane angles. For a start it is evident that a more open vane 
position (40°) generally leads a lower back pressure due to the fact that the volute is able to 
empty mass more quickly. As the vane angle is closed (towards 70°) the operating orbits of the 
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turbine becomes wider and the shape begins to change. This shows that the nozzle angle will 
affect the impact of unsteadiness on the turbine and suggests that the criterion developed by 
Szymko is not universal. 
 
Figure 10: Nozzle angle effect on unsteady turbine mass flow, Rajoo and Martinez-Botas [29] 
Later in the paper the authors present the effect of nozzle angle on the cycle averaged actual and 
isentropic power of the turbine, this is shown in Figure 11. In this figure it is interesting to see 
that the actual power of the turbine (dotted lines) does not vary appreciably with vane angle 
unlike the isentropic power supplied to the turbine (solid lines) which is seen to generally 
increase as the vanes are closed, thereby reducing the turbine efficiency. The increase in turbine 
isentropic power is attributed to the increasing back pressure as the vanes are moved to a more 
closed position although this effect is observed to have some frequency dependency. 
Unfortunately no figure is given to show the change in turbine efficiency with vane position 
directly. 
 
Figure 11: Nozzle angle effect on turbine power under pulsating flow at different pulse frequencies, Rajoo and 
Martinez-Botas [29] 
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Although the results of this paper may not apply directly to turbine geometry in the current 
investigation this paper does illustrate the effect that the nozzle geometry can have on the 
unsteady performance of a mixed flow turbine. 
Copeland [7] presents time resolved measurements of the turbine performance parameters from 
the Imperial College test facility using the dynamometer of Szymko [19]. The work of Copeland 
regarding the double entry geometry is discussed more extensively in Section 2.2. However, in 
terms of the qualification of unsteadiness he expands even further upon the work of Szymko in 
using the Strouhal number to define the unsteady operation of the turbine. He questions the use 
of Strouhal number on its own to define the level of unsteadiness within a flow domain since 
this is largely a function of disturbance frequency and can have no comprehension of the 
amplitude of a disturbance. This is after his findings that pulse amplitude can seemingly have 
more of an effect on the overall turbine efficiency than pulse frequency. This is discussed in the 
next section (Section 2.2). 
 
 
 
Figure 12: A demonstration of the effect of pulse amplitude on the unsteadiness perceived by the turbine, presented 
by Copeland [7]  
Copeland presents a graphical demonstration of his hypothesis of the importance of pulse 
amplitude by showing two plots, side by side, one with high amplitude and low pulse frequency 
and the other with a much higher pulse frequency but a much lower amplitude, see Figure 12. 
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He postulates that the level of unsteadiness felt by the turbine in either case would be roughly 
equal, even though an analysis of the Strouhal numbers in each case would predict the second 
case to be a great deal more unsteady. Unfortunately he does not carry out any further analysis 
but this, and the work of Rajoo and Martinez-Botas [29], does leave an interesting question 
about how it may be possible to universally qualify the level of unsteadiness within a turbine 
stage. The work of Newton et al [12] attempted to address this argument. This work was carried 
out as a part of this thesis (See Section 5.5). 
2.2 DOUBLE ENTRY RESEARCH 
Given that the benefits of the double entry scroll are uniquely associated with its application in a 
pulsed flow environment, it is unsurprising that much of the literature regarding this specific type 
of volute is concerned with the unsteady performance of the turbine. Benson and Scrimshaw 
[15] were the first to publish research regarding the effect of partial admission on a double entry, 
radial inflow turbine in a configuration similar to the current investigation. They were primarily 
interested in the comparison of unsteady flow performance to the quasi-steady flow 
performance. In order to carry out a quasi-steady analysis of the turbine performance the 
authours had first to generate the steady turbine map. Unfortunately a full, unequal admission 
map of the turbine was not completed but they did consider both extremes of full and partial 
admission. Since the prime focus of the report was on the unsteady performance, the effect of 
partial admission was only discussed briefly. They observed that under partial admission the 
turbine does not act as half of the full admission condition and recorded an 11 point drop in 
peak efficiency under partial admission. In their discussion of results they recognise the 
shortcomings of using only partial admission or full admission for the quasi-steady analysis 
conceding that the turbine will spend most of the time operating somewhere between these two 
states. 
The first study to look at the unequal operation of a radial inflow double entry turbine was that 
of Timmis [30], this came four years after Benson and Scrimshaw presented their work. Timmis 
shows the mass flow characteristics through each limb for different values of mass flow ratio, 
where mass flow ratio is defined as the ratio of mass flow through one limb compared to the 
other. On his plots he demonstrates how one limb will affect the flow through the other, it is 
unfortunate that over 40 years after this research there remains a restriction on copying data 
from this thesis and so it is not possible to present these plots here, however some of this data 
was presented by Wallace, Cave and Miles [31] and is shown in Figure 13 and Figure 14 which 
are discussed below. Timmis postulates that this influence between the limbs will be most likely 
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to occur in the interspace region. He also shows the efficiency characteristics which show a 
considerable efficiency defect in unequal admission, getting worse as the inequality increases.  
Timmis proposes that gas flowing through the turbine wheel could easily go around half a 
revolution before exiting the wheel. Therefore it is probable that the flow through one entry 
would seriously affect the flow of air through the rotor from the other entry. He also 
hypothesises that the interspace could be a region of stagnation pressure loss if there was mixing 
from one side to the other. These were interesting speculations and agree with the computational 
analyses of Copeland et al. [10] and Newton et al. [11] some 40 years later. 
Wallace, Cave and Miles [31] present a simple computational model intended to predict the 
performance of a double entry turbine under conditions of unequal admission. This is based on a 
turbine model for a single entry device presented by Wallace some years earlier [32]. They use the 
experimental results of Timmis [30] as a means of validation. The model for the double entry 
turbine works under the assumption of a common interspace pressure for both limbs of the 
turbine between the nozzle exit and the entry to the rotor wheel. The interspace pressure is 
calculated based upon the conservation of mass through the turbine; for given inlet conditions of 
stagnation pressure in each limb the interspace pressure will be set such that the total mass flow 
from both entries will match the mass flow rate through the rotor based upon the respective 
throat areas and pressure ratios. Once the mass flow is set the model calculates the torque 
produced by the turbine. It splits this into 2 parts, the first is the so-called “shock” torque which 
is calculated from the initial turning of the flow from the stator to align with the rotor blade 
passage. The second component of the torque comes from the following expansion of the gas 
through the turbine rotor which they call the “impeller” torque. The shock torque is calculated 
separately for each limb however, after this the impeller torque is calculated based upon the mass 
flow from both limbs together.  
This model has some inherent assumptions about the behaviour of the double entry turbine 
under unequal admission conditions. The first is that the interspace pressure will be common 
between the two entries leading to an even distribution of mass flow entering the rotor wheel so 
that no mixing will be accounted for in the rotor wheel. This is despite Timmis’ thesis that 
mixing is likely to occur in the rotor wheel due to the different flows from each volute entry. The 
second assumption which is inherent in their model is that the “shock” torque calculated for the 
flow from each limb will not be modified to account for mixing in the interspace region, again 
against the thesis of Timmis that this would be one of the main sources of loss during partial 
admission. 
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Figure 13 and Figure 14 show how this model faired in the prediction of the mass flow and 
torque characteristics for the turbine under conditions of unequal admission. The broken lines 
show the experimental results of Timmis [30] whilst the solid lines are the computational 
predictions. All of the lines shown are for the same speed condition but represent different 
values of mass flow ratio between the two limbs. Looking at Figure 13 first, this shows the 
dimensionless mass flow rate through Limb 1 against the total to static pressure ratio across 
Limb 1 for different values of mass flow ratio. Looking at the experimental results (broken lines) 
it is clear to see that as the mass flow ratio is reduced (i.e. ̇   becomes smaller compared to ̇  ) 
the mass flow through Limb 1 reduces for a given pressure ratio, showing the dependence of 
one limb on the other. In terms of the computational prediction of this effect the model does 
show a reducing mass flow characteristic as the mass flow ratio is reduced however the overall 
effect is over predicted. For equal admission flow (i.e.  ̇  ̇   ⁄ ) the model predicts the 
performance of the turbine reasonably closely, as the flow inequality is increased and the mass 
flow ratio moves away from unity the prediction becomes less good. This is likely a result of the 
assumption that the pressure within the interspace will be common between the two entries.  
Looking now at the torque characteristics in Figure 14 a similar picture is shown. The equal 
admission results, with a mass flow ratio of unity are quite well predicted by the model but as the 
flow inequality is increased the computational and experimental lines diverge. This suggests that 
some of the assumptions made in the model do not accurately represent the fluid dynamics 
within the turbine under unequal admission conditions.  
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Figure 13: A comparison of measured mass flow characteristics of a double entry turbine under unequal admission 
and those predicted by a computational analysis for different values of mass flow ratio – Wallace, Cave and Miles 
[31] 
 
Figure 14: A comparison of measured torque characteristics of a double entry turbine under unequal admission 
and those predicted by a computational analysis for different values of mass flow ratio – Wallace, Cave and Miles 
[31] 
The next publication to address the question of unequal admission performance in a double 
entry scroll was that of Pischinger and Wunsche [6]. The aim of this paper was to improve the 
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modelling of turbine behaviour for engine simulation programmes and also to carry out a direct 
comparison of twin and double entry volutes, which is most relevant to the current work.  
An experimental investigation is undertaken in order to compare the two different volute 
configurations. The same rotor assembly was used for all tests but with different volute casings. 
The volute casings were matched and compared based on the full admission mass flow rate for a 
given pressure ratio and speed. It is worth noting that the double-entry casing in this 
investigation was a vane-less geometry, this is unusual for a double entry device since these 
would often be found with a nozzle vane row, unlike the twin-entry volute which would 
commonly be found as a vane-less geometry. Despite this the comparison between the two 
volutes is still interesting albeit in one sense slightly biased towards that of the twin entry. 
They look at the effect of flow inequality on mass flow rate and efficiency. Unlike Timmis [30], 
Pischinger and Wunsche use the ratio of pressures between the two limbs to show the inequality 
in flow, instead of the ratio of mass flow rates. When looking at the mass flow rate through the 
turbine Pischinger and Wunsche plot the isentropic flow area, this represents the area that would 
be required to pass a given mass flow if the fluid was expanded in an isentropic process; this is a 
representation of the swallowing capacity of the turbine. Figure 15 shows how the isentropic 
flow area of each limb, for both double and twin entry volutes, is affected by unequal admission. 
On this figure the solid line shows the results for the twin entry volute (Zw) and the broken line 
shows the results for the double entry (Do). Two lines are plotted for each volute; each one 
representing one of the entries. The same average pressure ratio was maintained for all tests. All 
of the lines can be seen to cross around the same point, representing the full admission 
condition, where the isentropic flow area through each limb is around 3.8cm2. Moving away 
from this point into unequal admission the swallowing capacity of the two turbines can be seen 
to be affected in a similar way. The isentropic flow area for the high pressure limb increases 
whilst that for the low pressure limb is decreased as the operating point moves from the full 
admission condition, this concurs with the results from Timmis [30]. The lines for the twin entry 
volute are steeper than those from the double entry volute showing that unequal admission has a 
greater effect on this geometry, suggesting a greater interaction between the limbs in terms of 
mass flow rate.  
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Figure 15: Figure showing how the isentropic flow area changes for each entry of a twin (Zw) and double (Do) 
entry turbine with different ratios of pressures between inlets [6] 
Figure 16 demonstrates the effect of unequal admission on turbine efficiency, for this plot again 
the average turbine pressure ratio was maintained for all data. This diagram shows a large degree 
of symmetry for both volute designs. It can be seen here that the twin entry volute maintains a 
flatter efficiency curve in unequal admission compared to the double entry device. This is not 
surprising as for a twin entry device the inlet conditions to the rotor will remain circumferentially 
uniform, whereas for a double entry volute the turbine wheel will be constantly switching 
between the high and low pressure entries as it rotates in unequal admission, this is bound to 
have more of a detrimental effect on efficiency. Another difference between the performances of 
the two volutes in this figure is that the double entry volute can be seen to clearly peak at a 
condition of equal admission, with the efficiency dropping away evenly in each direction. The 
twin entry volute on the other hand can be seen to peak either side of the full admission 
condition in slight unequal admission.  
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Figure 16: Figure showing how the efficiency of the turbine is affected for different levels of flow inequality between 
the two inlets of a twin (Zw) and double (Do) entry turbine [6] 
This paper shows some of the classic traits of the double entry turbine acting under partial 
admission conditions. Although most of these had already been pointed out by Timmis [30] the 
plots shown here were different to any used previously and were able to demonstrate the 
symmetry between the two limbs, this was something not shown explicitly before. The main 
benefit of this paper is in illustrating the difference in performance that may be expected 
between double and twin entry devices; this is an important distinction as many of the more 
recent papers look solely at a twin entry device with few which look at the double entry 
geometry. 
Mizumachi, Yoshiki and Endoh [33] study the performance of a radial turbine under conditions 
of partial admission. Because of a lack of an actual double-entry volute they choose to simulate 
the partial admission condition by blocking off half of the nozzle passages, shown in Figure 17. 
Although this will have a similar effect to partial admission in an actual double-entry volute it is 
clear that it is not a desirable method to simulate this condition. It is likely that this geometrical 
configuration is the reason why some of their experiments do not agree with other researchers 
who have used an actual double-entry device in the simulation of partial admission. Despite this 
they do present some interesting results. 
They first address the question of the kinematics of the fluid inside each turbine passage as it 
rotates between the open and the blocked off section of the volute. They suggest that as a rotor 
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passage enters the blocked off section of the volute the fluid inside will initially continue to flow 
because it has some momentum but as the rotor continues to spin this fluid will stop moving 
through the passage due to centrifugal acceleration. To demonstrate that this is the case they 
measure the pressure field around the periphery of the rotor using a series of 38 static pressure 
tappings in the interspace area between the nozzle row and the rotor wheel.  
By first assuming that the fluid within the rotor will be stationary in the relative frame of 
reference they calculate the resulting theoretical centrifugal head at the periphery of the rotor. 
The results of this calculation are shown in Figure 18. This shows the calculated values of 
centrifugal head (Pc) against the measured pressure distribution around the turbine wheel. 5 
different values of velocity ratio are plotted in this figure however the pressure ratio across the 
flowing limb was fixed at 2.0 meaning that this actually shows 5 different speed conditions. From 
this plot it seems as if their prediction is correct. As the rotor moves through the blocked off 
section the pressure is seen to rise as the fluid in the passage slows and the centrifugal head 
builds. By the time the rotor reaches the flowing section of the volute the pressure seems to be 
close to the predicted centrifugal head, this is true for all values of velocity ratio. 
 
Figure 17: Single entry turbine adapted to act as a double entry turbine under partial admission by blocking half 
of the nozzle passages [33] 
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Figure 18: Figure showing the effect of velocity ratio on the circumferential pressure distribution around a turbine 
with half of the nozzles blocked to simulate partial admission for a fixed pressure ratio [33] 
They also look at the global performance of the turbine. They find that, at the peak efficiency 
velocity ratio, the partial admission geometry leads to a reduction in efficiency of 19%. This 
result is unsurprising and is not completely out of line with the 11 point drop in efficiency which 
was found by Benson and Scrimshaw [15] under partial admission. A more interesting result is 
perhaps in their measurement of mass flow rate under partial admission. Figure 19 shows the 
corrected mass flow rate plotted against velocity ratio. At low velocity ratio (which corresponds 
to a low turbine speed since the pressure ratio was kept constant) the partial admission case 
exceeds half the full admission mass flow whereas for the high velocity ratio case the opposite is 
true. In all other investigations into the double entry turbine it was found that the flowing limb 
during partial admission will always have a higher mass flow rate than half the equivalent full 
admission condition. It is likely that this difference arises due to the method in which they have 
modelled partial admission using a single entry scroll with half the nozzles blocked off. The 
disagreement in partial admission mass flow rate highlights the importance of the interaction 
between the two limbs for a double entry turbine. 
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Figure 19: Figure showing the effect of blocking half of the nozzle passages in a turbine, in order to simulate 
partial admission, on the turbine mass flow characteristic [33] 
Following this study by Mizumachi et al. it was not for another 3 decades to see any more 
published literature on the performance of the double entry turbine, this eventually came in a 
series of publications by Copeland et al [9, 8, 10] and Copeland [7]. This was the latest work 
from the Imperial College test facility. One of the main aims of these papers was, in the words of 
Szymko [19] whose eddy current dynamometer made this testing possible, to conduct the first 
“true” quasi-steady analysis of a double entry turbine by production of such a comprehensive 
turbine map, in both full and unequal admission, that all points in a quasi-steady analysis would 
be covered. Although the main aim of these papers is to study the disparity between the steady 
flow data and the unsteady performance, especially relating to unequal admission conditions 
these works look at many issues related to the operation of a double entry turbine, in both steady 
and unsteady conditions. It is also worth noting that all of the testing in this series of 
publications was carried out on the same turbine geometry used in this study but with only one 
of the nozzle geometries (this was Nozzle B, see Section 3.2.2). 
In the first publication of Copeland et al [8] they start with the full admission performance of the 
turbine. The performance characteristics that they present are fairly typical of a mixed flow 
turbine. The peak efficiency is found at a velocity ratio between 0.67-0.68. They then go on to 
look at the unequal admission performance of the turbine. In testing unequal admission they 
maintain a constant velocity ratio of 0.65, corresponding to a value near to the peak efficiency 
under full admission. They keep one entry at a constant pressure ratio of 2 whilst varying the 
other entry from zero flow (partial admission) to the maximum attainable pressure ratio 
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achievable on the test facility of around 2.6, the speed is changed to keep the overall velocity 
ratio at each point constant. They then carry out the same tests with the volute entries reversed.  
They show similar plots to Pischinger and Wunsche [6], using the ratio of pressures across the 
two entries as a measure of inequality. In terms of efficiency, they see a drop of around 35% in 
the partial admission case compared to the full admission case for the same velocity ratio of 0.65. 
As well as showing a large drop in efficiency they also show a large degree of symmetry between 
the two limbs.  
They also show a plot of how the isentropic flow area is affected by unequal admission. This 
again agrees with the findings of Pischinger and Wunsche [6] in showing that as the flow 
inequality is increased the high pressure entry will always have an equivalently larger flow area 
than under full admission whilst the low pressure inlet will have a smaller flow area 
demonstrating a clear interaction between the two limbs. Copeland et al [8] also demonstrate a 
remarkable degree of symmetry between the two limbs in this case.  
The paper then follows onto the unsteady performance of the turbine which sets this paper apart 
from previous work on the double entry turbine as they are able to plot time resolved 
performance parameters for the turbine beyond just pressures. They look at both in and out of 
phase admission; the paper produces a number of interesting findings. In unsteady flow they first 
look at the interaction between the two limbs, this was clear in the steady results but had not 
been shown during unsteady operation. By plotting the shape of the pressure pulse measured at a 
position just upstream of the nozzle vanes on the inner entry of the volute they compare the in 
and out of phase results for the same pulse frequency and speed, this is shown in Figure 20. The 
pulse shapes are seen to be similar in each case, however in the latent period, where the pulse 
generator is not allowing any mass to pass into this limb there is a separation between the two 
traces. In the out of phase case a larger peak is shown, this corresponds to the pressure peak in 
the adjacent outer limb suggesting a definite interaction between the two. 
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Figure 20: Figure showing the difference in pressure trace recorded on one limb for the same pulse frequency for in- 
and out of phase pulsations. 
The authors do not attempt a quasi-steady analysis in this paper but they do compare the cycle 
averaged performance of the turbine under pulsating flow to the equivalent steady state 
performance at three different turbine speeds. However, since a different pulse frequency was 
used at each different speed it is impossible to separate the effects of turbine speed and pulse 
frequency. They find the cycle averaged pulse flow performance to always sit below the 
equivalent steady state point; the disparity is much greater at lower turbine speed (and pulse 
frequency). In terms of pulse phasing there is no discernible trend as to whether the turbine 
performs better with in- or out of phase pulsations.  
Following on from the cycle averaged performance Copeland et al [8] attempt to explain the 
efficiency deficit in unsteady operation by plotting the operating loop of the turbine on top of 
the steady state turbine efficiency map. They see that to fully define the operating point of the 
turbine atleast three parameters would be needed. This leads them to develop a novel 3-
dimensional plot shown in Figure 21. On this chart there a three axes, two which show the 
pressure ratios in each of the limbs and a third showing the velocity ratio. This forms a three-
dimensional space which can be populated with turbine performance data. This figure shows 
coloured contours of relative efficiency (efficiency normalised by the peak efficiency value 
recorded under steady full admission conditions), two planes are shown in this space; one along 
the axis of equal pressure ratio between the two entries (i.e. full admission) and another at a 
constant velocity ratio of 0.65, where the unequal admission data was taken.  
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From a qualitative point of view this plot is very useful in showing the three-dimensional 
operating space of the dual admission turbine and also how its performance depends upon all 
three axes. On top of the steady state data on this map the authors plot the unsteady operating 
lines of the turbine within this space. They look at this plot from various different angles and see 
that the turbine operation during unsteady flow moves into areas of relatively low efficiency 
throughout the pulse cycle, they use this to explain the drop in efficiency. This analysis also 
shows that the operation of the turbine under out of phase pulsating flow spends most of its 
time with varying degrees of unequal admission compared to the in phase case which stays much 
closer to the equal admission line. This makes it difficult to explain why, on a cycle averaged 
basis, the out of phase case does not see a lower efficiency that the in-phase case. 
 
Figure 21: Three dimensional map depicting the performance of a double entry turbine, several unsteady operating 
lines at different turbine speeds (50% and 70%) have been plotted on top of this map [8] 
The next publication in this series [9] was really an extension to their fist paper, this time carrying 
out a full quasi-steady analysis of the double entry turbine behaviour. They show the full steady 
map for the turbine in the same three dimensional format as seen in the previous paper but with 
extra data taken in unequal admission at velocity ratios other than 0.65. In total their full three-
dimensional map contained 272 data points, this is shown in Figure 22. 
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They conduct unsteady tests on the turbine at three different pulse frequencies, both in- and out 
of phase, with one turbine speed and compare the cycle averaged unsteady and quasi-steady 
results. This is shown in Figure 23 which shows the relative efficiency plotted against a 
parameter, λ = N/f  which is the turbine speed in Hertz divided by the pulse frequency and so 
giving the number of turbine revolutions per pulse. Since all the tests were conducted at the 
same turbine speed this is actually a measure of pulse frequency with a value of ten being the 
highest frequency (84Hz) followed by fifteen (56Hz) and twenty (42Hz). From the point of view 
of a double entry turbine this plot shows that the difference between in-phase and out of phase 
pulsations on the overall performance of the turbine is small. In the quasi-steady analysis this is 
not the case where the out of phase results are several points below the in phase case. This 
suggests that the interaction between the two limbs is reduced during unsteady operation 
compared to under steady state conditions. 
From the view of pulsating flow Figure 23 shows that the low frequency pulsations, which were 
found to be of a higher amplitude than the high frequency pulsations, had the greatest 
detrimental effect on the overall efficiency and also the greatest deviation from the quasi-steady 
prediction. This makes them question the use of pulse frequency alone in defining unsteadiness 
and to suggest that pulse amplitude must also be considered. This came after the work of 
Szymko [19] who did not consider pulse amplitude in his Strouhal number analysis of unsteady 
effects, this was discussed in Section 2.1. 
 
Figure 22: Full 3D operating map for a double entry tubine including equal and unequal admission [9] 
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Figure 23: Figure showing the effect of pulse freuquency on the unsteady and quasi-steady cycle averaged efficiencies 
of a double entry turbine under pulsating flow conditions, the parameter λ=N/f represents the number of rotor 
revolutions in one pulse cycle. The speed of the turbine was fixed [9] 
After two highly experimental papers the next in the series was a computational study [10], this 
was the first three-dimensional CFD analysis of the flow inside the double entry turbine. The 
CFD model, although relatively coarse, showed a reasonable agreement with experimental data, 
especially for the turbine mass flow. The efficiency was generally less well predicted but the CFD 
did show a good prediction of the trends.  
In their analysis they look at several different features of double entry turbine performance 
which were well known experimentally, starting with the mass flow interaction between the two 
limbs. They look at the streamlines emanating from the nozzle passages of an equal admission 
case and an unequal admission case with a ratio of inlet pressures of 1.61, with the lower entry 
under a higher pressure. In Figure 24 it is clear that the streamlines from the final nozzle in the 
high pressure entry in the unequal admission case (Case 7) extend much further than for the 
equal admission case (Case 9). This analysis shows that it is the interaction between the two 
limbs in the interspace region which allows the mass flow capacity of the high pressure limb to 
increase. 
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Figure 24: Figure showing a computational analysis of how the flow in the high pressure entry of a double entry 
turbine under unequal admission conditions expands further into the other half of the turbine compared to the 
equivalent full admission case [10] 
After this they look at the losses within the turbine and how these are affected by partial 
admission. They do this by looking at the generation of entropy in different areas of the turbine, 
this is an idea used in many of the CFD analyses in this thesis. They divide the turbine into 
different components and calculate the increase in entropy across each one for a partial 
admission case and the equivalent equal admission case (at the same velocity ratio). Figure 25 
shows how the entropy generation in each component changed between equal and partial 
admission. There are large increases seen in the nozzle, interspace and rotor domains during 
partial admission. The overall entropy generation across the whole domain, this is shown by the 
lines in Figure 25 referenced to the right hand axis, shows that the entropy generated in the 
partial admission case was almost twice that for the equal admission. Analysis of the 
instantaneous entropy generation on a plane at 50% of nozzle span (Figure 26) showed a large 
amount of entropy generation in the interspace region where the two flows mix between the 
stagnant entry and the flowing entry.  
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Figure 25: A comparison of the entropy rise through a double entry turbine under equal and partial admission 
using computational analyses [10] 
 
 
Figure 26: A computational prediction of contours of entropy generation rate within a double entry turbine under 
a condition of partial admission [10] 
An extension to this study was carried out by Newton et al [11]. This used a more refined 
computational mesh and conducted a more in depth study of the aerodynamic losses within the 
turbine. This work however forms a part of this thesis and is found in Chapter 6. 
Most recently Romagnoli et al [34] made a comparison of the double and twin-entry turbine 
under steady state conditions using the experimental data of Copeland [7] and Romagnoli [35]. 
This work was primarily concerned with the effect of unequal admission on the mass flow 
through each type of device. They found that the twin-entry volute was more susceptible to the 
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effect of unequal admission on the mass flow through each limb. This agreed with the findings 
of Pischinger and Wunsche [6].  Romagnoli et al. then presented a correlation for the prediction 
of mass flow in both a twin entry and double entry turbine unequal admission. A reasonable fit 
was found for the twin-entry turbine but for the double entry turbine this was less good.  
2.3 COMPUTATIONAL 
A significant portion of this thesis will be dedicated to the analysis of a three-dimensional (3D) 
computational model of the flow-field within the TURBINE-IC turbine under conditions of 
both steady and pulsating flow. This is one of very few computational studies of this kind and 
the only 3D study of a double entry turbine under pulsating inlet conditions.  Although the 
development of computational methods for the analysis of turbochargers stretches back as far as 
the 1960s [36, 37, 33, 38, 31, 39], when digital computers were in their infancy, these earlier 
computations are of little significance to the current work. They were all carried out with one 
dimensional flow, applying the method of characteristics to solve for the movement of pressure 
and mass within the manifold and scroll. These methods could give some reasonable estimates as 
to the overall performance of the machine however they could not give any significant insight 
into the fluid dynamics within the turbine. 
In this respect, the turbocharger has historically been behind other turbomachinery applications. 
As early as the 1950s Wu [40] presented an attempt to bring a 3D approach to the modelling of 
flow through a turbomachinery passage. So-called Quasi-3D, it was based on the interaction 
between perpendicular planes in the through flow direction (called the S2 plane by Wu) and the 
blade to blade direction (labelled the S1 plane by Wu). Dawes [41] calls this the first paradigm 
shift in turbomachinery CFD. Although these Quasi-3D models were unable to predict fully 3D 
effects such as secondary flow, tip leakage or the effect of blade lean they could give some 
insight into the flow processes within a turbomachine. From there Denton and Dawes [42] 
describe how, as computing power increased, the first fully 3D computational models of 
turbomachinery flows began to appear in the 1980s. According to Dawes [41] this was the 
second paradigm shift in turbomachinery CFD analyses and is the one adapted by all current 
programs. Despite these advances the only computational models of turbocharger turbines 
under pulsating flow remained as comparatively simple 1D analyses through too 2002 with a 
study by Lam et al. [43]. 
Ultimately this is an issue of timescales. In order to capture the pulsating performance of a 
turbocharger turbine the model must include atleast one full pulse cycle. The timescale of the 
pulse is usually on the order of 10 times that for the rotation of the turbine wheel and often 
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more. This means that, in order to capture a single pulse, the model must cover on the order of 
10 complete rotations of the rotor. This requires a great deal more computing resources than in 
the modelling of other turbomachinery applications which can often be adequately described by 
steady state boundary conditions. 
The first 3D CFD model of a turbocharger turbine under pulsating inlet conditions was that of 
Lam et al. [43] who modelled a single entry automotive turbocharger turbine connected to a 
four-cylinder, four-stroke engine. Lam et al. used a commercial CFD code (FLUENT) to do this. 
The work was carried out with the intention of increasing understanding beyond what would be 
capable with the experimental data or the simple one-dimensional wave action models which 
were available at the time. A single condition was modelled of 1,600 rpm. The model consisted 
of an inlet duct, a volute, a nozzle row, rotor wheel, shroud and a diffuser. The inlet boundary 
conditions were taken from an engine simulation program; these had been compared to real 
engine data and were found to be typical.  
They use a frozen rotor approach to model the turbine such that the position of the rotor is 
fixed relative to the stationary domain. The motion between the two domains is modelled by 
transformation of the governing equations to account for the change in relative velocity and also 
by the inclusion of terms for centripetal and coriolis acceleration in the rotor domain. To use this 
approach will neglect certain effects on the rotor wheel relating to the variation of the flow field 
around the periphery of the rotor wheel, this may be of particular importance near the volute 
tongue. The advantage of the frozen rotor method however, is that a relatively large time step 
can be used since the timescale of rotor rotation does not need to be resolved. They use a 
timestep of 2o of crank angle, this is equivalent to 0.2083ms which, at 136,000rpm, is equivalent 
to 170o of turbine rotation, this is a very large compared to the CFD analyses in this thesis which 
generally use 1o of turbine rotation per time step. It is evident that the computational power for 
this analysis was noticeably inferior to contemporary systems and this may have forced the 
authors to use a very large timestep however it is not surprising that they suffered convergence 
issues due to this which results in a significant mass discrepancy through the flow domain.  
No detailed analysis of the turbine flow field is presented in this study; instead it focuses on the 
overall performance of the turbine as a demonstration of the capability of CFD to undertake 
such calculations. They present the time varying mass flow rate and temperature of the flow at 
different stations through the domain. When they plot the instantaneous efficiency characteristic 
of the turbine they find that it loops around the steady state operating curve in a manner 
synonymous with pulsed turbine operation since Dale and Watson [5]. Although this study does 
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not present any more information than could be gleaned from a much simpler one-dimensional 
simulation it still represents a landmark case.  
Palfreyman et al [44] presented the next 3D analysis of a turbine under pulsating flow. This was 
as part of the work for the doctoral thesis of Palfreyman [45]. Even though this study came after 
that of Lam et al [43] it is arguably the first such analysis to fully exploit the nature of CFD in 
allowing a detailed study of the flow structure within the turbine. It is also evident that the 
modelling procedure is much more rigorous than that of Lam et al. The analysis was based upon 
a nozzle-less mixed flow turbine geometry of Karamanis [46] and Karamanis and Matinez-Botas 
[26]. This made a sensible choice since this body of work contained an abundance of 
experimental data for this turbine, including Laser Doppler Velocimetry (LDV) studies of the 
flow entering and exiting the turbine. The authors modelled the full flow domain from the 
measurement plane, upstream of the volute entry, to the exit duct and applied boundary 
conditions measured directly by Karamanis [46] on the Imperial College test facility. As an inlet 
boundary condition, the inlet stagnation temperature was applied as the cycle average measured 
value as was the turbine exit static pressure. Unlike Lam et al. the turbine wheel was rotated 
explicitly in each time step allowing the full unsteady effect on the rotor wheel to be resolved. 
The authors first validate the numerical model against the experimental results of Karamanis 
[46]. In terms of time averaged performance they see a reasonable agreement but with the 
computational model over-predicting the efficiency of the device slightly. In terms of 
instantaneous torque, throughout 1 pulse cycle, the simulation shows a good agreement in the 
prediction of its magnitude albeit with the experimental data showing a considerably smoother 
trace, as shown in Figure 27. 
 
Figure 27: A comparison of the predicted and measured torque under pulsating flow conditions [44] 
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When they consider the instantaneous efficiency and mass flow characteristics the agreement is 
less good although they do capture the classic hysteresis behaviour. The disagreement with 
experimental data is especially noticeable for the prediction of mass flow, where the simulation 
predicts a much higher peak mass flow than that measured by experiment. Fortunately the 
wealth of data from Karamanis [46] allowed a further validation of the numerical results by 
comparison of individual velocity components at the turbine leading edge from his LDV 
measurements. Figure 28 shows the experimental measurements (Figure 28(a)) of tangential 
velocity at 2 different azimuth angles and the computational prediction below (Figure 28(b)). The 
computational analysis showed a good agreement with these results allowing confidence in the 
model, it is however regrettable that a better agreement could not be found with the mass flow 
and efficiency characteristics. After validation of the model the authors go on to take advantage 
of numerical results in analysing the flow field of the turbine.  
They carry out a detailed study of the velocity field within the turbine; here they find that it 
changes significantly throughout the pulse cycle leading to poor flow guidance at the inlet and 
exit of the turbine wheel. The incidence angle variation throughout the pulse was from -92o to 
+60o. They conclude that this must have an effect on the performance of the turbine which was 
designed under a steady state assumption.  
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Figure 28: A comparison of the measured (top) and predicted (bottom) tangential velocity variation in a turbine 
volute at different azimuth angles through a pulse cycle [44] 
The next unsteady computational model of turbine performance came in the form of a PhD 
thesis by Hellström in 2008 [47]. The main intent of this thesis was to investigate the effect of 
bent pipes on pulsating flow and the consequent influence on turbine performance. However, a 
chapter of this work was dedicated to analysing the unsteady performance of a turbocharger 
turbine.  
Hellström investigates two conditions of pulsating flow driving the turbine, both based on a 
realistic on engine operating environment however, no experimental data are available to allow a 
validation of the given results. The first case has a turbine speed of 98,000rpm and a pulse 
frequency equivalent to 1500rpm on a four-cylinder engine, the second case uses the same pulse 
profile but at double the pulse frequency, with a turbine speed 150,000rpm. In this simulation he 
uses an LES turbulence model yet the discretisation of the flow domain is relatively coarse with 
fewer than 300,000 elements within the rotor domain.  As with the previous two computational 
analyses Hellström also finds a hysteresis loop when he plots the instantaneous performance of 
the turbine for both of these different cases. In the analysis of the pulsating flow field within the 
turbine his findings are similar to those of Palfreyman and Martinez-Botas [44]. There is a large 
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variation of incidence angle throughout the pulse, for the first case this is from -85o to +60o. This 
incidence angle variation impacts the flow at the leading edge of the turbine and is shown in 
Figure 29; at high mass flow rate with a very high incidence angle a vortex is formed on the 
suction side of the leading edge of the blade (bottom) whilst at low mass flow, with a highly 
negative incidence angle, this leads to a separation on the pressure side of the leading edge (top). 
Hellström [47] finds that it is not suitable to treat the turbine as a quasi-steady device during 
pulsating flow. This is primarily because of the phase shift which he sees between the pressure 
pulse and the mass flow pulse across the turbine system. He also finds that the flow field within 
the rotor wheel, for a certain mass flow rate, will be different depending upon whether the 
pressure pulse is rising and the rotor wheel is accelerating or whether the pressure pulse is falling 
and the rotor is decelerating. This implies that the rotor wheel will not act in a quasi-steady 
manner. Unfortunately he does not include any figures to demonstrate the differences between 
the two cases when the turbine is accelerating and decelerating. 
 
Figure 29: Snapshot of the in-plane relative velocity field at the inlet plane to the wheel. Arrows show the direction 
of rotation. The top figure shows the flow field with low mass flow through the turbine with a separation on the 
pressure surface. The bottom figure shows the flow field when the mass flow through the turbine is high [45]. 
75 
 
Padzillah et al [48] presented a computational analysis of pulsating flow within a single entry 
nozzled turbocharger turbine. This work was based on experimental data taken from the thesis 
of Rajoo [49]. The computational model showed excellent agreement with experimental data 
under steady state operating conditions. When they compared with measured traces of torque 
and static pressure around the volute taken during pulsating flow, the numerical prediction was 
not as good although a reasonable agreement was still found.  
First they discuss the best method of phase shifting the measured isentropic data to line up with 
the measured actual power. They find that instantaneous efficiency calculated without phase 
shifting the data is meaningless. They show that when they phase shift based on matching the 
peak of the isentropic and actual power little difference is found with phase shifting based on the 
summation of the average bulk and sonic velocities. This is an aspect of pulsed operation that 
none of the previous 3D numerical analyses had looked at.  
Following this they go on to make a more detailed account of the flow structure within the 
turbine under pulsed flow. In particular they look at the variation in incidence angle throughout 
the pulse cycle and how this is linked to the power available to the turbine. To this end they 
show an interesting depiction of how the performance of the turbine suffers from incidence 
angle changes throughout the pulse, see Figure 30. This plot shows the instantaneous efficiency 
of the rotor wheel plotted against averaged incidence angle of the flow entering the rotor wheel 
at different timesteps throughout a pulse cycle, plotted on top of this are areas showing the 
optimum incidence condition and the area of maximum energy content during the pulse cycle (at 
the peak of the pulse). It is palpable that the area where most of the pulse energy is contained is 
distinctly separate to the area of peak efficiency and demonstrates how the design of the turbine 
could be improved to help capture a greater proportion of the energy contained within a pulse. 
This figure also re-enforces the work of Hellström, as the operating point of the turbine moves 
around this loop in Figure 30 there is a difference in normalised efficiency for the same incidence 
angle at the rotor wheel depending upon whether the pulse is going up or down.  
The paper lastly looks at how the power is split around the periphery of the rotor. To do this 
they split the turbine domain into twelve sections, each 30 degrees in span, and evaluate the 
isentropic and actual power produced in each section throughout the pulse cycle. They find that 
the actual power produced by the rotor wheel does not vary significantly from section to section 
throughout the pulse cycle. However, they do find a significant change in the isentropic 
availability. This is shown in Figure 31. From this figure it is clear that the section just upstream 
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of the volute tongue (Section 1) has the lowest isentropic availability and therefore operates at 
the highest efficiency. 
 
Figure 30: Figure showing the change of incidence angle and the corresponding efficiency across a rotor wheel 
throughout a pulse cycle using a computational analysis [48] 
 
Figure 31: Computational prediction of the isentropic power available to different sectors of a turbine throughout a 
pulse cycle. [48] 
The most recently published 3D CFD study of turbine performance under pulsating boundary 
conditions is that of Hamel, Abidat and Litim [50]. The authors use Ansys CFX, the same code 
which is used for the work in this thesis. Their study is based on the performance of a mixed 
flow turbine which was originally designed at Imperial College (Named Rotor A) by Abidat [51]. 
They carry out analyses at four different pulse frequencies (20, 40, 56 and 80Hz) at a 50% speed 
condition (corresponding to 29,500rpm).  
The whole turbine geometry, including the volute, rotor wheel and exit duct are modelled using a 
tetrahedral mesh with a relatively coarse resolution (fewer than 0.5 million nodes in the whole 
rotor domain), this is limited by the computational resources at their disposal, just a single 
desktop PC. Despite the relatively coarse mesh, each different unsteady condition is reported to 
take three weeks of CPU time. The temporal discretisation is also relatively coarse with one 
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timestep corresponding to 22 degrees of rotor rotation, like Lam et al [43] they use a frozen 
rotor interface between the rotating and stationary components. 
Validation of the model is carried out against one-dimensional models of Chen et al. [52] and 
Abidat et al. [53] respectively and experimental data measured by Chen et al. [52] at a pulse 
frequency of 40Hz. The comparison for mass flow rate is shown in Figure 32. A good agreement 
is found with the model of Abidat et al., a similarly good agreement is also found in comparison 
of turbine power (Figure 33). It is clear however, that the agreement with experimental data is 
worse. Here the shape of the mass flow trace measured by experiment is quite different to that 
predicted by the numerical analysis. They speculate that this could be due to differences between 
the CFD model and experiment but they also suggest that the experimentally measured mass 
flow rate could contain a large level of uncertainty.  In the trace of instantaneous power the CFD 
model predicts the peak below that of the measured data; it also looks to be slightly out of phase. 
The authors speculate that this phase shifting is probably due to the inertia of turbine in the 
experiment although this seems a dubious explanation.  
 
Figure 32: A comparison of mass flow rate prediction throughout a pulse cycle for different computational models 
against experimental results [50] 
 
Figure 33: A comparison of power prediction throughout a pulse cycle for different computational models against 
experimental results [50] 
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After validation of the model the discussion is mainly limited to the mass flow characteristics of 
the turbine under pulsating flow at the four different frequencies tested. By looking at the 
instantaneous mass flow at different stations through the turbine system (volute inlet, rotor inlet, 
rotor exit and turbine exit) they attempt to build up a picture of the mass flow storage within the 
device. The figures showing the 20Hz and the 80Hz pulsations are repeated here (see Figure 34 
and Figure 35). Qualitatively one can see that the curves of instantaneous mass flow at each 
station under a 20Hz pulsation are much closer together than for 80Hz, this gives an immediate 
qualitative picture that mass accumulation, and hence unsteadiness, is more significant at the 
higher pulsation frequency. If the whole system were ideally quasi-steady then you would expect 
the mass flow at each station to be the same at each point in time. Hereby they conclude that 
unsteadiness must be accounted for when calculating the turbine performance to avoid large 
errors. 
The analysis of mass flow rate in this paper is interesting and is similar to some of the 
computational work carried out later in this thesis. However, given the time involved in running 
a 3D prediction of the flow field it is a shame that there was no emphasis on studying this. It is 
also unfortunate that a good validation against experimental data was not found. 
 
Figure 34: A comparison of mass flow rates, predicted computationally, at different stations throughout a pulse 
cycle at 20Hz [50] 
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Figure 35: A comparison of mass flow rates, predicted computationally, at different stations throughout a pulse 
cycle at 80Hz [50] 
2.4 SUMMARY OF LITERATURE REVIEW 
2.4.1 PULSED FLOW PERFORMANCE OF RADIAL INFLOW TURBOCHARGER TURBINES 
Reflecting on the past 50 years of research into pulsed flow turbines there have been some 
significant advances although questions still remain. Much of the early research was limited to 
time averaged measurements of most performance parameters. This was a definite limitation in 
the conclusions that these researchers were able to draw and it is unsurprising that many of their 
results disagreed with eachother.   
The first results from the Imperial College test facility were presented in 1986 [5]. This 
represented a step forward in data collection under pulsating flows. The instantaneous mass flow 
and efficiency characteristics were reported for a turbine under pulsating conditions showing a 
clear deviation from the quasi-steady line. Dale [20] suggested that the deviation from the steady 
state operating line was due to the filling and emptying of the volute, this agreed with the 
findings of Yeo and Baines [21] who declared that rotor wheel will act in a quasi-steady manner. 
This is still the generally accepted model of pulsed flow turbine behaviour. 
In the past decade some of the focus of research has moved to attempting to quantify the effect 
of unsteadiness from a pulsating flow on the performance of a turbine. Szymko [19] did have 
some success in using the Strouhal number, and a pressure wave propagation speed modified 
Strouhal number to predict the operating regime of the turbine under unsteady conditions. 
However Rajoo and Martinez-Botas [29] found that this was not a universal criterion depending 
on the nozzle throat area. Copeland [7] also highlighted some limitations of this method in that 
pulse amplitude would not be accounted for.  
 
80 
 
2.4.1.1 Lessons learned from the literature review 
It is well established that the turbine stage as a whole will not act in a quasi-steady manner when 
subjected to pulsating flows. However, in the context of the current thesis there has only been 
one study, in the modern era, on the effect of nozzle angle on the pulsating flow performance of 
a turbocharger turbine and no studies looking at this effect on a double entry volute geometry. 
More generally the current understanding in literature leaves a clear question for the current 
research in how the degree of unsteadiness can be quantified and how this may be linked to the 
performance of the turbine. 
2.4.2 DOUBLE ENTRY RESEARCH 
Most of the investigations of double entry turbine behaviour took place over three decades ago. 
Their conclusions on the turbine performance are broadly in agreement. All of the research 
showed a large drop in efficiency when the turbine was operated in unequal or partial admission. 
They also found that the swallowing characteristics of the turbine were affected by the ratio of 
the flows in each of the entries with the low pressure limb always flowing less than the 
equivalent full admission case and the high pressure limb always flowing more. This was true in 
all cases except for that of Mizumachi, Yoshiki and Endoh [33] who simulated partial admission 
by blocking off half of the nozzles of a single entry turbine. 
More recent work carried out by Copeland [7] and Copeland et al [8, 9, 10] looked at the 
performance of a double entry turbine under conditions of steady and pulsating flow. Under 
steady conditions they found a similar picture to previous authors in this field, of a decreasing 
turbine performance as the flow inequality was increased and an interaction between the two 
turbine entries, evidenced by changes in the mass flow characteristics under unequal admission. 
A CFD model is used to investigate these effects in their latest publication [10]. This showed that 
the primary interaction between the two entries occurs in the interspace region.  
Under pulsating flow conditions they were able to show that there was still an interaction 
between the two limbs of the turbine volute. They also found that the cycle averaged 
performance of the turbine under out of phase pulsations was very similar to that during in 
phase pulsations. This is counter to the steady state results since the out of phase pulsations 
should lead to a much greater level of flow inequality throughout the pulse cycle and so it would 
be expected to a lower overall efficiency. 
Considering the available material in the literature the effect of unequal admission on the double 
entry turbine has been well documented, especially with the recent work of Copeland [7] and 
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Copeland et al. [9, 10, 8]. This has an impact on both the mass flow and efficiency of the turbine. 
Even though this is well known there have been few attempts to quantify these effects aside 
from Wallace, Cave and Miles [31] and more recently Romagnoli et al. [34], however these have 
shown only limited success.  
2.4.2.1 Lessons learned from the literature review 
The effects of unequal admission in a double entry turbine have been well researched 
experimentally and the effects on turbine performance are well known. However, knowledge of 
the internal flow processes is also desirable, without the application of a much more complex 
experimental set-up this must involve the use of 3D computational fluid dynamics. A CFD 
model has already been undertaken by Copeland et al [10]. Although this model was enlightening 
there is still a compelling basis for a further and more detailed analysis of the flow inside a 
double entry turbine.  
In terms of double entry turbine performance all of the available research has been conclusive in 
showing that unequal admission will have an effect on the efficiency and the mass flow 
characteristics of the turbine. In the research available currently there is no consideration of how 
the nozzle angle will affect the unequal admission performance of a double entry turbine. This is 
surprising since the double entry turbine will most commonly be found with a nozzle vane row. 
Also, so far there has been little success in predicting the effect of unequal admission on the 
performance of a double entry turbine leaving a clear gap in the literature.  
2.4.3 COMPUTATIONAL 
It is clear that the unsteady CFD analyses presented here have come a long way since the early 
one-dimensional analyses presented by Wallace et al [36, 38, 31, 39]. The use of three-
dimensional computational simulations has allowed a deeper insight into the operation of the 
turbine than would be possible experimentally. Although the landmark case was that of Lam et al 
[43] this did not spend a great deal of time looking at the flow field within the rotor, the work of 
Palfreyman and Martinez-Botas [44] was the first study of this kind to take advantage of the 
predicted 3D flow field. They saw that this was highly disturbed under pulsating flow conditions, 
leading to poor flow guidance in the rotor wheel which was designed with a steady flow in mind.  
Following this Hellström [47] discussed how the flow field within the rotor wheel changes 
depending upon whether the rotor wheel is accelerating or decelerating. Padzillah et al [48] 
conducted a study of the incidence angle throughout a pulse cycle to find that the majority of the 
energy within a pulse cycle was being delivered to the rotor wheel at highly adverse conditions of 
incidence angle. They also found that when the rotor domain was split into fixed sectors of 30° 
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the efficiency of each sector was different. The most efficient sector was found right next to the 
tongue. The most recent 3D study of pulsating flow was that of Hamel, Abidat and Litim [50]. 
They look at the degree of mass flow storage in different components of the turbine during 
unequal admission. They see a noticeable increase in mass storage effects as the pulse frequency 
is increased. 
2.4.3.1 Lessons learned from the literature review 
The 3D CFD analyses of pulsed flow turbines presented so far in the literature have all looked at 
single entry turbines. This presents an opportunity to carry out a 3D CFD analysis of a multiple 
entry turbine. Not only this, none of the analyses have attempted to look directly at the effect of 
pulsating flow on the losses within the turbine. Also, although some of these analyses have 
hinted that the rotor wheel will not act in a quasi-steady manner there has been no direct 
comparison between an unsteady flow and an exactly equivalent quasi-steady point. A further 
desirable extension to the current literature would be to use CFD to see how the loss profile 
changes within a turbine under pulsed flow conditions. 
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3 TURBOCHARGER TEST FACILITY AND TURBINE 
PERFORMANCE 
3.1 TURBOCHARGER TEST FACILITY OVERVIEW 
All experimental results in this thesis were obtained on the turbocharger test facility in the 
Mechanical Engineering Department at Imperial College London. This is a cold flow turbine test 
facility which has been designed to operate under both steady and pulsating flow conditions. The 
operation of the test facility has been designed such that the non-dimensional groups, which are 
discussed in Section 3.6, are similar to those for actual on engine conditions. The overall layout 
of the facility is given in Figure 36. 
 
Figure 36: Overview of the turbine test facility 
Air is supplied to the facility by a centrally housed compressor system; this is fed by 3 Ingersoll 
Rand screw type compressors, each one with the capability to deliver up to 0.4kg/s of air. The 
compressors feed an air receiver and a pressure regulator is used to reduce the operating pressure 
within the supply pipe work to a working pressure of 4 bar.  The air enters the laboratory 
through a single inlet pipe of four inch internal diameter where the flow can be regulated by the 
master control valve, this is a butterfly type valve controlled by a quarter turn electric rotary 
actuator. From here the air goes through a heater section, which can supply up to 72kW of heat. 
Although the facility is designed, through similitude, to be a cold flow facility a heater section is 
needed to allow some control over the gas temperature and also to avoid condensation after the 
flow has expanded through the turbine, testing is usually conducted between 330K-350K. 
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Following the heater section the flow is split into two separate pipes which can be controlled 
separately to allow unequal flows through each. Each pipe has a further butterfly control valve 
which can be controlled externally by an electric rotary actuator. V-cone type flow-meters are 
used to measure the mass flow rate through each limb. These are differential pressure type flow-
meters and have been shown to allow more accurate measurement of mass flow over a wider 
operating range than an equivalent orifice plate system. Downstream of the flow-meters the air 
traverses through the pulse generator. This is a rotating chopper-plate type pulse generator and 
facilitates unsteady testing. During steady operation the chopper plates could be left in the fully 
open position. From here there is a guillotine safety valve. This is a spring loaded cut-off valve 
which is activated if any of the operating parameters go outside of a pre-defined safety limit. 
Finally, the air goes through a set of transition pipes which allow the volute to interface with the 
main air supply pipe-work. Before the air enters the turbine scroll it passes through a 
measurement plane where temperature and pressure are measured so that it is possible to 
calculate the isentropic energy available to the turbine.  
The turbine is directly connected to a high-speed eddy current dynamometer. This is capable of 
speeds up to 60krpm and can dissipate more than 60kW of shaft power. The dynamometer is 
gimballed such that the entire turbine loading is reacted against a load cell. This loading includes 
the losses associated with the turbine bearings and so gives a very true value of the aerodynamic 
work delivered by the turbine. The shaft speed of the turbine is also measured within the 
dynamometer. This is done by a digital counter system which measures the time between the 
pulses of an optical sensor which is interfered by a 10 toothed encoder attached to the rotor 
shaft. With these two measurements the actual power delivered by the turbine can be calculated 
and the full turbine performance evaluated. 
3.1.1 PULSE GENERATOR 
The pulse generator is central to the unsteady testing carried out at the Imperial College test 
facility. Until relatively recently the same pulse generator used by Dale and Watson [5] was used 
successfully at the test facility, this has now been replaced with the pulse generator of Leong et al 
[54]. The pulse generator is a rotating plate type pulse generator which uses the rotary motion of 
a plate with a cut-out to produce a pulse each time the cut-out aligns with the supply pipe, as 
shown in Figure 37. The cut out in the plate could be used to control the shape of the resulting 
pulse. In this case the plate profile was designed to have a linear increase and then a linear 
decrease in opening area as they were rotated with the pulse event taking 1/3 of the entire cycle 
wavelength, as shown in Figure 38. The chopper plate profile, although not modelled directly on 
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an engine, is intended to produce a pulsating airflow of a frequency and pulse amplitude which 
may be typically found on a large compression ignition engine.  The pulse generator plates were 
driven by a pulley system by a single electric motor and could be set so that the pulses from each 
limb were either in- or out of phase.  
 
Figure 37: Chopper plates in the fully open position with an in-phase configuration. 
 
Figure 38: Chopper plate opening profile with opening area (mm2) on the ordinate and the chopper plate phase 
angle (degrees) on the abscissa. 
3.1.2 THE EDDY CURRENT DYNAMOMETER 
The dynamometer is central to the testing carried out on the Imperial College test facility. This is 
a permanent magnet eddy current (PMEC) dynamometer designed by Szymko [19]. The original 
intent of this machine was to bypass some of the limitations that are inherent when using a 
compressor as a loading device when testing a turbine, namely the dynamometer is not limited 
by aerodynamic limits of surge and choke and the measurement of turbine power can be made 
directly by measurement of the torque instead of inferring this from a thermodynamic 
calculation of the work done by the compressor. 
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The PMEC dynamometer in its basic form has a rotor, which contains the permanent magnets, 
and a stator which is constructed from electrically conducting materials. As the magnetic rotor 
rotates relative to the stator the changing magnetic field induces a current in the stator. This 
current in turn produces its own magnetic field which opposes the motion of the rotor, therefore 
creating a load. The dynamometer at Imperial College has an axial flux rotor with a stator plate 
either side as shown in Figure 39 [19]. The stator plates can be moved axially closer or further 
from the rotor in order to increase or decrease the turbine load allowing a large range of loading 
for a turbine at any given speed. Upon testing his dynamometer Szymko showed it to be capable 
of speeds up to 60krpm with maximum power absorption of 62.2kW. 
 
Figure 39: Rotor shaft with turbine wheel and magnetic rotor with stator plates [19] 
 
 
Figure 40: Schematic of the dynamometer showing the loadcell mounting [19] 
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The whole of the dynamometer assembly is contained within a gimbal bearing, including the 
bearing assembly for the rotor shaft. The torque which opposes the motion of the rotor as it 
spins, due to both the load imposed by the PMEC dynamometer combined with the bearing 
friction acts to rotate the whole dynamometer assembly within this gimbal system. This motion 
is reacted against a loadcell which can be used to measure the torque directly. This can be seen in 
Figure 40 which shows a schematic of the dynamometer, the gimbal bearing is situated behind 
the volute mounting face. 
Perhaps the most significant challenge with a machine such as this is in the cooling requirements 
for the stator plates. The eddy currents which are induced within these plates and oppose the 
motion of the rotor also cause the stator plates to heat up since this is dissipating most of the 
shaft power delivered by the turbine apart from a relatively small amount due to bearing losses 
and windage. At the peak power requirement of 62kW, this means that each stator plate is 
dissipating around 31kW on a small area and so effective cooling is needed to avoid failure. This 
cooling is achieved by the nucleate boiling of water as it is washed across the back of these 
plates. A 3kW pump is used to force 150litres/min of water across the back of the stator plates. 
This is then fed into a heat exchanger cooled by the College’s process water supply. The 
temperature of the cooling water and the stator plates were monitored throughout testing, the 
guillotine valve was closed if the stator plate temperatures went beyond a predefined limit of 
50°C. The mass flow rate of cooling water through the dynamometer was also measured using a 
paddle wheel flow meter. The rig was forced to shut down if the flow rate dropped below 
130litres/min. 
3.1.3 BALANCING AND VIBRATIONS 
Before any testing was carried out the rotating assembly must be balanced due to the high speeds 
attained by the turbine. An unbalanced shaft assembly will cause increased vibration levels on the 
test facility which could lead to failure if it were operated for too long. Balancing was carried out 
on a medium speed balance machine at around 2,500rpm. This was done before each testing 
window after the rotor shaft was assembled with the magnetic rotor and the turbine. Because of 
the modular construction of the dynamometer the bearing module could be removed so that the 
shaft assembly could be balanced in-situ.  
The vibration levels on the dynamometer were monitored throughout testing. This was done by 
attaching a velomitor to the casing of the dynamometer which can be seen in Figure 40. During 
steady state testing the signal from this velomitor was monitored within Labview. A limit of 
1.5mm/s was set before the guillotine valve was closed; this was the recommended limit of 
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Szymko [19]. During unsteady testing this limit was not practical due to the large, relatively low 
frequency vibrations caused by the pulsating air flow. It was therefore necessary to bypass the 
imposed safety limit during unsteady testing and monitor the vibrations on a separate computer. 
This computer had a high speed data acquisition card which read the velomitor signal directly 
and carried out a fast Fourier transform (FFT). The spectrum produced by the FFT was 
monitored to ensure that vibration levels at higher frequencies were kept within safe limits, 
especially at the higher order vibration modes.  
3.2 THE TURBINE 
The smallest turbocharger in the ABB range was too large to fit on the Imperial College test 
facility and so a new turbine geometry was designed by ABB specifically for the work carried out 
in this thesis. This turbocharger turbine was named TURBINE-IC and is the same turbine 
geometry as used by Copleand [7]. This is a nozzled, double entry, mixed flow turbine. A picture 
of TURBINE-IC, including the volute, the three different nozzle rings, the rotor wheel, exit duct 
and the transition pipe-work (which connects the volute to the main air supply pipe-work) is 
given in Figure 41. 
 
Figure 41: Picture of the different components of TURBINE-IC including the transition pipe-work and the exit 
duct. 
3.2.1 THE TURBINE WHEEL 
The turbine wheel was a mixed flow design. This is similar to a radial inflow turbine geometry 
apart from the leading edge of the blade. The difference between a mixed flow and radial inflow 
turbine was discussed in Section 1.2.3. The TURBINE-IC rotor contained 12 blades with a 
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leading edge cone angle of 55.1°. The RMS diameter at the leading edge was 85.5mm. The rotor 
was machined in aluminium, a picture of the turbine wheel is shown in Figure 42. The same 
rotor wheel was used for all testing in this thesis. Further geometric details of the turbine 
geometry are given in Copeland [7]. 
 
Figure 42: Picture of the TURBINE-IC rotor wheel 
3.2.2 THE STATOR 
The stationary components of the turbine include the volute and the nozzle ring, a section view 
of these components is shown in Figure 43. Perhaps the most distinctive feature of TURBINE-
IC is the double entry volute which was symmetrically divided such that each half of the volute 
feeds 180° of the rotor wheel. The longer entry was denoted the outer whilst the shorter was 
denoted the inner. Two tongues can be seen, each at the end of a sector.  
At the exit of the rotor wheel was a diffuser section integrated into the volute casing which can 
recover some of the exhaust kinetic energy from the rotor wheel, this can be seen in Figure 44. 
This figure also shows the interspace area between the nozzle row exit and the inlet to the rotor 
wheel, this will be seen to play an important role in the interaction between the two volute 
entries. A 425mm exit duct, at the same diameter as the diffuser exit, was attached to the end of 
the volute. 
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Figure 43: Section view of nozzle and volute geometry 
 
Figure 44: Section through the turbine geometry in the radial-axial plane 
Within the volute sits the nozzle vane row. The purpose of this was to allow greater acceleration 
of the gas before entering the rotor wheel. It also helps to ensure that the gas is more evenly 
distributed within each sector. Although the same volute was used throughout testing the nozzle 
ring was designed so that it could be easily replaced for testing different nozzle geometries. 
Three different nozzle geometries were tested; each had 24 nozzle vanes and a nozzle height of 
12.963mm. The diameter of the inlet plane to each of the nozzle geometries is 116.4mm. The 
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different nozzle geometries were primarily defined by their throat area. These are denoted 
Nozzle A, B and C, Table 1 gives the throat area for each nozzle. 
Table 1: Throat areas for each of the different nozzles 
Nozzle Throat area (m2) Throat area 
(normalised by 
Nozzle A) 
A 1.209E-03 1.000 
B 1.370E-03 1.134 
C 1.543E-03 1.276 
 
While entirely new data were taken for nozzles A and C, the steady data for nozzle B were taken 
from Copeland [7] who conducted his research on the same turbine geometry. This reduced the 
required steady state experimental data by a third.  
3.3 STEADY MEASUREMENT AND UNCERTAINTY ANALYSIS 
3.3.1 HARDWARE 
All remote control of the test facility and acquisition of steady performance data were carried out 
with a National Instruments (NI) Fieldpoint system. This is a modular system for data input and 
output that can be interfaced with NI Labview software. Many different Field Point modules are 
available including analogue input modules, analogue output modules, thermocouple modules 
etc. offering a robust and flexible system for data collection and control of the test facility. 
Control of the test facility was carried out exclusively through a custom Labview program of 
Pesiridis et al [55] interfaced with the Fieldpoint system. Primarily this included the main inlet 
control valve and the two limb control valves as well as the heater. In unsteady testing the 
rotational speed of the chopper plate was also controlled through the Fieldpoint system. 
Although most of the safety systems on the test facility are hardwired many safety loops were 
also incorporated into the Fieldpoint/Labview system. When testing on the rig the Fieldpoint 
system would monitor the flow rate of the cooling water to the dynamometer, the vibration 
levels, turbine speed and the temperature of the bearings and the stator plates in the 
dynamometer. If any of these parameters went outside of predefined safety limits the Fieldpoint 
system was able to close the guillotine valve. 
All steady test data was also acquired through the Fieldpoint system and bespoke Labview 
interface of Pesiridis et al [55]. Details of the different steady state measurements are described 
below. 
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3.3.2 CALCULATION OF UNCERTAINTY 
Before considering the measurement of individual variables the approach used for the calculation 
of uncertainty in each case will be discussed first. 
3.3.2.1 Standard deviation 
A statistical approach was taken to the calculation of uncertainty for most of the measured 
variables during the experimental work. This was done by considering the calibration of the 
different measurements. The aim of the calibration process is to link a desired physical property, 
y, (e.g. Pressure) to the directly measured signal, x, (usually in terms of current of voltage) by a 
function 
       
It is palpable that each of the calibration points will not match exactly to this function, this could 
be due to a plethora of causes such as electrical interference, thermal disturbances etc. The 
deviation of each of the calibration points from this function can be used to determine the 
uncertainty in the given measurement. The standard deviation of the calibration points from the 
defined trend can be calculated by Equation 4 from Kirkup [56] 
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Equation 4 
In this equation n-ν is the number of degrees of freedom. This is the number of calibration 
points taken, n, minus the number of restrictions placed on the possible value of y for a given 
function f(x), given the symbol ν here. Most of the calibration functions are linear trends where 
          
Equation 5 
In this case the determination of the best fit linear regression reduces the number of degrees of 
freedom by two so ν is equal to two [56]. 
If the deviation of the measurement values from the defined trend is assumed to follow a normal 
distribution then it is possible to specify the uncertainty in the measurement within given 
confidence intervals. In this thesis the uncertainty is generally given as a value of ±2σ. For a 
normal distribution this gives a confidence interval of 95.4%. 
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3.3.2.2 Combination of uncertainty 
There are certain parameters within this thesis which are a function of several individual 
variables, each with its own associated uncertainty. The overall uncertainty in the parameter must 
be a function of the individual uncertainties. For example a parameter, Y, could be a function of 
n different properties x1, x2... xn. This relationship may be expressed in functional form 
              
Equation 6 
The uncertainty, ΔY, associated with the parameter, Y, must therefore be dependent on the 
uncertainties associated with each of the different properties Δx1, Δx2... Δxn. The combination of 
uncertainties in this thesis has been calculated using the method of Kline and McClintock [57] as 
was used by Szymko [19]. This is referred to as the Root Sum Square (RSS) uncertainty and is 
described by Equation 7. This gives an approximate value for the uncertainty in the parameter P 
which will be equal to the uncertainty in each of the constituent properties. 
      √[(    
  
   
)
 
 (    
  
   
)
 
   (    
  
   
)
 
] 
Equation 7 
3.3.3 SCANIVALVE PRESSURE MEASUREMENT 
Under steady flow conditions all gauge pressure measurements were made with a 24 channel 
Scanivalve system. The Scanivalve unit contains two high accuracy strain gauge pressure 
transducers; a Druck PDCR 22 used for low pressure measurements (< 350mbar) and a Druck 
PDCR 23D for high pressure (< 3.5bar). A rotary valve system is used to connect any of the 24 
channels to either transducer. Each channel has two ports so that pressure measurements can be 
taken as a differential between each port or by leaving the low pressure port open to atmosphere 
the pressure can be measured relative to the atmospheric pressure of the room. The atmospheric 
pressure in the room was measured with a dial barometer so that absolute pressure could be 
retrieved. 
Pressure tappings at various locations on the test rig could be attached to different channels of 
the scanivalve system by pneumatic impulse lines. The output signals from each of the pressure 
transducers was put through a separate Fylde FE 492-BBS Mini-Bal bridge conditioner and a 
Fylde FE 351-UA Uni-Amp universal amplifier before the signal was passed to a Fieldpoint FP-
AI-110 Analogue input module. The signal could then be read in Labview as a pressure value.  
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3.3.3.1 Pressure measurement location 
The first pressure measurement location for the scanivalve is for the absolute pressure 
measurement for the v-cone flow meter on each limb in order to measure the mass flow rate; the 
v-cone system is discussed in Section 3.3.4. Following the measurement of pressure at the v-cone 
there were three further pressure measurements on each limb and one at the exit of the diffuser 
section of the casing.  The first pressure measurement for each limb was on the measurement 
plane, 40mm upstream of the volute inlet, the measurement plane location is shown in Figure 45.  
 
 
Figure 45: Side view of the turbine volute with the connecting pipework showing the measurement plane and 
pressure measurement location 
The second pressure measurement on each limb was in the volute at a position 90° from each 
tongue, the location of these pressure measurements are also shown in Figure 45. Two extra 
pressure tappings were drilled for the current work; these were located in the interspace region 
between the rotor wheel and the nozzle row exit. These were located at approximately 30° from 
the first tongue of each sector, the tapping locations are marked on Figure 46 which shows the 
underside of the volute with the nozzle ring and rotor wheel in place. The placing of these 
tappings was in an area not affected by a nozzle vane wake. The positioning for the Kulite ultra 
miniature pressure transducers, used during unsteady testing, are also shown on this figure, this is 
discussed in Section 3.4.3. 
 
Guillotine 
valve 
Measurement 
plane 
Volute pressure tappings 
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Figure 46: Picture of turbine volute showing the location of pressure tappings for steady measurement (red circles) 
and Kulite transducer location (green circles) within the interspace area between the rotor wheel and nozzle row.  
3.3.3.2 Calibration and uncertainty 
Each of the pressure transducers in the Scanivalve was calibrated using a Druck DPI 610 
portable pressure calibrator. The pressure correlated linearly against the output voltage signal of 
the Scanivalve pressure transducers as shown in Figure 47 which shows a typical calibration 
curve. The Scanivalve was calibrated at the beginning of each testing window. Generally these 
testing windows could last up to 3-4 months and were around 12 months apart. Between 
calibrations it was found that the gradient of the linear relationship between voltage and pressure 
would drift by less than 0.4% for both the high pressure and low pressure transducers.  
 
Figure 47: Calibration curve for scani-valve high pressure transducer 
The high pressure transducer showed a standard deviation from the linear regression line of 
112Pa. For a 95% confidence interval around the linear regression this gives an uncertainty of 
±225Pa. In a similar manner the low pressure transducer gave an uncertainty of ±86Pa. Szymko 
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[19] showed through the work of Benedict [58] that there will be an uncertainty value associated 
with the geometry of the pressure tappings, he put this as ±5Pa. Further to these uncertainties 
there is an uncertainty associated with the pressure calibration unit itself. The calibration unit was 
rated from 0-4.5 barA, with a maximum deviation of ±0.025% of full scale, giving an absolute 
uncertainty of ±113Pa.  
Since all of the pressures measured by the Scanivalve were for the gauge pressure a further 
uncertainty was introduced due to the measurement of atmospheric pressure in order to achieve 
the absolute pressure. This was read from a dial gauge barometer which had a resolution of 
±50Pa. These different uncertainties must combine to get an overall uncertainty value for the 
measurement of the actual absolute pressure within the turbine pipework, ΔPABS. The 
propagation of uncertainties can be found by the root sum square method described above (see 
Section 3.3.2). So we have 
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Equation 8 
Of course, since the actual absolute pressure is a linear combination of all of these components, 
each of the partial differentials will be equal to unity. For the high pressure transducer this gives 
an uncertainty level of ±257Pa and for the low pressure transducer ±150Pa. 
3.3.4 MASS FLOW MEASUREMENT 
In steady state tests the mass flow rate of air going into the turbine was measured using a 
McCrometer v-cone flow meter on each limb. This is a differential pressure type flow meter. The 
v-cone geometry is shown in Figure 48 with the high pressure (P1) and low pressure (P2) ports 
marked. The measurement of mass flow rate with the v-cone requires measurement of the 
differential pressure between the high and low pressure ports and measurement of the absolute 
pressure in the high pressure port as well as the gas temperature. The absolute pressure was 
measured through the Scanivalve system as described above. The differential pressure between 
the two ports was measured using a Siemens Sitrans P DSIII differential pressure transmitter. 
The pressure transmitters had their own internal electronic signal conditioner and amplifier and 
gave a 4-20mA signal which was linear with pressure. They also had an LCD screen which could 
be read directly to obtain the differential pressure. This signal was fed directly to the analogue 
input Fieldpoint module, FP-AI-110.  The air temperature was measured using an E-type 
thermocouple. This could be connected directly to a thermocouple Fieldpoint module, FP-TC-
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120. This has on board cold-junction compensation and an inbuilt microcontroller which can 
linearise the thermocouple reading for improved accuracy. 
 
Figure 48: V-cone flow meter geometry (v-cone flow meter technical brief [59]) 
Full details of the installation and operation of a v-cone flow meter can be found on the website 
of McCrometer [59]. An overview of the calculation process for mass flow rate is given here. 
The mass flow rate of gas through the v-cone flow meter is described by Equation 9 
 ̇  √        √   
Equation 9 
Where   and ΔP are the density and differential pressure across the ports respectively. Fa is the 
material thermal expansion factor, k1 is a flow coefficient, Y is the gas expansion factor and Cd is 
the discharge coefficient. The material thermal expansion factor was dependant on temperature 
and the thermal expansion coefficient of the v-cone material but typically deviated by less than 
0.1% from unity. The gas expansion factor, Y, is found by Equation 10 
                   
    
  
 
Equation 10 
U1 in this equation is a unit conversion constant prescribed by McCrometer.   is the beta-ratio 
and is a function of the v-cone geometry 
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Equation 11 
D is the inside diameter of the pipe and d is the outside diameter of the v-cone. The beta-ratio 
for the v-cone units used to measure the mass flow rate in each limb was 0.447. 
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Returning to Equation 9 the flow constant, k1, is a function of the pipe size and the beta-ratio, 
both v-cones used during testing had a flow constant of 0.0139.  
As for the discharge coefficient, McCrometer show two methods of calculating the mass flow 
rate of a gas. This is either using an average discharge coefficient or using a look up table with 
the discharge coefficient tabulated against Reynolds number. The calibration sheet supplied with 
the v-cones, an example of which for one of the v-cone meters is given in Appendix A, showed 
that the discharge coefficient was a constant to atleast 4 significant figures over a large range of 
Reynolds number, from 17,000 to 430,000. In terms of mass flow rate this is from 20g/s to 
500g/s (in each limb) which covers the full range of test conditions. Thus, a constant value of 
discharge coefficient was used, for the two v-cone flow meters used on the test facility these 
were 0.8385 and 0.8472. 
3.3.4.1 Uncertainty 
Before calculation of the uncertainty associated with the mass flow measurement it must be 
mentioned that upon detailed processing of the experimental data, after the completion of steady 
state testing, an incongruity was found in the measurement of mass flow rate on the inner limb. 
The mass flow rate of the inner limb was always less than for the outer limb, contrary to the 
findings of Copeland [7] who found that both limbs showed almost exactly the same mass flow 
characteristic. Upon subsequent inspection of the test facility it was found that there was a small 
leak from the high pressure port of the inner limb v-cone. The effect of this leak was relatively 
small but remedial action was still required to correct the collected data. Details of this correction 
are given in Appendix B however it is prudent to say that this small discrepancy had an influence 
on the uncertainty of mass flow measurement on the inner limb which will affect all of the steady 
state data.  
With this correction applied it was found that most of the data had an associated uncertainty of 
better than ±10% of the measured mass flow in the inner limb for a 95% confidence interval. 
This was true for all but around 5% of cases which had very low mass flow. The average 
uncertainty over all of the data for the inner limb was ±4.91% in the measured mass flow rate. 
Over half of the results had an uncertainty better than ±4% and a third of cases better than 
±3%. In absolute terms the maximum uncertainty for all data points was ±8.7g/s of air flow 
through the inner limb with a 95% confidence interval and an average uncertainty of ±6.1g/s. 
Although it is unfortunate that such a correction had to be applied to the experimental data, it is 
worth bearing in mind that the change was only small and that this will ultimately have little 
impact on the conclusions drawn through this work.  
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The uncertainty in the measurement of mass flow rate in the outer limb was lower than for the 
inner limb. This was subject to the uncertainty in the measurement of pressure, both absolute 
and differential, and temperature. The absolute pressure was measured using the Scanivalve 
system connected via an impulse line to the high pressure port, the details of the Scanivalve 
measurement are discussed above. This operates at an uncertainty of ±257Pa. The differential 
pressure between the two ports was measured using a Siemens Sitrans P DSIII differential 
pressure transmitter, rated from 0-1.6bar. The units arrived calibrated with a manufacturer 
specified maximum deviation of 0.075% of full scale giving and uncertainty of ±120Pa. The 
temperature was measured with an E-type thermocouple with a rated uncertainty of ±0.67K 
[19], this was used in the calculation of flow density.  
The RSS uncertainty (see Equation 7) of the measurement of mass flow in the outer limb was 
calculated based on Equation 9 for each measurement point and the uncertainties in the 
measurements given above. The uncertainties in the variable values supplied by McCrometer (Fa, 
Cd, and k1) were ignored 
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Equation 12 
In this case the average uncertainty was ±0.89% with a maximum of ±2.8% for the lowest mass 
flow case. In absolute terms the average uncertainty was ±0.98g/s with a maximum uncertainty 
of ±1.62g/s. 
3.3.4.2 Mass flow leakage 
Because the test facility was not perfectly sealed upstream of the turbine the leakage from the 
test facility was measured. This was done by removal of the turbine volute and replacing this 
with a solid plate. The test facility was then pressurised, the rate of mass flow leakage could be 
measured by the subsequent de-pressurisation of the pipework. Knowing the volume of the 
pipework and the temperature and pressure of the air inside the rig, the total mass of air could 
also be found.  
The mass of air inside the rig was plotted against time and then differentiated to find the 
subsequent rate of mass flow leaving the rig. This was then correlated against the static pressure 
inside the pipework. The relationship measured is shown in Figure 49. This could be described 
as a logarithmic function and implemented during post processing of the results to correct for 
100 
 
the leakage of mass from the pipework. The leakage of air from the rig is just 4g/s at a static 
pressure of almost 2.5 bar, this was assumed to be evenly split between the two limbs. 
 
Figure 49: Mass flow leakage characteristic from test facility 
3.3.5 TEMPERATURE MEASUREMENT 
Although many temperature measurements were taken on the facility, most of these were for 
safety monitoring purposes, specifically the bearing temperatures, stator plate temperatures and 
the temperature of the dynamometer cooling water. There were just two different temperature 
measurements on each limb involved with the performance of the turbine. The first temperature 
measurement was discussed above, for the calculation of mass flow rate. The second 
temperature measurement is on the measurement plane, 40mm upstream of the volute inlet as 
shown in Figure 45. This measurement was taken by a T-type thermocouple. All of the 
thermocouples were wired directly to a specialised thermocouple module for the Fieldpoint 
system, FP-TC-120.  
3.3.5.1 Calibration and uncertainty 
An initial calibration was carried out on each of the T-type thermocouples using the same three 
point method as Szymko [19]. The first calibration point was taken at the freezing point of water 
at atmospheric pressure, 273.15K, by immersing the thermocouple probes into an ice bath. The 
second calibration point was at the boiling point of distilled water in atmospheric pressure, 
373.15K. A last calibration point was taken by comparison with a digital thermometer at room 
temperature; this had resolution to 0.1K. At all conditions each thermocouple was found to 
perform better than ±0.5K of the calibration point temperature.  
3.3.5.2 Recovery temperature 
In a fluid flow there are two different temperatures which can be defined, the static and 
stagnation temperatures. The static temperature, T, is a real physical property of the flow whilst 
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the stagnation temperature, T0, represents the temperature that would be obtained if the fluid 
were brought to rest adiabatically. The relationship between the two temperatures is a function 
of the flow Mach number, M, and the ratio of specific heats, γ. 
  
 
   
   
 
    
Equation 13 
In reality the temperature acquired by the thermocouple element, will be somewhere between 
these two and so must be corrected in order to find the actual temperature of the gas. The 
correction applied is the same as that used by Szymko [19] based on an experimental calibration 
by Khezzar and Hakeem [60]. In this correction the acquired temperature, Ta, is related to the 
static and stagnation temperatures by a recovery coefficient, r, (See Equation 14). It was found 
that this could be described as a function of Mach number. Since the Mach number is also a 
function of temperature, the prescription of the correct recovery coefficient was an iterative 
procedure in the post processing of the data, this was carried out automatically within the 
Labview data collection virtual instrument. 
             
Equation 14 
3.3.6 TORQUE 
The measurement of torque was taken on the dynamometer unit itself through a loadcell which 
was used to react against the dynamometer load as described above (Section 3.1.2) and shown in 
Figure 40. The loadcell used was a Tedea Huntleigh 1042 single point strain gauge load cell with 
a capacity of 20kg. The loadcell was connected to a National Instruments FP-SG-140 Fieldpoint 
strain gauge module. For each test the load cell output was logged for the entire duration. The 
turbine was brought to rest after each test point so that it would exert no force on the loadcell; 
this reading was used as the zero offset. 
3.3.6.1 Calibration and uncertainty 
Calibration of the loadcell was carried out directly by applying torque on the loading arm shown 
in Figure 40. The loading arm was notched at 599mm from the centreline of the dynamometer 
such that a known moment could be applied by hanging different masses from this notch. 
Before calibrating the loadcell it was important to switch on all of the auxiliary systems including 
the cooling water for the dynamometer, the bearing oil pump and an air supply required for 
sealing purposes to stop oil leaking from the bearings out through the front and back of the 
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bearing housing. In total these auxiliary systems caused a moment offset of around 0.3Nm on 
the dynamometer although the majority of this was due to the cooling water flow. 
The loadcell showed a linear characteristic of torque against output, shown in Figure 50. 
However, a small hysteresis effect was found as a difference in load cell gradient between loading 
and unloading. Because the offset value was taken as the loadcell output at zero speed, after each 
test point, the gradient of the curve during unloading was used to calculate the torque during 
testing. 
 
Figure 50: Calibration curve for loadcell to measure torque 
The load cell reading is central in characterising the performance as this, along with rotational 
speed, defines the work output from the turbine. From a number of calibrations the standard 
deviation of the data points from the linear regression line was found to be 0.0310Nm giving an 
uncertainty in this measurement of ±0.0620Nm for a 95% confidence interval.  
3.3.7 SPEED 
The same hardware was used for both steady and unsteady speed measurement although the 
processing of the data was different in both cases. The basis of the speed measurement of the 
turbine was by counting the time interval between pulses generated by a 10 toothed encoder on 
the back of the magnetic rotor used to obstruct an optical sensor as each one passed. The sensor 
used was an Omron EE-SX4101 type infra-red transmissive optical switch with an integrated 
amplifier.  
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For the steady state speed measurement the raw speed signal containing 10 pulses was processed 
to give a single pulse per turbine revolution. This signal is passed to a 16-bit counter module 
which counts the number of pulses from a 16MHz clock in each turbine revolution. The 
circuitry incorporating this counter module produces an output voltage proportional the number 
of clock pulses recorded (hence inversely proportional to the turbine speed). This voltage was 
read directly by the analogue input Fieldpoint module, FP-AI-110. The relationship between the 
turbine speed and the output voltage could be precisely defined.  
A direct calibration of the turbine speed was not carried out however a 5kHz signal was used to 
produce an imitation signal coming from the optical sensor at a turbine speed of exactly 
30,000rpm. The proceeding processing showed an accuracy of ±1rpm in interpreting this signal. 
3.4 UNSTEADY MEASUREMENT AND UNCERTAINTY ANALYSIS 
3.4.1 HARDWARE 
The collection of data during unsteady testing involved both collection of data from the steady 
system and a separate system for the collection of time-resolved unsteady data. The steady data 
collection was required for measurement of the time average torque and temperature under 
pulsating flow, this will be discussed below. For unsteady flow all of the instantaneous 
parameters were collected on two high speed National Instrument data acquisition cards. The 
first was of type NI-6034-E which contained eight differential analogue channels with 16-bit 
resolution and eight digital I/O lines. The overall sample rate for this card was 200kSa/s. This 
card was used for logging all high speed analogue instrumentation. This included the high speed 
pressure transducers and the hotwire anemometers, used for the measurement of instantaneous 
mass flow rate. During data collection all eight channels of the analogue DAQ card were logged 
coincidentally at exactly the same time. 
A second National instruments counter/timer card of type NI-6062 was also used. This had 
eight counter/timer channels with a 32-bit resolution and a clock frequency of either, 0.1MHz, 
20MHz or 80MHz. The counter/timer card was used for the measurement of instantaneous 
turbine speed and chopper plate speed. 
The collection of unsteady data was carried out on a second computer, separate to that for 
control of the test facility and collection of steady state data. This also required a separate 
Labview virtual instrument (VI) program, developed by Rajoo [49].  
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3.4.2 MASS FLOW RATE 
The measurement of time resolved mass flow rate during unsteady testing is perhaps the most 
difficult on the test facility. Under conditions of pulsating flow the use of a differential pressure 
measurement system is not suitable for either instantaneous or even average mass flow 
measurement [61] and so a different technique altogether is required. On the Imperial College 
test facility the instantaneous mass flow rate is measured using a hot wire probe. Hotwire 
anemometry uses the heat transfer from a very thin wire, immersed in the gas stream, to 
determine the condition of the flow. The sensing wire will be held at a temperature above the gas 
flow temperature. As the flow velocity increases the heat transfer from the wire also increases 
and so it is possible to correlate between the two. Using a 10μm tungsten wire Szymko measured 
the frequency response of the probe to be 7.7 kHz. This is several orders of magnitude greater 
than the pulse frequency. A separate probe for both the inner and outer limbs was used in this 
work so that the mass flow in each limb was measured independently.  The probes used were 
Dantec Dynamics 55P11 probes for both the inner and outer volute entries. These are straight 
pronged probes with a perpendicular wire. Figure 51 shows a schematic of the probe tip; the 
prong length is 5mm and the wire length is 1.25mm. 
 
Figure 51: Tip of hotwire element, the sensing wire is 1.25mm long [62] 
Two types of hot wire system are commonly available; these are constant current (CC) and 
constant temperature (CT) systems. The Imperial College Turbocharger test facility uses hot-wire 
probes operated in CT mode giving it the common acronym, CTA, constant temperature 
anemometer. The main advantage of CT operation over CC operation is that thermal inertia 
effects can be ignored since the probe is operated at a fixed temperature [63]. In CT mode the 
probe is placed in a Wheatstone bridge so that its resistance can be measured extremely 
accurately. As the flow over the hot wire element changes, and the heat transfer either increases 
or decreases, the excitation voltage across the wire is adjusted so that its resistance (and therefore 
its temperature) remain constant. The excitation voltage can therefore be measured to determine 
the heat transfer from the wire. A Streamline CTA system by Dantec Measurement Technology 
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was used for hotwire control. This is a commercially available system and provides a conditioned 
output voltage signal which was read directly by the analogue DAQ card.  
If the hotwire is correctly calibrated it is thus possible to make point measurements of velocity 
(or mass flux, as described below). In order to make an accurate measurement of the mass flow 
through a pipe it was necessary to traverse the hotwire probe in a grid so that the mass flux 
across the whole of the pipe profile could be measured.  In order to do this the same mechanism 
was used as Copeland [7], this is shown in Figure 52. This mechanism was fitted at the 
measurement plane and consisted of 2 stepping motors so that the hotwire probes could be 
accurately manoeuvred on this plane. Both probes (inner and outer) were fixed relative to 
eachother so that they both traversed the same points at the same time. The hotwires were 
traversed in a grid, shown in Figure 53, with 21 measurement points as specified in BS-1042 [64] 
for flow measurement in closed conduits. The total mass flow through this plane could then be 
evaluated by a numerical integration of these point measurements across the pipe profile. 
 
Figure 52: Traversing mechanism for hotwire probes [7] 
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Figure 53: 21 point grid traversed for mass flow measurement by hotwire [7] 
During unsteady testing it is not possible to take measurements of all 21 points at one instance in 
time. Instead the measurements are taken 1 point at a time. At each point 30 pulse cycles are 
recorded before the hotwire is traversed to the next grid point. Each data log of 30 cycles 
produces a new data file so that in the end there are 21 data files containing 30 pulse cycles. Post 
processing is undertaken on these 21 files to reduce each one to a single pulse cycle, as described 
in Section 3.5.1. At each sample point through the pulse cycle it is then possible to integrate 
across the data in these 21 different files to obtain the time resolved mass flow rate.  
3.4.2.1 Hotwire correction 
In order to obtain a value for the flow velocity from the voltage across the hotwire a relationship 
must be developed. King [65] demonstrated that the heat transfer from an infinitely long cylinder 
can be described by Equation 15  
          ⁄  
Equation 15 
Where the Nusselt number, Nu, is defined as    
   
 
 and represents the ratio of heat 
conduction along the length of the cylinder to the convection of heat from the cylinder surface. 
The Reynolds number is defined as    
    
 
 and is a well known parameter and represents 
the ratio of inertial and viscous forces in a fluid. Although King’s relationship is not fundamental 
and neglects some other parameters which can affect the heat transfer from the wire, such as 
Mach number and Prandtl number this forms the foundation of the hotwire correction used 
during the experimental testing which was found to lead to a good calibration against the mass 
flow measurement of the v-cone system, as described below. Bruun [63] shows how it is possible 
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to relate the Nusselt number to the hotwire anemometer voltage, E. Through some algebraic 
manipulation and the implementation of some empirically observed trends it is then possible to 
relate the measured hotwire voltage to the mass flux at the tip of the hotwire probe. The final 
expression used to relate these two in this thesis is given by Equation 16. A derivation for this 
hotwire relationship is given in Appendix C 
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Equation 16 
Where    is the wire temperature and      is a reference temperature,    is the free stream 
temperature. The constants a and b are empirically determined from the calibration process 
which is described below, they are related to the original constants, A and B from King’s 
relationship (Equation 15). The term (
       
     
)
   
 is a temperature correction term. The two 
expressions (
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 are corrections for the fluid properties k and μ from the 
reference temperature, as suggested by Bruun [63]. Finally n is also an empirically defined 
constant which comes from the exponent of ½ in King’s relationship. 
3.4.2.2 Hotwire calibration 
Calibration of the hotwire was the most complex calibration of all the instrumentation on the 
test facility. This was due to the number of constants required for this calibration and also the 
delicate nature of the hotwire being subject to changes in calibration from day to day, most likely 
due to fouling. Although the calibration procedure was based on the matching of mass flow 
within the duct rather than the measurement of mass flux at a fixed point an initial calibration 
was carried out on the Dantec Dynamics Streamline 90H10 commercial calibration unit.  
This supplies a jet of air at a known velocity with an accuracy of ±0.5% between 5m/s and 
300m/s. A ten point calibration of each of the hotwire probes was taken over this range. This 
calibration process was useful for obtaining initial values of a, b and n which were adjusted 
during the following in-situ calibration. 
For the in-situ calibration the hotwire probes were calibrated under steady state flow. The mass 
flow within the duct was measured using the v-cone system described in Section 3.3.4 whilst the 
hotwire was traversed along the 21 point grid shown in Figure 53, taking a time averaged reading 
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at each point. The 21 CTA measurements could be integrated across this area, as described 
above, to obtain a measurement of mass flow rate which could be directly compared to that 
measured by the v-cone. The various constants could be changed to match the v-cone 
measurement and the CTA measurement of mass flow rate. 
An initial thirteen point calibration was undertaken for the hotwires with different mass flows 
ranging from around 70g/s in each limb to around 225g/s and static temperature varying from 
around 290K to around 340K. The first constant to be determined was the value of m in the 
exponent of the temperature correction term; (
       
     
)
   
.  This could be found 
independently of all other constants. Using the initial values of a, b and n, from the calibration of 
each probe on the streamline unit, the mass flow rate was predicted at each calibration point. 
The predicted mass flow rate was plotted against the actual mass flow measured by the v-cone. 
The value of m was adjusted so that all of the calibration points aligned along the same trend. 
For the inner limb a value of 0.2 was found to be suitable for m, for the outer limb 0.3, Dantec 
[62] suggest a value of around 0.2.   
This left the specification of the remaining constants, a, b and n. Bruun [63] suggests that a can 
be given a value of 0.8    
 , where    is the hotwire voltage at zero velocity. This value was 
used initially however after many calibration points it was found that a value of 0.9   
  fitted 
the data from the in-situ calibration more effectively. 
The most suitable values for b and n were then found iteratively by minimising the difference 
between the mass flow rate measured by the hotwire anemometer system and the v-cone system.  
Following the initial calibration, further calibration points were taken (between three to five 
points) for each day of unsteady turbine testing. The values for m and a were assumed to be 
constant over the whole period of testing. The values of b and n were found to change very 
slightly from day to day throughout testing with the value of b increasing over the testing period 
and the value of n decreasing. The rate of change in these values slowed throughout testing. It is 
thought that these changes are a result of fouling on the hotwire. The value of b was generally 
found to be around 2, the value of n was found to be around 0.45. On several occasions the wire 
element on the hotwire broke. This could be mended and the whole calibration process repeated. 
Figure 54 shows the calibration points taken for both the inner and outer limbs for a number of 
days unsteady testing. 
109 
 
 
Figure 54: Hotwire calibration points for the inner (left) and outer (right) limbs 
3.4.2.3 Uncertainty 
Statistically the standard deviation in the error between the mass flow measurement using the 
hotwire system and that measured by the v-cone was 2.8g/s for the inner limb and 3.9g/s for the 
outer limb. For a 95% confidence interval this would mean that the inner limb would have an 
uncertainty of ±5.6g/s and the outer limb ±7.8g/s. This approach however ignores the 
uncertainty associated with the v-cone measurement. In the case of the outer limb this will be 
small, the average uncertainty being around ±0.98g/s with a maximum of around ±1.62g/s. The 
inner limb on the other hand suffered with a problem of leakage from one of its impulse lines 
which required a correction to be applied to these measurements. The average uncertainty to 
maintain a 95% confidence interval in this case was ±6.1g/s with a maximum of ±8.7g/s. A 
conservative estimate of the uncertainty can be made by adding the uncertainty associated with 
the v-cone measurement and the error between the hotwire and v-cone measurement. For the 
inner limb this will lead to an uncertainty of ±14.3g/s and ±9.4g/s in the outer limb. 
3.4.3 PRESSURE MEASUREMENT 
During unsteady testing the instantaneous pressure was measured at six different locations, these 
were the same as for the steady state tests i.e. for each entry the pressure was measured at the 
measurement plane and in the volute in the same locations shown in Figure 45. There was also a 
pressure measurement made in the interspace region between the nozzle row and the rotor 
wheel using ultra-miniature Kulite pressure transducers, the placing of these is shown in Figure 
46. 
Honeywell SenSym type 19C050PJ7K strain gauge pressure transducers were used at the inlet 
plane. Schaevitz P704-0001 strain gauge pressure transducers were used for the pressure 
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measurement on the volute. Both of these transducers incorporated a short passage length 
between the sensing diaphragm and the front face of the pressure transducer. In the case of the 
SenSym transducers this was 18.9mm and for the Schaevitz 33mm. Estimating the resonant 
frequency of the air column in these passageways in the same way as Szymko [19] using the 
fundamental standing wave frequency (See Equation 17) based on the speed of sound, a, the 
resonant frequencies will be around 4900Hz and 2800Hz respectively. These are 1-2 orders of 
magnitude greater than the pulse frequencies imposed on the turbine. 
   
 
  
 
Equation 17 
In the interspace region Kulite type XCQ-062 ultra-miniature pressure transducers were used 
(See Figure 55). These have an outer diameter of 1.7mm making them well suited to pressure 
measurement in such a position. The Kulite transducers were mounted so that their face was 
flush against the surface of the volute at a position approximately 90°, or mid-way between each 
tongue, the mounting positions can be seen in Figure 46. The precise positioning was chosen to 
avoid the wake of the preceding nozzle blades.  
The output signals from each of the pressure transducers was conditioned through a separate 
Fylde FE 492-BBS Mini-Bal bridge conditioner and a Fylde FE 351-UA Uni-Amp universal 
amplifier. The analogue data acquisition card read the voltage from the amplifier directly. 
 
Figure 55: Kulite pressure transducer, outer diameter of 1.7mm 
3.4.3.1 Calibration and uncertainty 
The calibration of the pressure transducers for the unsteady measurements was the same as for 
the Scanivalve system for the steady measurements using the same Druck portable calibration 
unit. Each of the pressure transducers showed a linear trend of output voltage with pressure. For 
the SenSym transducers the standard deviation of the calibration points from the best fit linear 
trend was 259Pa giving an uncertainty of ±518Pa with a 95% confidence interval. For the 
Schaevitz transducers this was ±578Pa and for the Kulite ultra-miniature transducers ±312Pa.  
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Of course these measurements are also subject to the same additional uncertainties of the steady 
state measurement. Including the uncertainty in the measurement of atmospheric pressure, put at 
±50Pa, the uncertainty in the calibration unit used of ±113Pa and the uncertainty associated with 
geometrical interference in the measurement which Szymko [19] estimated as ±5Pa. Although 
the geometry of these transducers is different to that of the steady state pressure tappings this 
term is effectively negligible. The overall uncertainty in each pressure measurement can be found 
using the RSS combination of the different uncertainties (see Equation 7), the overall 
uncertainties are summarised in Table 2 for each of the different transducer types. 
Table 2: Uncertainty of different pressure transducers for unsteady measurement 
Pressure Transducer Uncertainty for a 95.4% confidence level 
SenSym ±533Pa 
Schaevitz ±591Pa 
Kulite ±336Pa 
 
3.4.4 TEMPERATURE MEASUREMENT 
The temperature was not measured directly during unsteady testing since the thermal inertia of 
the thermocouple did not allow an adequate response time for a time resolved measurement. 
The temperature at the measurement plane was inferred through an adiabatic relationship 
between temperature and pressure, described by Equation 18. The time average temperature 
used in this calculation was that measured by the steady state instrumentation, evaluated by 
carrying out a steady state data log in parallel with the unsteady data acquisition. The average 
pressure used was a time average of the pressure recorded over a pulse cycle. This was not 
weighted by the isentropic power as described in Section 3.7.2.2. 
       ̅ (
     
 ̅
)
    ⁄
 
Equation 18 
This relationship can only be described as an approximate equality since there will be some very 
small heat loss, even though this is a cold flow test facility. Also there will be an uncertainty 
associated with the measurement of the time averaged temperature using the steady state 
instrumentation. Szymko [19] used a dual hotwire probe with two different overheat ratios to 
determine the temperature variation throughout a pulse cycle and found that the actual time 
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averaged temperature measured using this technique differed slightly from that measured using 
the steady instrumentation by ±3°C. 
3.4.5 SPEED 
The unsteady speed measurement used the same ten toothed encoder ring, attached to the rear 
of the rotating shaft, and optical switch as the steady measurement of speed. The encoder 
produces ten pulses for each turbine revolution. The signal from the optical switch was fed 
straight to the NI-6062 clock counter data acquisition card. This uses a 20Mhz clock to time the 
interval between each of these pulses in order to calculate the turbine speed. 
Although the fundamental measurement is relatively straightforward a correction was required to 
the raw data from the optical sensor. Manufacturing tolerances meant that each of the shutters 
on the ten toothed encoder were not of exactly the same size and so each period was not 
equivalent to exactly 36°. To calculate the speed exactly the equivalent angle of each shutter 
period must be known. Szymko [19] carried out a calibration under state conditions in order to 
measure the exact angular displacement of each shutter gap. These values are used in the post-
processing of the speed data to make a more accurate measurement of speed. Szymko calculated 
the error in his measurement of each segment to be ±0.00676°. At 47,500rpm, a typical 
operation speed for the turbine during pulsed testing, this is equivalent to an error of ±9rpm 
(±0.94rad/s).  
3.4.6 TORQUE 
The measurement of instantaneous torque during pulsed testing was carried out in the same way 
as all previous researchers continuing from Dale and Watson [5]. This relied upon decomposing 
the torque into two components, namely the average and fluctuating values 
       ̅     
Equation 19 
The time averaged torque was measured using the steady state instrumentation by taking the 
average reading of the load cell used to react against the turbine torque in the same manner as 
for steady state testing. The fluctuating component, τ’, was calculated using the instantaneous 
acceleration of the rotor wheel through measurement of the instantaneous turbine speed and 
having a known polar moment of inertia  
    
  
  
   ̇ 
Equation 20 
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The polar moment of inertia for the rotor wheel was measured using a trifilar method by 
Copeland [7] to be 1.456×10-4kg.m2. This compared well to that calculated numerically in 
Solidworks of 1.469×10-4kg.m2. The moment of inertia for the rest of the assembly was 
calculated by Rajoo [49] as 3.5772×10-4kg.m2 giving a total moment of inertia for the whole 
rotating assembly of 5.033×10-4kg.m2. Rajoo gave an uncertainty in this measurement of 
±1.55×10-5kg.m2. 
The rotor acceleration,  ̇, was calculated numerically from the instantaneous speed measurement 
which was described above. The acceleration of the rotor wheel was described by Equation 21 
 ̇  
       
       
 
  
  
 
Equation 21 
The subscript n represents the current value and n-1 the value from the previous measurement 
point. 
3.4.6.1 Uncertainty 
The calculation of uncertainty in the measurement of instantaneous torque is more involved than 
for the other individual variables since it cannot be calibrated directly. The fluctuating 
component of torque is calculated via Equation 20 and is therefore subject to the uncertainty in 
the calculation of both the polar moment of inertia and the calculation of the rotor acceleration. 
To complicate matters further the uncertainty associated with the change in rotational speed, δω, 
is also subject to the uncertainty in the measurement of ωn and ωn-1. The root sum square method 
for the combination of uncertainties, described in Section 3.3.2, was used to calculate the 
uncertainty in δω by 
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Equation 22 
Szymko [19] suggested that the actual uncertainty will be less than this due to the smoothing of 
the signal by a low pass filter during post processing (post processing of the data is discussed in 
Section 3.5). He accounted for this by the application of a smoothing coefficient, G. It is also 
prudent to mention that the calculation of the change in turbine speed is only carried out after 
ensemble averaging over 30 pulse cycles (post processing of the data and ensemble averaging are 
discussed further in Section 3.5). This has the effect of further reducing the uncertainty by a 
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factor of 1/√n, [56] where n is the number of repeat points (in this case 30). The uncertainty in 
δω is now expressed as 
      √
 
 
    
Equation 23 
Szymko calculated the value of G to be <1/√10, in this thesis a value of 1/√10 will be used. The 
uncertainty associated with the time measurement, Δδt, is dependent on the counting of clock 
pulses between successive pulses of the ten toothed encoder. The uncertainty in this 
measurement will be ±1 clock pulse. With a 20MHz clock this is equivalent to ±5×10-8s. The 
uncertainty in the calculation of turbine acceleration can now be calculated using the RSS 
method (see Equation 7) 
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Equation 24 
All of the unsteady testing was carried out at a nominal speed parameter of 43.0rps/√K, this is 
equivalent to around 47,500rpm. At this speed the time period between successive pulses from 
the 10 tooth encoder would be around 1.26×10-4s. This means that the uncertainty in turbine 
acceleration due to the δω term will be around ±609rad.s-2. The uncertainty due to the time 
measurement, δt, will be dependent on the δω and therefore on the acceleration of the turbine. It 
is expected that the fluctuating component of torque will not exceed 10Nm. This would lead to a 
conservative estimate of the peak acceleration of the turbine to be 19,900rad.s-2. The consequent 
uncertainty due to the time measurement will be around ±8rad.s-2, a much less significant figure. 
The overall uncertainty in the measurement of rotor acceleration,   ̇, will be ±609 rad.s-2. 
The uncertainty in the measurement of fluctuating torque can now be calculated 
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Equation 25 
On its own the uncertainty due to   ̇ will equate to around ±0.31Nm. The uncertainty due to 
   is dependent on the rate of acceleration and will therefore change throughout the period of 
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each pulse cycle but will be equivalent to ±3% of the instantaneous acceleration. The overall 
uncertainty in the instantaneous torque measurement will include the uncertainty in both the 
measurement of time averaged torque and the fluctuating component by Equation 7 (see Section 
3.3.2.2) this will be 
      √       ̅ 
The uncertainty in the time average measurement of torque was found to be ±0.062Nm in 
Section 3.3.6. 
3.5 UNSTEADY DATA PROCESSING 
3.5.1 FILTERING AND ENSEMBLE AVERAGING 
Aswell as controlling the acquisition of data two further Labview VIs were required for 
processing the unsteady data, these instruments were developed by Rajoo [49] and Szymko [19]. 
During unsteady data acquisition it is not possible to take a time averaged measurement of each 
point within a pulse cycle. Therefore the raw measured signal may be subject to random 
uncertainties, noise and cyclic variations which may not be associated with the property being 
measured but with other physical mechanisms such as vibrations. In order to deal with this two 
different processes are used; ensemble averaging and filtering.  
Ensemble averaging is a useful technique that can be used to reduce the effect of random 
uncertainties within the measured data. It can be shown that random uncertainty of a measured 
variable will reduce by a factor of √n, where n is the number of repeat measurements [56], this is 
the basis of ensemble averaging.  
In unsteady testing the data acquisition was phase locked to a once per revolution signal 
activated by the rotation of the chopper plate. Once triggered the Labview data acquisition VI 
was set to record for 30 chopper plate rotations. This resulted in a continuous data file of 30 
complete pulses for each different measured property. However, as discussed in Section 3.4.2 the 
measurement of mass flow requires measurement at 21 different points. For each of these 
different points a separate data log was initiated resulting in 21 different files, each containing 
data from 30 pulse cycles. Therefore two stages of data processing were carried out on all 
measured parameters except for the mass flux.  
First, ensemble averaging within each file of 30 pulse cycles was carried out. This reduced the 30 
pulse cycles to a single ensemble averaged trace for a single cycle period. However, ensemble 
averaging will not reduce the presence of cyclic variations in the measured signal which were not 
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necessarily associated with the measured property. These could be due to external factors such as 
rig vibration or resonance of the small column of air in each of the pressure transducers etc. To 
reduce the impact of these effects on the measured signal it was necessary to filter the ensemble 
averaged data. Rajoo [49] chose a finite impulse response (FIR) filter, which is available as a pre-
defined function within Labview, for this task. Finally each of these files containing 30 raw data 
pulses was reduced to a new file containing just a single ensemble averaged and filtered pulse 
cycle for each measured property. 
For all parameters except mass flux a further stage of ensemble averaging was then carried out 
for each parameter between these 21 files. Figure 56 shows an example of the raw signal 
measured directly from the test facility and the final ensemble averaged and filtered pulse cycle. 
 
Figure 56: Raw and processed data for 52Hz out of phase case – inner limb static pressure Nozzle C 
3.5.2 TURBINE SPEED – SPLINE RESAMPLING 
A problem for the unsteady speed data is the mismatch in sampling rate to all of the analogue 
data which was sampled at exactly the same rate of 20kHz. The speed data on the other hand 
were sampled at each shutter interval which was entirely independent of the analogue data 
measurement. In order to match the speed measurement with the 20kHz sampling rate of the 
analogue data re-sampling had to be undertaken. 
Szymko [19] achieved this by fitting a cubic spline through each of the unequally spaced speed 
data points. The trace of instantaneous speed can then be re-sampled along this spline at 
intervals equivalent to a 20kHz sampling frequency. 
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3.5.3 POST PROCESSING OVERVIEW 
The post processing of the unsteady performance data is a convoluted process and so an 
overview of the procedure is useful. Figure 57 shows an outline of the procedure undertaken 
within the Labview post processing instruments. 
 
Figure 57: Overview of unsteady post processing procedure 
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3.6 TURBINE PERFORMANCE 
Having looked at the details of the turbine test facility and the measurement of different 
properties it is necessary to look at the way in which turbine performance can be gauged and 
displayed. It is conventional to use numbered stations to define different locations through the 
turbine making notation simpler. In this thesis the convention will be to use a subscript 1 to 
define conditions at the volute inlet, 2 at the inlet to the nozzle ring, 3 in the interspace area 
which is between the nozzle ring exit and the inlet to the rotor wheel, 4 at the exit of the rotor 
wheel and 5 at the outlet to the exit duct which will be at atmospheric conditions. Additionally, 
since the turbine here is a double entry type it is often necessary to distinguish between the flows 
of the two different entries. In this thesis the shorter entry will be termed the Inner entry and the 
longer as the Outer entry as shown in Figure 43. In some of the analyses the distinction between 
the two entries is arbitrary and they may be referred to as either Entry A or Entry B or High 
Pressure (HP) and Low Pressure (LP) entries. Table 3 summarises the conventions used in this 
thesis. 
Table 3: Station numbering for turbine performance evaluation 
Measuring station Equal 
admission 
Unequal admission 
Inner Entry Outer Entry 
Measuring plane 1 1-inner 1-outer 
Nozzle inlet 2 2-inner 2-outer 
Interspace (Nozzle exit/Rotor inlet) 3 3-inner 3-outer 
Rotor exit 4 4 4 
Exit duct outlet  5 5 5 
 
Whitfield and Baines [66] show the functional relationship formed by the basic parameters which 
affect the behaviour of a single entry turbine. 
        ̇                         
Equation 26 
By implementing Buckingham’s π theorem and introducing some sensible assumptions such as 
ignoring the effect of the ratio of specific heats, γ, and the effect of Reynolds number, this 
relationship can be reduced to four non-dimensional parameters, see Equation 27. Details of the 
π analysis can be found in Appendix D. 
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Equation 27 
Although this is a vast improvement on the original relationship containing ten parameters, 
further simplifications are still often applied. Most notably the ratio of stagnation temperatures is 
usually replaced by the total to static isentropic efficiency which has a more tangible physical 
significance. This is defined in Equation 28 for an ideal gas with constant specific heat capacity. 
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Equation 28 
It is also usual to ignore the gas constant R if the working gas is common and also if the same 
turbine geometry is used then   , the leading edge turbine blade diameter, will be a constant and 
can also be neglected. Finally the relationship reduces to 
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Equation 29 
Where 
 
√   
 is the Specific Speed, 
 ̇√   
   
 is the Mass Flow Parameter (MFP), these two terms are 
no longer dimensionless and are referred to as pseudo non-dimensional. The other two terms 
remain dimensionless, 
  
   
 is the Pressure Ratio (PR) and      the total to static efficiency of the 
turbine. As discussed in the description of the test facility, the operation of the turbine in the 
experimental analysis of this thesis is representative of the actual on-engine operating conditions 
by scaling of the non-dimensional performance parameters. The pressure ratios obtained during 
experimental testing ranged from around 1.1 to around 2.6. These are typical of those which may 
be experienced by a turbocharger turbine under real operating conditions. The turbine operation 
is also matched with real operating conditions through the specific speed parameter 
 
√   
 . The 
test facility will operate with a turbine inlet temperature of between 330K and 350K, on-engine 
conditions may lead to a turbine inlet temperature nearer to 900-1000K. In terms of speed the 
test facility will operate up to 60,000rpm (1000rps). This compares to typical on engine operation 
which, for a turbine of this size, may be nearer to 100,000rpm (1667rps). Calculation of the 
resulting specific speed in each case leads to closely comparable numbers.  
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For a single entry turbine with a given geometry and working fluid the parameters in Equation 
29 are adequate to describe the turbine performance. If two of these parameters are fixed then 
this will determine the operating point of the turbine; the full performance of the turbine is 
usually then represented on two plots. One plot will have pressure ratio and mass flow parameter 
on the abscissa and ordinate respectively and another will have pressure ratio and efficiency each 
with lines of constant specific speed. These plots for the data presented by Copeland [7] are 
shown in Figure 58 and Figure 59.  
Instead of representing the turbine efficiency plotted against pressure ratio it is common to use a 
different parameter, the isentropic velocity ratio, or sometimes referred to as the blade speed 
ratio. This is dimensionless and is defined by the ratio of the turbine blade speed at its leading 
edge, U3, to the velocity of the flow if it were expanded through an isentropic nozzle over the 
same expansion ratio as the turbine, or the isentropic spouting velocity, Cis. 
  
   
 
    
√           
 
    
√               ⁄  
      ⁄  
 
  
√ 
 ̇  
 ̇
 
Equation 30 
Because the turbine in question is of a mixed flow geometry, using the tip diameter is not 
appropriate and instead the average leading edge diameter was used based upon the tip diameter 
at the leading edge and the blade root diameter at the leading edge. For the TURBINE-IC 
geometry this was 85.5mm. The isentropic spouting velocity was calculated based upon the 
expansion from the stagnation to static conditions. A plot of efficiency against velocity ratio is 
shown for the data presented by Copeland [7] in Figure 60. The benefit of this plot over that 
using the pressure ratio (Figure 58) is evident in that there is less significant speed dependence 
[66]. 
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Figure 58: Efficiency against pressure ratio from Copeland [7] 
 
Figure 59: Mass flow characteristic from Copeland [7] 
 
Figure 60: Efficiency against velocity ratio [7] 
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3.6.1 DOUBLE ENTRY TURBINE PERFORMANCE 
When dealing with a multiple entry turbine the problem becomes more complex since at the inlet 
to the turbine there are two sets of operating parameters, one for each limb. The functional 
relationship for turbine performance now becomes 
        ̇   ̇                                      
Equation 31 
The distinction between the inner and outer volute entries is arbitrary in this analysis and so the 
subscripts A and B have been used to represent each entry. Applying a similar π analysis as for 
the single entry turbine and implementing the same assumptions regarding the ratio of specific 
heats and the Reynolds number this relationship can then be reduced to six dimensionless (and 
pseudo non-dimensional) terms (for further details of this π analysis see Appendix D). 
 (
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Equation 32 
Where 
 
√      ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅
 is the specific speed of the turbine based upon the average temperature of the 
two entries, A and B. In this thesis the average temperature was calculated using a mass flow 
average of the two limbs. The terms 
 ̇ √    
    
 and 
 ̇ √    
    
 are the individual mass flow 
parameters for each of the limbs A and B. 
    
    
 is the ratio of stagnation pressures at the inlet to 
each limb, this is a measure of the inequality of the flow between the two limbs. Finally 
  
    
 is 
the pressure ratio across one of the limbs and      is the total to static efficiency of the turbine 
defined as; 
     
 ̇   
 ̇      ̇    
 
Equation 33 
From the relationship defined in Equation 32 it is clear that presenting the performance of the 
double entry turbine will not be as straightforward as for a single entry device since there are 
now atleast six terms instead of just four as in Equation 29. The presentation of data for the 
double entry turbine is discussed further in Section 4.3.1. 
3.6.1.1 Definition of inequality 
123 
 
From the dimensional analysis it seems that the ratio of pressures between the two limbs, 
    
    
, is 
a natural parameter to describe the inequality between the two limbs. Although intuitive, this 
may not be the most appropriate measurement to consider. The primary disadvantage in using 
the ratio of pressures to characterise inequality between the two limbs is that it does not give an 
absolute scale of inequality. Consider for instance a case of partial admission (i.e. with only one 
limb flowing) at relatively low power. If the pressure ratio across the flowing limb is 1.2 for 
example, whilst the pressure ratio across the stagnant limb is 1.0 (although in reality it would be 
greater than this due to the centrifugal pressure field that is created as the turbine spins and also 
the leakage between the two limbs) then the ratio of pressures between the two limbs will be 1.2. 
This represents the partial admission case, in other words the greatest degree of unequal 
admission. Consider now a higher power case where one limb flows with a pressure ratio of 2.0 
and the other at a pressure ratio of 2.4. This case would give the same ratio of inlet pressures in 
the two limbs but would represent a much lesser degree of inequality in the flow.  
A better parameter to characterise the inequality of the flow was found to be the ratio of mass 
flow rate in each limb, 
 ̇ 
 ̇ 
 . If the numerator in this parameter were defined as the minimum 
flow rate between the two limbs and the denominator the maximum flow rate, 
 ̇     
 ̇     
, then this 
will give a consistent absolute scale of the flow inequality between the two limbs from zero in 
partial admission to unity at equal admission. Defining the parameter in this way will not give a 
direction to the inequality, however, this was not considered in the current thesis. This parameter 
was termed the mass flow ratio, MFR. 
    
 ̇     
 ̇     
 
Equation 34 
Another useful parameter was found to be 1-MFR, this goes from zero in full admission, 
increasing with increasing inequality up to unity for partial admission. 
3.6.1.2 Efficiency ratio 
The efficiency ratio can be used to determine the effect of unequal admission on the efficiency 
of the turbine in comparison to that of equal admission. In order to compare the efficiency of 
the turbine under unequal and equal admission conditions requires a basis of comparison. This 
was chosen as the isentropic velocity ratio for the turbine. Because it is possible to calculate the 
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isentropic velocity ratio based purely upon extensive properties ( ̇   and ̇ ) the calculation for a 
multiple entry turbine is straight forward. 
  
   
 
  
√ 
 ̇       ̇    
 ̇    ̇ 
 
Equation 35 
The efficiency ratio, Equation 36, is defined as the ratio of the turbine efficiency under a 
condition of unequal admission to the full admission efficiency for the same overall velocity ratio and 
specific speed. Calculation of the efficiency ratio requires knowledge of the full admission turbine 
map.  
   
        
     
 
Equation 36 
3.6.2 TURBINE REACTION 
The degree of reaction, Λ, is a parameter often used in the design stage, but is also useful to 
assess the behaviour of the turbine and for comparison of the different nozzle geometries. 
Fundamentally it is a measure of how much of the expansion across the whole turbine stage is 
carried out within the rotor. Watson and Janota [4] define turbine reaction as the isentropic 
enthalpy change across the rotor divided by the isentropic enthalpy change across the whole 
stage. 
  
        
        
 
Equation 37 
Others have defined reaction using the static enthalpy changes across the rotor and the stage 
[66]. 
  
     
     
 
Equation 38 
A 0.5 reaction implies that half of the expansion has been carried out in the stator and half in the 
rotor; this would be a reaction turbine. As the reaction decreases this shows that less expansion 
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is taking place in the rotor, down to a value of 0 which represents an impulse turbine. In this 
case the rotor blades are simply turning the flow and not accelerating it any further. 
Calculation of the turbine reaction relies upon knowledge of the necessary parameters which 
depend upon the formulation used to calculate the reaction. Instead of dealing directly with the 
enthalpy of the gas it is common to define the reaction in terms of directly measured properties, 
i.e. temperature or pressure [67]. For an isentropic process it can be shown, by consideration of 
the Tds relation, that an enthalpy change can be written in terms of a pressure change. 
           
Equation 39 
For an isentropic process this becomes 
 
       
Equation 40 
This leads to a commonly used definition of degree of reaction which will be used in this thesis. 
  
     
     
 
Equation 41 
Although the working fluid in this case cannot be treated as incompressible this formulation still 
provides a useful comparative measurement between the different nozzles.  
3.7 UNSTEADY DATA 
3.7.1 PHASE SHIFTING 
In the discussion above regarding the instrumentation during unsteady testing (Section 3.4) it 
was shown that measurements are made at different locations around the turbine. For instance 
the constituent parameters to calculate isentropic power are measured at the inlet to the volute 
whilst the actual turbine shaft power is measured downstream at the turbine shaft.  Because of 
the inherently dynamic nature of the turbine performance during unsteady testing it is palpable 
that the isentropic power at the inlet to the volute at one instance will not correspond to the 
actual turbine power produced at that same time. An amount of isentropic energy at the volute 
inlet will, in fact, take a finite amount of time to travel from the volute inlet to the rotor wheel 
where it can be converted to shaft energy. The idea of phase shifting can be used where the data 
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from different locations can be shifted along the temporal axis by different amounts in order to 
account for this dynamic effect. The time by which the data is shifted can be calculated by using 
an appropriate velocity and distance. 
The shaft power measured at the rotor wheel was used as the basis of phase shifting all other 
measurements. For measurements made in either of the volute limbs (upstream of the rotor 
wheel) the phase shifting distance was taken as that from the measurement position, following 
the centreline of the volute, to the rotor wheel at a point mid-way between the two tongues of 
the volute. For measurements made downstream of the rotor wheel, in the exit duct, the shifting 
length was that from the measurement location to a point about halfway through the rotor 
wheel. 
As for the characteristic velocity different authors have used different approaches. Baines, 
Hajilouy-Benisi and Yeo [23] use the bulk gas speed whilst Dale [20] and Karamanis [46] use the 
sonic velocity. Szymko [19] finds using the pressure wave propagation speed, which is the sum of 
the bulk gas flow speed and the sonic velocity, to be more appropriate. This is also the approach 
taken for phase shifting in this thesis. 
Although phase shifting helps in aligning data from different locations it is not perfect by any 
means. It cannot account for changing in wave shapes due to gas dynamics or the effects of 
filling and emptying. Also, the actual temporal shifting of the data will be subject to uncertainty 
in the selection of appropriate time and length scales. Therefore the calculation of instantaneous 
turbine performance, such as the instantaneous efficiency using phase shifted data, can lead to 
spurious results. This can be seen in some previous publications which show unusually high 
values of instantaneous turbine efficiency, sometimes exceeding unity [46]. Because of these 
difficulties the use of phase shifted data will be minimised in the calculation of instantaneous 
turbine performance parameters in this thesis although many of the plots in the analysis of the 
unsteady results contain data which have been phase shifted.  
3.7.2 COMPARISON TO STEADY DATA 
3.7.2.1 Quasi-steady analysis 
The performance of a turbine under pulsating flow can be compared to the performance of a 
turbine under steady conditions on two different bases. One method is the quasi-steady 
comparison. The basis of this comparison is that the turbine, at any instant during pulsed 
operation, will perform in the same manner as if the same instantaneous conditions were applied 
in a steady state manner. This results in a one to one comparison of the turbine performance 
against the equivalent steady state performance for each different time step. The quasi-steady 
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assumption is widely applied by engine and turbocharger manufacturers in matching the two 
devices. Understanding the steady state performance of the turbine therefore forms an important 
part of this work. 
3.7.2.2 Averaging 
The second method of comparison that can be made however is on an averaged basis, i.e. 
averaging the performance of the turbine under pulsating flow so that it can be represented by a 
single point and comparing to the steady turbine performance map. The difficulty in this method 
is averaging of the data in a meaningful manner so that the single performance point is 
representative of the performance of the turbine under unsteady flow conditions. 
For extensive flow properties, such as mass flow rate and isentropic power, averaging is 
straightforward by simply time averaging the property throughout the pulse cycle. For intensive 
parameters the adequacy of this method is not as clear cut. In this thesis the same averaging 
method will be used as Copeland [7] and Szymko [19], this is based on weighting by isentropic 
power. 
3.7.2.2.1 Cycle averaged efficiency 
The efficiency of the turbine is the ratio of the actual shaft power produced by the turbine 
compared to the isentropic power available to the turbine at the same instant in time, as shown 
by Equation 28. These are two extensive properties and so can each be individually time 
averaged; the cycle averaged efficiency can then be taken as the ratio of these two time averaged 
values. This is mathematically identical to taking the isentropic weighted average efficiency over 
the pulse cycle. The calculation for the cycle averaged efficiency is shown in Equation 42. 
The calculation of instantaneous efficiency relies upon phase shifting between the isentropic 
power, calculated at the measurement plane, and the shaft power, measured at the turbine wheel. 
However, because Equation 42 uses the time averaged values for each of these the use of phase 
shifting is negated.  
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Equation 42 
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3.7.2.3 Cycle averaged mass flow parameter, velocity ratio and pressure ratio  
The mass flow parameter, pressure ratio and velocity ratio were also cycle averaged using 
isentropic power weighting. The cycle averaged mass flow parameter and pressure ratios were 
calculated separately for each limb. 
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Equation 43 
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Equation 44 
It should be noticed that for these two different parameters all of the constituent properties were 
measured at the same location on each limb (see Section 3.4) apart from the exit static pressure 
which remained constant throughout testing as the atmospheric pressure in the test facility. 
Therefore phase shifting was not required for the calculation of the instantaneous parameters. 
The velocity ratio was also calculated using isentropic power weighted averaging. 
(     ̅̅ ̅̅ ̅̅ ̅)    
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Equation 45 
Here, phase shifting had to be used to calculate the overall instantaneous velocity ratio since the 
constituent properties were measured at three different locations; the inlet to each different limb 
(mass flow rate, temperature and pressure) and at the rotor wheel (rotor speed). The variation of 
turbine speed over the duration of a pulse cycle was relatively small in absolute terms and so it is 
anticipated that this will only have a very minor effect on this calculation. 
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4 STEADY EXPERIMENTAL RESULTS AND ANALYSIS 
Although the main focus of this thesis is on the unsteady performance of the turbine, a 
discussion of the steady performance is nevertheless important. This is especially true for the 
unequal admission performance, which, although studied in steady state is of critical importance 
in the behaviour of the double entry turbine under pulsating flow when the pulses are feeding 
the turbine out of phase. This is of course the most common arrangement for such a turbine, if 
the pulsations were feeding the turbine in phase the benefits of the double entry casing would 
not be evident over a standard single entry device. Understanding the performance of the turbine 
under unequal admission conditions, even under steady state, can therefore be helpful when 
trying to interface the turbine with an internal combustion engine. 
One of the primary focuses of this research is to assess the effect of nozzle area on the 
performance of the turbine. As described in Chapter 3, the same rotor wheel and volute were 
used throughout testing. The nozzle was interchangeable so that the performance of three 
different nozzle geometries could be considered, each with a different throat area. These were 
defined as Nozzles A (smallest), B and C (largest). Details of the different throat areas can be 
found in Table 1 (Chapter 3). 
For each of the nozzle geometries the full equal admission maps were taken, followed by a series 
of unequal admission tests to build up the full turbine map. The measured turbine performance 
will be presented, initially to show the effect of the different nozzles on the full admission 
performance characteristics and then the effect of unequal admission will be discussed. 
It is worthwhile noting here that all of the experimental data presented in this thesis uses the 
measured atmospheric pressure as the reference exit pressure in the calculation of performance 
parameters for the turbine. This differs from the data originally presented by Copeland [7] who 
used the pressure measured inside the exit ducting, just downstream of the diffuser, as the 
reference exit pressure. Both of these methodologies show advantages and disadvantages, the 
primary advantage of using the atmospheric pressure is that during unsteady testing the 
atmospheric pressure will not be affected by the pulsations feeding the turbine and so will 
remain constant. If the pressure just downstream of the turbine were used this would be heavily 
influenced by the pulsating flow driving the turbine and so calculating an instantaneous pressure 
ratio across the turbine would be subject to the constraints of phase shifting data from one 
location to another.  
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4.1 FULL ADMISSION PERFORMANCE 
In the interest of tidiness it is first worthwhile presenting the performance of each of the three 
nozzles individually before a comparison of all three. Each nozzle was tested at five different 
speeds; these are shown in Table 4 along with the minimum and maximum shaft power 
measured during testing at each speed (of all three nozzles). 
Table 4: Minimum and maximum power measurements at different turbine speeds 
Quasi non-
dimensional speed 
(rps/√K) 
Equivalent speed 
at 350K (RPM) 
Minimum 
measured shaft 
power (W) 
Maximum 
measured shaft 
power (W) 
26.9 30,195 491 20,936 
32.3 36,257 652 26,824 
37.8 42,430 851 32,999 
43.0 48,267 1,013 43,388 
48.3 54,217 1,252 43,377 
 
4.1.1 NOZZLE A 
Figure 61 and Figure 62 show the efficiency and mass flow characteristics of Nozzle A whilst 
Table 5 shows the peak recorded efficiency for each speed along with the associated velocity 
ratio, mass flow rate and pressure ratio. In the table the 48.3rps/√K speed condition is shown in 
red since this does not show the peak efficiency. During testing at this speed the turbine suffered 
vibration problems limiting the peak power obtained due to structural reasons and so operating 
at a lower velocity ratio was not possible.  
For the first four speed conditions the measured peak efficiency velocity ratio varied between 
0.598 and 0.616, with a mean of 0.607. This value is lower than would be anticipated for a purely 
radial inflow turbine which would expect a peak efficiency velocity ratio of around 0.7 [4].  
Figure 61 shows that the efficiency characteristics for each different speed align closely with 
eachother when plotted against the velocity ratio, this is typical for such a plot. However, 
although the peak efficiency velocity ratio is similar, it is clear that the actual peak efficiency for 
the turbine increases with speed. At 26.9rps/√K the peak measured efficiency is 72.4%; by 
43.0rps/√K the peak efficiency has risen to 77.9%, an increase of 5.5% points. While the trend 
appears to continue for the 48.3rps/√K condition, the peak efficiency condition was not 
achieved at this speed. At higher and lower velocity ratios, away from the peak efficiency 
condition, the efficiency curves for different speeds tend to converge together. 
Figure 62 presents the pseudo-nondimensional mass flow parameter plotted against the 
measured total to static pressure ratio across the turbine. The results are typical of those 
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expected on a mixed flow type turbine. At lower pressure ratios the turbine shows a dependence 
on speed due to the centrifugal pressure field which opposes the flow of gas through the device: 
the turbine is able to accept more mass for a given pressure ratio at lower speeds. As the 
pressure ratio increases the effect of this centrifugal pressure field is less significant and the mass 
flow characteristics at different speeds tend to converge. A non-linear relationship is shown with 
mass flow parameter tending toward an asymptotic limit where the turbine is choked. The 
highest recorded pressure ratio across the turbine was at 2.346 at 43.0rps/√K, the mass flow 
parameter at this point was 4.1710-5 kg√K/Pa.s.  
Table 5: showing the peak recorded efficiency for Nozzle A at each speed and the associated velocity ratio, mass 
flow rate and pressure ratio. 
Quasi non-
dimensional speed 
(rps/√K) 
Peak 
recorded 
efficiency 
(total to 
static) 
Velocity 
ratio 
Mass Flow 
Rate (kg/s) 
Pressure 
ratio (total to 
static) 
26.9 72.5% 0.600 0.210 1.303 
32.3  74.0% 0.612 0.261 1.439 
37.8  76.6% 0.598 0.347 1.703 
43.0  77.9% 0.616 0.428 1.968 
48.3  78.3% 0.658 0.460 2.091 
 
 
Figure 61: Efficiency characteristic for Nozzle A 
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Figure 62: Mass flow characteristic for Nozzle A 
4.1.2 NOZZLE B 
Figure 63 and Figure 64 show the mass flow and efficiency characteristics for Nozzle B. Again 
Table 6 shows the peak recorded efficiency for each speed and the related parameters to that 
condition. For this nozzle the recorded peak efficiency velocity ratio shows more variation than 
for Nozzle A; varying between 0.585 and 0.664, the mean peak efficiency velocity ratio is 0.630. 
This again is lower than the value of 0.7 that may be expected from a pure radial inflow device 
but is slightly greater than that measured on Nozzle A, a further discussion of this is given in 
Section 4.2. A similar trend is seen to Nozzle A in that the peak efficiency increases with speed, 
in this case the turbine efficiency is 73.7% at 26.9rps/√K, this increases by 5.9% to 79.6% for a 
speed of 48.3rps/√K. At higher velocity ratios, beyond the peak efficiency point, the efficiency 
characteristics in this case continue to diverge, unlike in Nozzle A. 
The mass flow characteristic again looks typical of a mixed flow type turbine and qualitatively 
very similar to that of Nozzle A. In this case the greatest pressure ratio achieved was 2.590 again 
at 43.0rps/√K, the associated mass flow parameter was 4.7810-5 kg√K/Pa.s. 
 
Table 6: showing the peak recorded efficiency for Nozzle B at each speed and the associated velocity ratio, mass 
flow rate and pressure ratio. 
Quasi non-
dimensional speed 
(rps/√K) 
Peak recorded 
efficiency 
(total to static) 
Velocity ratio Mass Flow 
Rate (kg/s) 
Pressure 
ratio (total 
to static) 
26.9 73.7% 0.621 0.237 1.272 
32.3 77.1% 0.585 0.335 1.501 
37.8 78.1% 0.661 0.367 1.562 
43.0 79.2% 0.664 0.437 1.786 
48.3 79.6% 0.621 0.591 2.329 
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Figure 63: Efficiency characteristic for Nozzle B [7] 
 
Figure 64: Mass flow characteristic for Nozzle B [7] 
4.1.3 NOZZLE C 
Finally the performance characteristics for Nozzle C, which has the largest flow area, are shown 
in Figure 65 and Figure 66 along with Table 7 which shows the peak efficiency points and 
associated parameters for each different speed tested. In a qualitative sense the performance 
characteristics of the turbine with this nozzle arrangement were very similar to the two other 
nozzles. The peak efficiency velocity ratio varied between 0.580 and 0.649 with a mean value of 
0.622. Nozzle C too saw an increase in the peak recorded efficiency with speed from 74.8% at 
26.9rps/√K to 79.7% at 48.3rps/√K. Like Nozzle A, at higher and lower velocity ratios, away 
from the peak efficiency point, Figure 65 shows that the efficiency characteristics for different 
speeds tend to collapse on top of eachother.  
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Figure 66 shows that the measured mass flow characteristic is also, in a qualitative sense, similar 
to those shown in Figure 62 and Figure 64 for Nozzles A and B. A speed effect is clear at lower 
pressure ratios due to the centrifugal pressure field opposing fluid flow, as the inlet pressure is 
increased this centrifugal pressure effect becomes less significant so that all speed lines converge 
toward the same asymptotic value at the choking point. The highest measured pressure ratio in 
this case was 2.457 which gave a mass flow parameter of 5.1410-5 kg√K/Pa.s. 
Table 7: showing the peak recorded efficiency for Nozzle C at each speed and the associated velocity ratio, mass 
flow rate and pressure ratio. 
Quasi non-
dimensional 
speed (rps/√K) 
Peak recorded 
efficiency (total 
to static) 
Velocity ratio Mass Flow 
Rate (kg/s) 
Pressure ratio 
(total to static) 
26.9 74.8% 0.639 0.244 1.255 
32.3 75.2% 0.580 0.359 1.517 
37.8 77.8% 0.628 0.406 1.631 
43.0 78.5% 0.649 0.475 1.820 
48.3 79.7% 0.613 0.689 2.457 
 
 
Figure 65: Efficiency characteristic for Nozzle C 
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Figure 66: Mass flow characteristic for Nozzle C 
4.1.4 UNCERTAINTY OF PERFORMANCE PARAMETERS 
Having presented the performance characteristics for the turbine with each of the different 
nozzle geometries it is now pertinent to discuss the uncertainty associated with each of the 
different performance parameters. The uncertainty associated with each of the measured 
variables was discussed in Section 3.3 however, in order to determine the uncertainty in each of 
the performance parameters requires the combination of several individual uncertainties. The 
root sum square method of uncertainty propagation was discussed in Section 3.3.2.  
This method was used to calculate the uncertainty in each of the performance parameters (ηt-s, 
U/Cis, PR and MFP). Figure 67 and Figure 68 show the overall uncertainty in each of the 
different performance parameters for Nozzle A. A full account of the uncertainty calculations 
for Nozzle B can be found in Copeland [7] and the calculation of uncertainty for Nozzle C was 
carried out in the same manner as for Nozzle A leading to a similar overall level of uncertainty 
and so it was felt unnecessary to present the same figures for the other two nozzles. 
 
 
0.E+00
1.E-05
2.E-05
3.E-05
4.E-05
5.E-05
6.E-05
1 1.2 1.4 1.6 1.8 2 2.2 2.4 2.6
M
a
ss
 f
lo
w
 p
a
ra
m
e
te
r 
([
k
g
/
s]
.√
K
/
P
a
 (
a
b
s)
) 
Pressure ratio (total-static) 
26.9 rps/√K 
32.3 rps/√K 
37.8 rps/√K 
43.0 rps/√K 
48.3 rps/√K 
136 
 
 
 
 
Figure 67: Efficiency Characteristics for Nozzle A with uncertainty bands at 5 different speeds 
Figure 67 shows the uncertainty associated with the measured efficiency and velocity ratio for 
Nozzle A. The uncertainty in the measured velocity ratio, on the horizontal axis, is relatively 
minor. The average uncertainty in this parameter is around ±0.45% for Nozzle A (±0.53% for 
Nozzle C) whilst the maximum uncertainty is around ±1.6% (compared to ±1.78% for Nozzle 
C). This comes at the lowest speed of 26.9rps/√K at the highest velocity ratio of 0.927, the 
isentropic power measured for this point was only 1.123kW. This point also had the largest 
uncertainty in the efficiency of ±42%. This large uncertainty was dominated by the measurement 
of torque which had a statistical uncertainty of ±0.062Nm. The measured torque in this case was 
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only 0.158Nm. The uncertainty in the efficiency is seen to decrease significantly as the measured 
power becomes larger. For Nozzle A the average uncertainty in the efficiency is ±9.6% with a 
minimum of ±2.3%. For Nozzle C the average uncertainty is ±8.1% with a minimum of ±1.5%. 
 
 
 
Figure 68: Mass flow characteristics for Nozzle A with uncertainty bands at 5 different speeds. 
In the mass flow characteristics the uncertainty in the pressure ratio is very small with a 
maximum uncertainty of ±0.35% in the case of Nozzle A and ±0.36% in the case of Nozzle C. 
These numbers are almost negligible. The uncertainty in the value of mass flow parameter is 
larger than expected. In the lowest mass flow case (26.9rps/√K at a pressure ratio of 1.11) the 
uncertainty is as high as ±14.8% for Nozzle A. The highest uncertainty for Nozzle C is ±10.4%. 
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For the higher mass flow cases the uncertainty is as low as ±1-2% for both nozzles. The main 
contributor to the increased degree of uncertainty in these measurements is the small leakage 
which was found on one of the impulse lines connected to the v-cone flow meter, this required a 
correction as was discussed in Section 3.3.4. 
4.2 COMPARISON OF 3 NOZZLES 
It is pertinent to assess how the turbine reaction changes with the different nozzle geometries as 
this will indicate how the behaviour of the turbine is affected. Degree of reaction in this work 
was calculated by the change of measured static pressure across the rotor and the stage, given by 
Equation 41 and repeated here for clarity. 
  
     
     
 
Equation 41 
It is unfortunate that, although Copeland [7] collected a vast amount of data, he did not measure 
the pressure in the nozzle-rotor interspace. Extra pressure tappings were required for this 
measurement, which were installed for the work in this thesis. It is still possible to compare the 
turbine reaction measured for Nozzles A and C. 
Figure 69 shows the degree of reaction plotted against mass flow rate for Nozzles A and C at a 
speed of 43.0rps/√K and 26.9rps/√K. All of the characteristics for degree of reaction follow a 
similar trend in that the degree of reaction increases as the mass flow rate is reduced. This shows 
that a greater proportion of the expansion takes place in the rotor in the low mass flow region. It 
is also clear that for a given mass flow rate the turbine reaction at 26.9rps/√K is lower than that 
for 43.0rps/√K showing that a greater proportion of the expansion takes place in the stator at 
lower speed. As expected, it is also clear that Nozzle A gives a slightly lower reaction than 
Nozzle C. The difference between the two nozzle configurations decreases as the mass flow is 
increased. Nozzle A appears to tend towards a reaction of 0.42 as the mass flow is increased, this 
compares to Nozzle C which tends towards 0.435. Although it was not measured, it is 
anticipated that Nozzle B will have a degree of reaction between these two. The change of 
reaction due to these different nozzle geometries appears to be relatively small from these results 
suggesting that the overall behaviour of the turbine will see little effect in terms of the split of 
expansion across the rotor and the stationary components for a given mass flow rate. 
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Figure 69: Turbine reaction plotted against mass flow for Nozzles A and C at 2 different speeds, 26.9 and 
43.0rps/√K 
4.2.1 SWALLOWING CAPACITY 
Apart from the degree of reaction the most obvious aspect of turbine performance that will be 
affected by changing the nozzle setting will be on the swallowing capacity. Figure 70 shows a 
comparison of the mass flow characteristics for each nozzle measured at 43.0rps/√K. The trend 
in this figure is as expected, that is to say that Nozzle C passes the greatest mass flow, Nozzle A 
the least and Nozzle B in the middle. Linearly interpolating to find the mass flow parameter at a 
pressure ratio of 2.3, using the two surrounding points, Nozzle C passes 23.7% more mass than 
Nozzle A, this compares to a change in Nozzle area of around 27.6% but a change in reaction of 
only around 3%. Using the same calculation for Nozzle B, this passes 12.5% more mass than 
Nozzle A with an increase in throat area of 13.4%. From Nozzle A to Nozzle B at this given 
pressure ratio, which looks to be near to the choking condition, the change of mass flow rate 
seems to be almost the same as the change in nozzle area in percentage terms (comparing a 
12.5% change in mass flow with a 13.4% change in Nozzle area). As the nozzle area is increased 
further the results seem to diverge from this trend as the increase in nozzle area is proportionally 
greater than the increase in mass flow (compare an increase of throat area of 27.6% from Nozzle 
A to C, with an increase in mass flow of just 23.7%).  
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Figure 70: Mass flow characteristics for 3 different nozzles at 43.0rps/√K 
4.2.2 EFFICIENCY 
Figure 71 shows the efficiency characteristics for the three different nozzles at 43.0rps/√K. 
Nozzle B obtains the highest peak efficiency of 79.2% whilst Nozzles A and C show peak 
efficiencies of 77.9% and 78.5% respectively. This shows that the different nozzle configurations 
have little effect on the overall peak efficiency, with a spread of only 1.3% points. This is not 
entirely surprising given the relatively small change in degree of reaction resulting from the 
change of nozzle setting. It is also worth noting that this difference is within the bounds of the 
experimental uncertainty. Figure 72 shows the efficiency characteristics of the different 
configurations at a lower speed of 26.9rps/√K. In this case there is a greater spread of peak 
recorded efficiency for each nozzle although all three nozzles show a definite decrease in the 
peak recorded efficiency compared to that at the higher speed. Nozzle C, with the largest flow 
area, shows the highest peak efficiency at this speed of 74.8%, followed by Nozzle B at 73.7% 
and then Nozzle A, which has the smallest flow area, at 72.5%. These results imply that, at low 
speed, increasing the nozzle flow area leads to a higher peak efficiency. A possible explanation 
for this can be found by looking at the peak efficiency mass flow in each case.  
At the peak efficiency point of a turbine it is palpable that the flow entering the rotor wheel will 
be at or very near to the design condition for the rotor passage in terms of incidence angle. This 
will allow the gas to flow into the rotor passage with minimal loss. Considering this it is clear that 
for a given rotor speed Nozzle C, which has the largest flow area, must pass the greatest mass 
flow rate of gas in order to match the optimal approach angle for the gas entering the rotor 
wheel compared to the other two nozzles. This is borne out by the results which show that at 
26.9rps/√K  Nozzle C exhibits a peak efficiency mass flow rate of 0.244kg/s, which is 3% 
greater than the peak efficiency mass flow rate recorded for Nozzle B which was 0.237kg/s and 
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16% greater than the peak efficiency mass flow rate recorded for Nozzle A of 0.210kg/s. Even if 
all three nozzles match the optimal incidence angle into the rotor it seems that the greater mass 
flow rate of Nozzle C may aid the flow through the rest of the device leading to a higher overall 
efficiency. In particular this may be relevant at the exit of the rotor wheel. At peak efficiency the 
design intent of the rotor wheel will be such that the gas will exit the rotor wheel with no swirl 
such that the exhaust gas has given all of its angular momentum up to the rotor wheel. It may be 
that Nozzle C is able to come closest to this condition when the flow entering the rotor wheel is 
also aligned to the optimal incidence angle allowing it to achieve the highest peak operating 
efficiency at this speed.  
 
Figure 71: Efficiency curves for three different nozzles at 43.0rps/√K  
 
Figure 72: Efficiency curves for three different nozzle at 26.9rps/√K 
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Table 8: Peak measured efficiencies and associated velocity ratios for three different nozzles at 26.9 and 
43.0rps/√K 
 26.9 rps/√K 43.0 rps/√K  
Nozzle Peak 
measured 
efficiency 
Velocity 
ratio 
Peak 
measured 
efficiency 
Velocity ratio Mean peak efficiency 
velocity ratio (using 
polynomial fit) 
A 72.50% 0.600 77.90% 0.616 0.584 
B 73.70% 0.621 79.20% 0.664 0.616 
C 74.80% 0.639 78.50% 0.649 0.607 
 
The actual peak efficiency value is not the only parameter of importance in the consideration of 
turbine performance but also the point at which it occurs. Considering the data in Table 8, which 
shows the peak efficiency and the corresponding velocity ratio for each nozzle at 26.9rps/√K 
and 43.0rps/√K, for the lower speed of 26.9rps/√K there is an increase of peak efficiency 
velocity ratio with increasing flow area. Nozzle A shows a peak velocity ratio of 0.600 up to 
Nozzle C which peaked at a velocity ratio of 0.639. The same trend is not seen for the higher 
speed of 43.0rps/√K. Although Nozzle A still shows the lowest peak efficiency velocity ratio of 
0.616, in this case Nozzle B exhibits the greatest peak velocity ratio value of 0.664, compared to 
Nozzle C which is 0.649.  However, it is worth noting the difficulty in determining the true peak 
efficiency velocity ratio; partly as a consequence of the discrete nature of the experimental data 
and also due to the flatness of the efficiency curve in this region. Nozzle B, for example, 
maintains a measured total to static efficiency of over 78% down to a velocity ratio of 0.58.  
In order to make a more consistent estimate of the peak efficiency velocity ratio for each nozzle 
a fourth order polynomial curve was fitted to each characteristic to describe turbine efficiency as 
a function of velocity ratio. These functions are shown plotted in Figure 71 and Figure 72. The 
peak efficiency velocity ratio was calculated by taking the first derivative of each polynomial 
function and calculating the intercept value. Using this method the peak efficiency velocity ratio 
was calculated as 0.598, 0.620 and 0.628 respectively for Nozzles A, B and C at 43.0rps/√K. This 
procedure was repeated for the first four speed lines and the mean value calculated for each 
nozzle. The mean peak efficiency velocity ratios were calculated as 0.584, 0.616 and 0.607 
respectively for Nozzles A, B and C. From this analysis there does not seem to be any clear 
relation between the peak efficiency velocity ratio and the nozzle flow area although it seems that 
Nozzle A peaks at a consistently lower velocity ratio than the other two nozzles.  
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In the higher power region of the efficiency characteristic (at velocity ratios lower than the peak 
efficiency point) the efficiency curves for the different turbines look to collapse onto one 
another. This is true for both the 43.0rps/√K case and the 26.9rps/√K case, see Figure 71 and 
Figure 72 respectively. At higher velocity ratios the efficiency characteristics seems to spread out 
slightly. In the 43.0rps/√K case Nozzle B maintains a higher efficiency as the velocity ratio 
increases, followed by Nozzle C and then Nozzle A which seems to show the narrowest 
efficiency curve. Almost the reverse trend is shown at 26.9rps/√K where Nozzle C shows the 
broadest efficiency curve at this speed and Nozzle B the narrowest. It is difficult to distinguish 
any trend in terms of nozzle area for the width of the efficiency curve from this data.  
4.3 UNEQUAL ADMISSION 
One of the key features of the turbine geometry in this study is the double entry scroll. The 
benefit of the double entry turbine relates primarily to its use in pulsating flows. The addition of 
an extra entry increases the complexity in testing such a turbine, even under steady state 
conditions, since controlling the ratio of mass through each limb adds an extra degree of 
freedom. Here the work of Copeland [7] was useful; he found that the effect of flow inequality 
was symmetric about the inner and outer scroll entries. This reduced the required data set by a 
half so that the flow control valve could be kept fully open for one limb and the flow varied on 
the other limb to achieve different levels of inequality. The results could be mirrored to obtain 
the unequal admission performance if the flow inequality were reversed. In this series of testing 
the outer limb control valve was kept fully open whilst the inner limb control valve was set to 
different levels of opening. Table 9 shows how many data points were taken for each different 
nozzle in both full and unequal admission; 
Table 9: Number of data points taken for three different nozzles 
Nozzle Full admission 
data points 
Unequal admission 
data points 
Total data 
points 
A 71 44 115 
B 98 191 289 
C 88 53 141 
 
As with the equal admission data only nozzles A and C were tested during the experimental 
phase for this thesis, the data for Nozzle B were taken from Copeland [7]. 
4.3.1 THE 3D OPERATING SPACE 
It is not just the testing of a multiple entry turbine which creates complexity compared to a single 
entry device but also in the representation of its performance. A dimensional analysis of the 
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parameters which control the performance of a single entry turbine in Section 3.6 showed that, 
given a number of reasonable assumptions, its performance can be characterised completely by 
four nondimensional or pseudo-nondimensional parameters. The operating point of the turbine 
can be determined from just two parameters, e.g. the specific speed and pressure ratio so that the 
performance of the turbine can be represented by just two plots; these could be mass flow 
parameter versus pressure ratio with lines of constant speed and efficiency versus pressure ratio 
with lines of constant speed. 
Presentation of the performance of a double entry turbine is not as straightforward as for a 
single entry turbine. The dimensional analysis of Section 3.6.1 showed that atleast six parameters 
would be required to describe the performance of a dual entry turbine and three different 
parameters are required in order to define the operating point. Although it would be possible to 
show the full operating characteristics of the turbine under full and unequal admission on a 
series of two-dimensional charts, this would require many plots and a large amount of paper 
space. Copeland et al [9] discussed this issue and went on to show that if the chart is extended to 
three spatial dimensions then the operating point of the turbine can be fixed on one plot and 
colour coded contour volumes used to present the variation of a fourth performance parameter 
within this space. In this manner the performance of the turbine, over the full range of equal and 
unequal operation, could be represented on just three plots. 
Copeland et al [9] chose as their three preferred parameters on which to base their three 
dimensional plot the expansion ratio across each limb on two of the axes with the velocity ratio 
on a third. They presented plots showing contours of turbine efficiency. Equivalent plots are  
shown here in Figure 73 and Figure 74 for the data collected for Nozzle C. Qualitatively it was 
found that Nozzles A and B produced very similar charts to these. The discrete blue markers on 
these charts show the experimental data points (including those that have been mirrored in 
unequal admission) over 50 unequal admission results were taken at three different speeds, 
corresponding to 26.9, 37.8 and 43.0rps/√K. This was equivalent to over 100 points when the 
data were mirrored. The extent of these data points marks the boundary of the three-
dimensional (3D) operating space covered by the turbine. The performance of the turbine could 
be found at any point within this operating space by interpolating between data points. Figure 73 
shows two slices made through this 3D space, one along the axis of equal admission (PRinner = 
PRouter) and a horizontal slice through a constant velocity ratio of 0.65, near to the peak efficiency 
point for this turbine. The contours show the total to static efficiency of the turbine. Figure 74 
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shows the same plot viewed directly down the Z-axis (the velocity ratio axis). This gives an aerial 
view of the plane at a velocity ratio of 0.65.  
 
 
Figure 73: 3 Dimensional efficiency map to include unequal admission performance for Nozzle C showing 
contours of total to static isentropic efficiency 
 
Figure 74: Slice through the three dimensional performance map of Nozzle C at a constant velocity ratio of 0.65 
Figure 73 shows several aspects of double entry turbine performance both in terms of turbine 
behaviour and also of the difficulty in characterising it. As expected the region of highest 
efficiency corresponds to an area along the equal admission axis (where PRinner=PRouter) at a 
Pressure ratio (inner) Pressure ratio (outer) 
Velocity ratio 
Pressure ratio (inner) 
Pressure ratio (outer) 
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velocity ratio of around 0.6. As you move from this region the efficiency is observed to decline 
in all three directions showing its dependence on the three parameters PRinner, PRouter and U/Cis.  
It is clear that the 3D approach of Figure 73 permits certain qualitative trends to be observed 
and, perhaps as importantly, offers an impression of the 3D operating envelope covered by a 
multiple entry turbine. However, this approach does suffer some drawbacks. A linear triangle 
based method was used to interpolate the turbine performance between the discrete data points. 
This obviously presents a limitation in terms of accuracy in interpolating between the data 
points. Although the current data set allows a qualitative representation of the turbine 
performance in unequal admission it is also apparent that the unequal admission data points are 
sparser than those in equal admission. To populate the unequal admission section of the map as 
densely as the equal admission data points would require a large experimental effort. Perhaps a 
greater limitation with a 3D plot such as this is that it is not possible to extrapolate beyond the 
boundaries of the experimental data. To address these shortcomings, the analysis must revert to 
2D plots.  
4.3.2 UNEQUAL ADMISSION EFFECT ON PERFORMANCE 
The overall effect of unequal admission was qualitatively similar for each different speed. Most 
of the analyses here will refer to a speed condition of 43.0rps/√K as this is the speed for which 
most of the unequal admission data were obtained.  
Figure 75 and Figure 76 show the observed efficiency trends for the turbine fitted with Nozzle C 
in both full and partial admission for speeds of 26.9 and 43.0rps/√K respectively. The partial 
admission data shows a significant efficiency penalty compared to the full admission data in both 
cases. It also shows a movement of the characteristic to the left. For the 26.9rps/√K 
characteristic (Figure 75) the partial admission efficiency peaks at a velocity ratio of around 0.5, 
this compares to the full admission data which peaks nearer to a velocity ratio of 0.639. In the 
case of 43.0rps/√K (Figure 76) the partial admission characteristic has still not reached the peak 
efficiency point at a velocity ratio of around 0.55 compared to a peak at 0.648 in the full 
admission case. It is worthwhile to note that the velocity ratio referred to here is the average 
velocity ratio as calculated by Equation 35. 
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Figure 75: Full admission and partial admission efficiency characteristic for Nozzle C at 26.9rps/√K 
 
Figure 76: Full admission and partial admission efficiency characteristic for Nozzle C at 43.0rps/√K 
The full and partial admission conditions, shown in Figure 75 and Figure 76, represent two 
extremes with varying conditions of unequal admission lying between the two. In order to 
compare the effect of different levels of inequality between the two limbs the efficiency ratio will 
be used. This was defined in Equation 36 and represents the ratio of turbine efficiency in 
unequal admission to the full admission efficiency for the same overall velocity ratio and speed 
parameter. In order to calculate the efficiency ratio requires knowledge of the full admission 
turbine efficiency for a given speed and velocity ratio. Therefore it was necessary to implement a 
turbine map extrapolation/interpolation. In this thesis the method of map extrapolation for full 
admission performance was based on that of Salim et al [68]. This method is based on the 
normalization of all data to the peak efficiency point. Details of this extrapolation can be found 
in Appendix E.  
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The effect of differing levels of unequal admission up to the partially admitted case on the 
turbine efficiency can be seen in Figure 77, this plot again shows only data for Nozzle C. The 
abscissa shows (1-MFR) (see Equation 34) so that flow inequality is increasing from left to right 
with a value of 1 being partial admission. The ordinate shows the efficiency ratio. Three data 
series are plotted, each one corresponding to a different value of velocity ratio. A downward 
trend in efficiency is clearly evident with increasing inequality between the two scroll entries. It is 
also apparent that the effect of flow inequality becomes increasingly severe as the velocity ratio is 
increased; the partial admission efficiency for a velocity ratio of 0.8 is over 50% lower than the 
full admission case, at a velocity ratio of 0.55 the drop in efficiency due to partial admission is 
only just over 20%. 
In the context of this thesis it is also pertinent to assess how the different nozzle geometries 
affect the performance of the turbine under unequal admission conditions. This is demonstrated 
in Figure 78. In this plot the axes are the same as for Figure 77 and the velocity ratio for all data 
was 0.65. It is clear from this plot that the different nozzle settings have little effect on the extent 
to which unequal admission affects the performance of the turbine, with all three nozzles 
showing a similar performance deficit with increasing unequal admission. In the previous section 
it was observed that the effect of the nozzle angle change between Nozzles A, B and C had only 
a very marginal effect on the degree of reaction and also very little effect on the peak efficiency 
for the turbine with each different nozzle fitted. It is therefore not surprising that the effect of 
flow inequality between each limb will also be similar for each nozzle. 
 
Figure 77: Effect of flow inequality on turbine efficiency for Nozzle C at 3 different velocity ratios 
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Figure 78: Effect of flow inequality on turbine efficiency for 3 different nozzle geometries at a velocity ratio of 0.65  
 
4.3.3 MAP EXTRAPOLATION FOR UNEQUAL ADMISSION 
The review of literature showed that the effect of unequal admission on the performance of a 
double entry turbine has already been extensively discussed [15, 30, 6, 7, 31]. However, efforts to 
predict the performance of the double entry turbine under unequal admission conditions are few 
and far between.  
The remainder of this chapter is largely based on a previous published paper by Newton et al. 
[13]1. This was the first real attempt, since the work of Wallace, Cave and Miles [31], at the 
prediction of unequal admission performance specifically of a double entry turbine including the 
effect on both the mass flow and the efficiency. 
4.3.4 EFFICIENCY PARAMETER 
The trends shown in Figure 77 and Figure 78 confirm the intuitive expectation that, during 
unequal admission, the interaction between the two limbs will disturb the flow-field within the 
turbine and likely lead to a decrease in efficiency. A discussion of the fluid dynamics of the 
partial admission condition is given in Chapter 6, in this section the interest lies principally in the 
overall effect on the efficiency ratio, as defined in Section 3.6.1.2. The simplest hypothesis is that 
this must be a function of the flow inequality between the two limbs, this is characterised by the 
mass flow ratio (Equation 34) or (as shown in Figure 77 and Figure 78), 1-MFR, which is 
bounded by 0 in full admission and 1 in partial admission.  
                                                 
1 In this paper Newton was lead author under the supervision of Martinez-Botas and Romagnoli. Experimental data 
taken from the work of Copeland [7] were used in the development of the correlations presented and Seiler was the 
industrial partner from ABB Turbo Systems, Switzerland 
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Recalling again Figure 77, it is evident that the turbine efficiency shows a strong correlation with 
the flow inequality however, it was also clear that the velocity ratio had a significant effect on the 
how much the flow inequality impacted the reduction in efficiency. Although some of this 
reduction in efficiency is due to fluid dynamic interactions, which will be discussed in Chapter 6, 
some of the observed trend can be explained by consideration of the full admission turbine 
performance. 
To demonstrate this effect the influence of unequal admission on the turbine flow field will be 
ignored and each entry treated as a separate turbine, completely detached from the other. Each 
turbine will have exactly half of the mass flow and the same efficiency characteristic as that of 
the original turbine under full admission. With this treatment it is straightforward to make a 
prediction of the unequal admission behaviour of the turbine by summation of the two 
imaginary turbines, calculating the overall performance of the turbine in exactly the same manner 
as Equation 34, Equation 35 and Equation 36 for the mass flow ratio, velocity ratio and 
efficiency ratio respectively (see Section 3.6.1).  
In order to predict the full admission turbine performance the map extrapolation method of 
Salim et al [68] was used again, details of which can be found in Appendix E.  
 
Figure 79: Figure showing the theoretical effect of unequal admission on efficiency if the two turbine entries are 
treated as separate turbines.  
Figure 79 shows how the performance of the overall turbine would deteriorate in increasing 
unequal admission if the two entries were to behave as separate turbines for a series of different 
average velocity ratios. A similar trend to Figure 77 is observed, firstly of a decreasing efficiency 
as the inequality is increased and secondly that the performance deficit is more marked when the 
average turbine loading is lower (higher velocity ratio). Inspection of the extreme, partial 
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admission condition can help to explain this. In the partial admission case, one half of the 
turbine is producing work, whilst the other half has work imparted upon it in order to drive the 
turbine wheel through the stagnant section of the volute. The work required for this will be 
primarily dissipated as an increase in entropy leading to an overall decrease in the isentropic 
efficiency of the turbine system. The amount of dissipation in the stagnant turbine half will 
largely be a function of the turbine speed and will not depend upon the turbine loading on the 
other half of the turbine. The effect on efficiency will therefore be much greater when the 
turbine is under a lower load since the dissipation in the stagnant half of the volute will be a 
higher proportion of the useful work produced in the other half of the turbine. In view of this 
simplified assessment of turbine performance under unequal admission it is clear that the 
efficiency ratio will also be dependent upon the turbine velocity ratio and the inequality of the 
flow between the two limbs.  
Following this analysis a conjecture is made that the efficiency ratio for a given condition of 
unequal admission will be a function of both the fluid dynamic interactions caused by unequal 
admission, characterised by the mass flow ratio, and also due to the degree of loading on the 
turbine, described by the average velocity ratio 
                
Equation 46 
By studying Figure 77 it is clear that the efficiency drops as the value of         increases 
and also that this drop is greater for a larger (
 
   
). A new dimensionless group can be formed by 
simply taking the product of these two terms. This can be called the efficiency parameter, EP. 
   (
 
   
)         
Equation 47 
When the efficiency ratio is plotted against this parameter a distinct relationship is formed, this is 
found to fit all data from different speed conditions and for all 3 different nozzles, as shown in 
Figure 80. This trend can be approximated by a function 
           
Equation 48 
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It is known that the function will pass through the point (0, 1). Therefore only one extra unequal 
admission data point may be required to determine a value for the constant, D, and fully define 
this function. In reality several more data points would be required in order to minimise 
uncertainty in the calculated value of D. The value of D found to fit the current data best was 
0.78. 
When this function is used to predict the overall isentropic efficiency of the turbine and 
compared to the measured experimental efficiency during unequal admission the mean error, 
across the whole experimental data set for all three nozzles, is 0.338 efficiency points with a 
standard deviation of 1.62 points. However, it should be remembered that the calculation of 
efficiency using this method relies upon both the map extrapolation for the full admission data, 
which will have some associated uncertainty, and also the prediction of efficiency ratio by 
Equation 48 and shown in Figure 80 which will also introduce uncertainty. All of these 
relationships are of course also subject to experimental uncertainty. 
 
Figure 80: Figure show all of the unequal admission data for all three nozzles for efficiency ratio plotted against 
efficiency parameter and the empirical trend line 
4.3.5 UNEQUAL ADMISSION MASS FLOW 
Aswell as the effect of unequal admission on the efficiency of the turbine it is also important to 
consider its effect on the mass flow through the turbine. Figure 81 illustrates the extent to which 
the swallowing capacity of each entry can be influenced by the flow in the other, this presents 
only data taken from Nozzle C at a speed of 43.0rps/√K. A very similar relationship was found 
for Nozzles A and B and at other speeds. In this figure the blue diamond shapes show the 
swallowing characteristic of one limb during equal admission. This exhibits a clear relationship 
with pressure ratio, as shown in the results for full admission in Section 4.1. The other data series 
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(green triangles and red squares) show the mass flow parameter calculated for each limb under at 
the same speed but under various degrees of unequal admission. In unequal admission the green 
triangle shapes represent the swallowing capacity of the entry which has the higher pressure ratio 
whilst the red squares show the mass flow parameter calculated for the entry with a lower pressure 
ratio. It is clear that the effect of unequal admission is to increase the swallowing capacity of the 
high pressure limb and reduce the swallowing capacity of the low pressure limb. It is also evident 
that the swallowing characteristics of the high pressure limb remain closer to the characteristics 
for one entry in equal admission than those for the low pressure limb, which are quite adversely 
affected during unequal admission. It was found that as the level of unequal admission was 
increased the mass flow characteristics moved further from the full admission characteristic, this 
led to a significant dispersion of the data which is evident in this figure. 
Several of the points for the low pressure limb are seen to sit on the abscissa of Figure 81. These 
show the partial admission points where there is no mass flow through the low pressure limb. A 
positive pressure ratio in this case is still seen due to the centrifugal head of the rotating turbine 
wheel and due to leakage from the higher pressure limb.  
 
Figure 81: Mass flow characteristics of the turbine under unequal admission, the full admission swallowing 
capacity of one turbine limb is compared to the swallowing capacity of each limb under unequal admission.  
In order to link the unequal admission mass flow to that measured in full admission it is first 
beneficial to think of the turbine as two nozzles in series i.e. the stator (including the volute and 
nozzle ring) and the rotor. In full admission the turbine acts as a single entry device and the 
treatment of this system is straightforward. Although the overall swallowing capacity of the 
turbine is determined by the throat areas of both of these nozzles in series, the expansion ratio 
across each nozzle will be set so that they will both pass the same mass (neglecting any small 
leakage which may occur between the nozzle and rotor). It is therefore only necessary to set the 
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pressure ratio across one of these nozzles (i.e. the stationary nozzle or the rotor) in order to 
determine the mass flow through the turbine. 
With this in mind the analysis can concentrate on the mass flow through the nozzle ring. From 
compressible flow theory the mass flow rate through an isentropic nozzle can be calculated as a 
function of nozzle throat area, inlet stagnation pressure and temperature, the static pressure at 
the nozzle throat, the ratio of specific heats and the gas constant. 
 ̇    
      
√   
{
  
   
[(
    
  
)
  ⁄
 (
    
  
)
      ⁄
]}
  ⁄
 
Equation 49 
Looking at this equation, the throat area for each different nozzle (A, B and C) is known and 
from the measured experimental data the inlet stagnation pressure and temperature are known 
upstream of the nozzle ring. The gas can be treated as ideal and so the gas constant and the ratio 
of specific heats can be taken as constants and are also therefore known. The mass flow rate is 
also known, this leaves the nozzle throat pressure as a single unknown. Although the pressure 
was measured in the interspace this was at a location downstream of the nozzle throat where the 
flow will have expanded further. Also the real flow would not be isentropic and so you would 
expect some pressure loss due to friction.  
For a given inlet condition it is thus possible to calculate the nozzle throat static pressure 
required to pass the measured mass flow if the flow were isentropic from the inlet to the volute 
to the nozzle throat. Figure 82 shows how the calculated nozzle throat pressure changes for a 
given inlet stagnation pressure in order to match the measured mass flow rate exactly using 
Equation 49 for Nozzle C for each of the five different speed lines. The nozzle throat pressure 
forms an almost linear relationship with the inlet stagnation pressure over this range. A linear 
trend line has been fitted to the data for 26.9rps/√K and 48.3rps/√K giving a coefficient of 
determination of 0.9986 and 0.9979 respectively, showing how closely the data follows a linear 
trend. 
155 
 
 
Figure 82: Variation of required static pressure at nozzle throat for an isentropic expansion in order to match the 
measured mass flow rate 
For each different speed line and on each of the different nozzle geometries a linear function 
was fitted to the experimental data points of the form 
                          
Equation 50 
Where M is the gradient of the linear trend and N represents the intercept value which was 
found to be strongly linked to the turbine speed. Using these empirically determined values of M 
and N it is thus possible to estimate the isentropic nozzle throat pressure for any given condition 
of inlet stagnation pressure and atmospheric pressure and hence the overall turbine mass flow 
rate can be found for full admission flow using Equation 49. Figure 83 shows the measured mass 
flow parameter (open blue circles) and the mass flow parameter predicted by this nozzle model 
(solid red circles) for Nozzle C at a speed of 43.0rps/√K. This process was repeated for all speed 
lines and for all three nozzles. The overall mean error using this method was around 2.3g/s on 
the predicted mass flow rate with a standard deviation of around 7.42g/s. This represents an 
acceptable uncertainty given that at the peak efficiency point at a speed of 43.0rps/√K the mass 
flow rate through even the most closed nozzle (Nozzle A) is over 400g/s. 
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Figure 83: Measured mass flow parameter against that predicted by a linear variation of throat pressure for an 
isentropic nozzle 
Although this method appears to give a satisfactory prediction of the turbine mass flow rate 
under full admission conditions there are other correlations which exist for this. The advantage 
of this model however comes from its physical basis when predicting the mass flow through the 
turbine under unequal admission.  
When the turbine is being driven by unequal admission conditions the two different entries to 
the scroll can be treated as separate nozzles. This is only true up to the exit of the nozzle ring 
where the flows from each limb exhaust into a common interspace area. From Equation 50 if 
both entries have different inlet stagnation pressures, then the predicted nozzle exit pressures 
will also be different. It is here that the flow from one sector of the volute will be able to 
influence that issuing from the other half of the volute. The simplest hypothesis is that the 
nozzle exit pressure for each half of the volute under unequal admission (either on the high 
pressure side         or the low pressure side        ) will be a weighted average of the nozzle 
exit pressure predicted for each side of volute under full admission conditions (designated either 
           for the high pressure limb or            for the low pressure limb) using Equation 
50 with the constants M and N determined from full admission data. The weighting can be 
determined by four influence coefficients,    ,    ,     and    .  
                                    
                                    
Equation 51 
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Where 
           And            
Equation 52 
    And     are the influence coefficients for the high pressure limb. In this case if      is equal 
to unity then      will be zero and the nozzle exit pressure from the high pressure limb will not 
be affected by unequal admission; as      decreases below unity and      becomes larger this 
signifies that unequal admission is having a greater effect on the flow through the high pressure 
limb.     And     are the influence factors for the low pressure limb, in this case if     gives a 
value of 1 then the low pressure limb will not be affected by unequal admission. By assuming 
that the predicted nozzle exit pressure will be affected in such a way it is thus possible to make a 
prediction of the mass flow rate through each limb for a given condition of unequal inlet 
pressure in each limb. This model was calibrated against the unequal admission data measured 
on the test facility. The optimal weighting coefficients for each nozzle are shown in Table 10; 
Table 10: Influence parameters determined empirically for the influence of each entry on mass flow rate during 
unequal admission 
Nozzle                 
A 0.35 0.65 0.75 0.25 
B 0.2 0.8 0.9 0.1 
C 0.2 0.8 0.91 0.09 
 
These values were found to lead to good agreement with the measured unequal admission data. 
Figure 84 and Figure 85 show the agreement for Nozzle C for the low pressure and high 
pressure limbs respectively. The partial admission data have been marked by solid green circles 
on Figure 85. Using this method the overall mean error in the prediction of mass flow rate for 
each inlet was 4.5g/s over all three nozzles, the standard deviation was 11.3g/s.  
Inspection of these weighting coefficients allows a discussion of the degree to which the nozzle 
geometry is affected by unequal admission. For Nozzles B and C the different coefficients are all 
of very similar value suggesting that unequal admission has a similar effect in each case. The 
coefficients for Nozzle A on the other hand are quite different. In this case all of the coefficients 
are much closer to a value of 0.5. This shows a stronger interaction between the two different 
volute entries. Therefore, in terms of mass flow rate, the two different turbine entries will 
perform more like two separate turbines for Nozzles B and C compared to Nozzle A. 
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Wallace, Cave and Miles [31] make a similar assumption of a common interspace pressure in 
their theoretical model of the flow in a double entry turbine. In their model they base the 
calculation of the common nozzle exit pressure on the continuity of mass between the nozzle 
and the rotor. This is, however, based upon the full admission characteristics of the rotor wheel. 
Even if the interspace pressure is the same over the whole interspace volume the velocity of the 
flow issuing from each of the nozzles will certainly not be the same from each inlet so the rotor 
could see a significantly changing distribution of velocity as it rotates between the two inlets, 
different to the full admission case. The current model relies more heavily on empirical data but 
appears to give better results. 
 
Figure 84: Comparison of predicted and measured mass flow rate through the low pressure limb during unequal 
admission for Nozzle C 
 
Figure 85: Comparison of predicted and measured mass flow rate through the high pressure limb during unequal 
admission for Nozzle C 
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4.3.6 STRUCTURED PROCESS FOR PREDICTION OF UNEQUAL ADMISSION 
PERFORMANCE 
Sections 4.3.3 to 4.3.5 have developed empirical relationships to correlate both the efficiency and 
mass flow rate of the double entry turbine during unequal admission to the equal admission 
performance, which can be obtained much more readily. These relationships require several 
constants which must be obtained empirically. However, once these have been determined it is 
possible to estimate the full performance of the turbine for any condition of unequal admission 
by combining these relationships.  Figure 86 shows a flow chart outlining the process to 
determine the turbine performance from a set of given input parameters using the relationships 
developed in the previous sections. 
 
Figure 86: Overview of process for determination of unequal admission performance with prior knowledge of the 
equal admission maps and determination of the relevant empirical constants 
4.4 SUMMARY 
This section presented the steady state results measured for the TURBINE-IC double entry 
turbine with three different nozzles fitted. The results in full admission showed the expected 
behaviour of a mixed flow turbine for each of the different nozzles. The peak recorded 
efficiencies were 78.3%, 79.6% and 79.7% respectively for Nozzle A, B and C. At lower speed 
(26.9rps/√K) the peak efficiencies for each of the different nozzles showed a greater spread with 
Nozzle C showing the greatest efficiency of 74.8%, followed by Nozzle B at 73.7% and then 
Input parameters P01 inner, Po1 outer, T01 inner, T01 outer, Pexit, N 
Having established constants M and N (Eq. 50) and ζ and ξ (Eq. 52) for each limb empirically it is possible to 
calculate an isentropic nozzle throat pressure for each turbine entry from Equation 51 
Use Equation 49 to calculate the quasi-steady mass flow through each turbine entry and hence the mass flow 
ratio (MFR)  and  the overall velocity ratio (U/Cis) for the turbine, the isentropic power can also be calculated 
Use the full admission map to determine the equivalent full admission efficiency for the given velocity ratio 
Having determined the constant D (Eq. 48) experimentally use Equations 49 and 37 to calculate the 
efficiency of the turbine accounting for flow inequality between the limbs 
Having calculated the isentropic power available to the turbine and the turbine efficiency it is possible to 
calculte the actual shaft power delivered by the turbine and, knowing the turbine speed, it is also possible to 
calculate the turbine torque 
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Nozzle A at 72.5%. It was suggested that this spread may be due to the exit conditions from the 
turbine wheel. Nozzle A was found to have a lower reaction than Nozzle C however, the 
difference diminished with increasing mass flow rate. 
When the turbine was tested under unequal admission the performance of the turbine was 
affected in both mass flow and efficiency. For a given overall velocity ratio the efficiency of the 
turbine declines as the inequality between the two limbs increases. Efficiency drops upwards of 
50% were found for the partial admission case (where one limb is not passing any mass). 
However, this decline was found to be a function of the velocity ratio with a more highly loaded 
turbine (lower velocity ratio) being less affected by unequal admission than a lightly loaded 
turbine. The impact of flow inequality on the turbine efficiency was not affected by the different 
nozzle geometries.  
The mass flow rate through each of the turbine entries was also found to be a function of the 
flow inequality. Comparing to the full admission characteristics of the turbine the limb under a 
higher inlet stagnation pressure would always pass more mass than for the same pressure ratio 
and speed under full admission conditions and the low pressure entry would always pass less. 
The impact of flow inequality on the turbine performance was considered in relation to the full 
admission performance of the turbine and relationships were developed to form a link between 
the two. This culminated in the definition of a structured process to determine the performance 
of the turbine under unequal admission conditions from the full admission maps and five 
different constants determined empirically from unequal admission data. This method was based 
on a publication by Newton et al. [13], which was carried out as part of the work in this thesis. 
This is the first method to be presented which attempts to quantify the full performance of a 
double entry turbine since Wallace, Cave and Miles [31] who only saw limited success with their 
computer algorithm. 
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5 PULSATING FLOW – EXPERIMENTAL RESULTS AND 
ANALYSIS 
 
Testing for all three different nozzles was carried out under pulsating flow conditions. It is not 
sufficient, however, to classify a flow as simply pulsating or steady but there are many other 
independent variables which define the quality of the pulsating flow e.g. pulse shape, pulse 
amplitude, frequency etc. This epitomises the main problem of characterising the unsteady 
behaviour of a turbine.  Because of the large number of independent variables under pulsating 
flow a number of these were fixed. All unsteady tests were carried out at a cycle averaged speed 
of 43.0rps/√K, which was equivalent to around 46,000rpm at a temperature of 50°C.  
The pulsations were limited to three different frequency values based on the number of turbine 
revolutions per pulse. The pulse frequency was set to give 10, 15 and 20 turbine revolutions per 
pulse, for the given turbine speed this was equivalent to 77Hz, 52Hz and 38Hz pulsations 
respectively. Testing was carried out for both in and out of phase pulsations and the same 
chopper plates were used for all experiments to maintain a common pulse shape, the chopper 
plate profile was discussed in Section 3.1.1. 
Table 11 shows a matrix of the unsteady results taken for the evaluation of the unsteady 
performance of the turbine in this thesis. The turbine loading was set so that the isentropic 
power weighted cycle averaged velocity ratio (see Equation 45) was nominally 0.65 in each case, 
this being near to the steady state peak efficiency point for each nozzle. On top of these results 
further pulsating tests were carried out for Nozzle A at a pulse frequency of 52Hz at different 
cycle averaged velocity ratios ranging from 0.62 to 0.814 for in phase pulsations and from 0.62 to 
0.68 for out of phase pulsations. The cycle averaged velocity ratio was adjusted by changing the 
dynamometer gap on a trial and error basis. The gap setting was different for each nozzle in 
order to achieve the same cycle averaged velocity ratio.  
Table 11: Table showing the cycle average velocity ratios for the unsteady experimental data points taken for each 
different nozzle 
 In   phase Out of phase 
Nozzle 38Hz 52Hz 77Hz 38Hz 52Hz 77Hz 
A 0.635 0.620 to 
0.814 
0.643 0.643 0.620 to 
0.680 
0.631 
B 0.644 0.640 0.647 0.641 0.642 0.652 
C 0.662 0.652 0.650 0.646 0.649 0.654 
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5.1 CYCLE AVERAGED PERFORMANCE 
The primary concern for a turbocharger in a real world application is its average performance 
under pulsating conditions. Section 3.7.2 showed that in this thesis averaging has been carried 
out on a basis of weighting by the instantaneous isentropic power. With this clarification it is 
possible present the averaged performance of the turbine under pulsating flow conditions which 
can be compared to the performance of the turbine under steady operating conditions.  
Figure 87 and Figure 88 show the cycle averaged performance of Nozzle A under a 52Hz 
pulsating flow, for both in and out of phase pulsations, plotted against the steady state 
performance of the turbine for a speed of 43.0 rps/√K. They show the mass flow characteristics 
and efficiency characteristics respectively. The average performance of the turbine is clearly 
affected by the pulsating flow however the trends are similar to the steady operation of the 
turbine for both mass flow parameter and efficiency.  
The mass flow parameter under pulsating flow tends to sit above the steady state line, showing 
that under pulsating flow the turbine is able to accept more mass for a given average pressure 
ratio. The opposite trend is true of efficiency where, for a given average velocity ratio, the 
pulsating flow leads to a lower overall operating efficiency of the turbine compared to the steady 
state conditions.  
 
Figure 87: Comparison of cycle averaged mass flow characteristics under a 52Hz pulsating flow and the steady 
state characteristics for Nozzle A 
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Figure 88: Comparison of cycle averaged efficiency characteristics under a 52Hz pulsating flow and the steady 
state characteristics for Nozzle A 
Although these results show a definite effect of pulsating flow on the performance of the 
turbine, it is of somewhat more interest to address how the nozzle angle and pulse frequency 
affect the turbine performance. Figure 89 and Figure 90 show the cycle averaged efficiency of 
the turbine for each nozzle at different pulse frequencies for in and out of phase pulsations 
respectively. It is found that the performance of the rotor under in phase pulsations (Figure 89) 
is generally better than that during out of phase pulsations (Figure 90). During out of phase 
operation the turbine will spend the majority of time in unequal admission as the pulses in each 
sector of the volute will reach the wheel at different times. Unequal admission will cause a 
reduction in turbine performance; therefore it is unsurprising that out of phase pulsations should 
cause a reduction in the cycle averaged efficiency.  
Aside from the difference between the performance of the turbine during in and out of phase 
pulsations there are other trends on these charts which are quite clearly depicted. In all cases, i.e. 
for all different nozzles both in and out of phase, there is an increase in turbine performance 
from the 52Hz pulsation to the 77Hz pulsation. All of the different nozzles during in-phase 
pulsating flow also saw an increase in efficiency when the pulse frequency was decreased from 
52Hz to 38Hz. This was also shown by Nozzle C under out of phase pulsations.  
What is shown much more clearly in Figure 89 and Figure 90 is the effect of nozzle angle on the 
performance of the turbine. The overall pattern suggests that, under these conditions the most 
open nozzle with the highest reaction (Nozzle C) will perform the best and the most closed 
nozzle with the lowest reaction (Nozzle A) will perform worst. This pattern is followed in all 
cases except for out of phase pulsating flow at a frequency of 77Hz where Nozzle A out 
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performs Nozzle B. The difference in performance between the different nozzles reduces as the 
pulse frequency is increased. At 38Hz during in phase admission the difference in cycle average 
efficiency between Nozzle A and Nozzle C is 3.17 efficiency points, for out of phase pulsations 
this is 4.34 points. By 77Hz this gap has dropped to 1.2 points for in phase admission, the gap 
between Nozzle B and C is 1.29 points in out of phase admission. 
 
Figure 89: Comparison of cycle averaged efficiency for 3 different nozzles at three different pulse frequencies during 
in phase pulsations 
 
Figure 90: Comparison of cycle averaged efficiency for 3 different nozzles at three different pulse frequencies during 
out of phase pulsations 
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5.2 INSTANTANEOUS TURBINE PERFORMANCE  
5.2.1 POWER 
In looking at the time resolved performance of the turbine throughout a pulse cycle only a select 
number of cases will be compared.  This will be limited to cases at 52Hz pulsating flow at a 
velocity ratio near to 0.65, the relevant cases are shown in red on Table 12. Figures showing the 
instantaneous isentropic and actual power traces during pulsed flow for 38Hz and 77Hz are 
given in Appendix F. 
Table 12: Cycle average velocity ratios for different nozzles at different pulse frequencies, the cases being discussed 
are shown in red 
 In   phase Out of phase 
Nozzle 38Hz 52Hz 77Hz 38Hz 52Hz 77Hz 
A 0.635 0.640 0.643 0.643 0.644 0.631 
B 0.644 0.640 0.647 0.641 0.642 0.652 
C 0.662 0.652 0.650 0.646 0.649 0.654 
 
Figure 91 shows the instantaneous isentropic power recorded for each nozzle during 52Hz in 
phase pulsating flow. On this plot the abscissa shows the chopper plate phase angle from 0-360° 
which is directly proportional to the time period over the whole pulse. It is also worth noting 
that the data in these plots has been phase shifted as described in Section 3.7.1.  
Since the turbine loading has been adjusted so that all of the cases were operating at 
approximately the same overall velocity ratio it is unsurprising that Nozzle C allows the greatest 
isentropic power into the turbine and Nozzle A the least from the difference in swallowing 
capacity of the different nozzles. This can be seen in the peak values of Figure 91. For Nozzle A 
this comes at 47.9kW, for Nozzle B the peak is at 50.9kW, an increase of 6.3%. For Nozzle C 
the peak is at 55.6kW, this is 16.1% greater than for Nozzle A. Table 13 shows the cycle 
averaged isentropic and actual power for the turbine with the different nozzles fitted. In this case 
the average isentropic power entering the turbine with Nozzle A was 20.3kW, Nozzle B showed 
an increase of about 2.5% to 20.8kW, Nozzle C showed a much greater increase of around 
14.9% over Nozzle A to 23.3kW.  
Figure 92 shows the traces of the actual power produced by the turbine during unsteady 
operation at 52Hz. Looking first at the second half of this figure, from 180 to 360 degrees of 
chopper rotation, all three of the different nozzles show very similar traces, especially near to the 
secondary peak at around 270 degrees, albeit with slightly different phasing. A much greater 
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difference is seen between the different nozzles in the first 90 degrees of chopper rotation, 
around the main peak. This region of the chart is of greater importance however, as it is where 
the greatest proportion of the shaft power is generated. The instantaneous shaft power can be 
integrated over each 90 degrees of chopper rotation to find the division of the overall shaft 
energy generated by the turbine over a whole pulse cycle. Using this method and taking Nozzle 
C as an example it was calculated that around 42% of the shaft energy generated by the turbine 
was within the first 90 degrees of chopper rotation, around 35% between 90 and 180 degrees 
and just 14% and 9% in the last two quarters of the chopper rotation. 
The peak actual power generated with Nozzle A was 34.5kW, for Nozzle B this was 37.6kW 
which is an increase of 9.2%. For Nozzle C the peak is at 43.0kW, which is 24.8% greater than 
for Nozzle A. Table 13 shows that the average shaft power generated with Nozzle A was 
14.7kW, for Nozzle B this was 15.3kW, an increase of 4.3% and for Nozzle C, 17.6kW, an 
increase of 19.8% over Nozzle A. Although Nozzle C requires a much greater isentropic power 
to operate at the same velocity ratio as the other two lower reaction nozzles the increase in actual 
power produced by the turbine is even greater, leading to the better overall operating efficiency 
seen in Figure 89 and Figure 90. 
The greatest difference between the traces of isentropic and shaft power between the different 
nozzles looks to be in the region of the peak, where the isentropic power and consequently the 
pressure ratio and mass flow will be greatest. The difference suggests that Nozzle C performs 
more efficiently than the other two nozzles in this region. This can be discussed in the context of 
the steady state performance of the turbine by looking at the change of velocity ratio throughout 
the pulse cycle. This is shown in Figure 93 which shows the velocity ratio variation throughout a 
52Hz pulse cycle for each of the nozzles. In this plot each of the different nozzles shows a 
similar minimum value, for Nozzle A the minimum is 0.536, for Nozzle B 0.528 and for Nozzle 
C 0.535. Judging from the full admission, steady state results, Figure 71 showed that all three 
nozzles have very similar efficiency characteristics under steady state operating conditions at this 
speed, especially in the region of lower velocity ratio. In this case it is expected that the turbine 
will perform similarly, in terms of efficiency, for each of the different nozzles in this high power, 
low velocity ratio region. However, Nozzle C is clearly superior to the other two nozzles. 
Therefore the fluid dynamics inside the turbine stage, between the volute inlet and the exit of the 
turbine, must be different under pulsating flow conditions compared to steady conditions in 
order to allow Nozzle C to perform better than the other two nozzles in this region. The effect 
of unsteadiness is discussed further in Section 5.5. 
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Figure 91: Comparison of isentropic power at the measurement plane throughout a 52Hz in phase pulse cycle for 
three different nozzles 
 
Figure 92: Comparison of actual power at the turbine wheel throughout a 52Hz in phase pulse cycle for three 
different nozzles 
 
Figure 93: Time resolved velocity ratio for Nozzles A, B and C throughout a 52Hz in-phase pulsating flow 
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Figure 94 and Figure 95 show traces of the isentropic and actual power produced by the turbine 
under out of phase pulsating flow. Looking initially at the traces of isentropic power for each 
nozzle (see Figure 94) Nozzle C again clearly admits the greatest average isentropic power to the 
turbine. From Table 13, the average isentropic power admitted to the turbine through Nozzle A 
was 20.6kW, Nozzle B allowed 3.1% more isentropic power overall, with an average of 21.2kW, 
Nozzle C averaged 23.5kW, an increase of 13.9% over Nozzle A. 
As with the in phase pulsations the actual power traces produced from the shaft work of the 
turbine look a lot smoother than the traces of isentropic power, with fewer peaks or inflection 
points. Again Nozzle C demonstrates a substantial increase in shaft power production over the 
other two nozzles, even greater than the increase in isentropic power showing a better overall 
performance for this nozzle. Nozzle A produces a cycle averaged shaft power of 14.7kW, Nozzle 
B produces 15.3kW, an increase of 3.9%, whereas Nozzle C produces 17.2kW, a 17.0% increase 
over Nozzle A. 
 
Figure 94: Comparison of isentropic power at the measurement plane throughout a 52Hz out of phase pulse cycle 
for three different nozzles 
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Figure 95: Comparison of actual power at the turbine wheel throughout a 52Hz out of phase pulse cycle for three 
different nozzles 
Table 13: Cycle averaged measured power for each nozzle during 52Hz in- and out of phase pulsations at a 
velocity ratio of nominally 0.65 
 52 Hz In phase 52Hz Out of phase 
Nozzle Wactual (W) Wisentropic (W) Wactual (W) Wisentropic (W) 
A 14700 20298 14721 20613 
B 15335 20805 15293 21256 
C 17608 23330 17218 23480 
 
5.2.2 SWALLOWING CHARACTERISTICS 
Figure 96 to Figure 98 show the instantaneous mass flow characteristics measured for Nozzle B 
during in phase pulsations for 38, 52 and 77Hz respectively. These are plotted on top of the 
steady state full admission mass flow characteristics for one limb with the same nozzle fitted. 
From these plots it is clear to see the deviation of the turbine performance from that of steady 
state operation. Figure 96 shows the instantaneous mass flow characteristic of the turbine at 
38Hz. The unsteady performance forms a loop around the steady state curve. To start with that 
of the inner limb, the unsteady loop follows the clockwise direction, starting from the far left at 
the minimum pressure ratio of 1.40. It is seen that from the initial position, as the pressure 
increases the mass flow parameter also increases far above that of the steady performance curve.  
Initially before the opening of the chopper plate the inner limb will be in an “empty” state, since 
this follows from a latent period where the pulse generator is not feeding any gas to the turbine. 
As the flow begins to pass through the pulse generator it is moving into the volume of the volute 
and upstream pipe-work, which is at a relatively low pressure. Because of this the mass flow into 
the volute is acting to pressurise this volume as well as feeding mass to the turbine wheel, 
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therefore we see a much greater mass flow than would be expected for the steady operation of 
the turbine due to this mass storage effect. The inner limb mass flow parameter continues to 
increase to a maximum value of 2.6510-5 kg√K/Pa.s at a pressure ratio of around 1.956. Beyond 
this point however, the mass flow into the volute declines whilst the pressure ratio continues to 
increase to a value of 2.44. It is clear from the figure that, although the mass flow then starts to 
decline, this is still above the steady state mass flow for a given pressure suggesting that the 
process of mass storage is still continuing.  
The fact that the pressure continues to increase means that a compression wave is moving past 
the measurement plane. If this compression wave were travelling in the positive direction (with 
the flow of gas, towards the rotor wheel) then this would lead to an increase of fluid velocity as 
evident from 1D compressible flow theory [69]. This is precisely the opposite of what we 
observe from the instantaneous mass flow characteristic of Figure 96, with the mass flow 
parameter dropping as the pressure ratio continues to rise. This suggests that at the peak of the 
measured pressure ratio, some component of this measured pressure wave is moving in the 
negative direction, against the flow of gas. This is likely to be the reflection of the leading edge of 
the pressure wave from the nozzle ring, upstream of the measurement plane.  
As the pressure begins to decline the locus of the unsteady mass flow parameter drops below 
that of the steady state full admission curve. This is the so-called emptying phase of the cycle 
where the mass flowing into the volute is less than that flowing out through the turbine, resulting 
in an emptying of mass from this volume. The fact that the pressure ratio is dropping at the 
same time as a decreasing mass flow suggests the movement of an expansion wave in the 
direction of flow, this is the trailing half of the initial wave from the pulse generator. All the time 
however, the flow through the turbine is trying to return to the steady state characteristic. As the 
pressure continues to drop the mass flow parameter can be seen to reach a minimum at around 
1.81310-5 kg√K/Pa.s, at a pressure ratio of 2.065. The pressure beyond this point continues to 
drop but the mass flow parameter comes back up to meet the steady state curve at a pressure 
ratio of around 1.714. The fact that there is now an increase in mass flow as the pressure is 
dropping shows the movement of an expansion wave in the opposite direction to the travel of 
the gas. This is likely to be the reflection of the trailing half of the initial pulse from the nozzle 
ring. As the mass empties from the volute, more mass is allowed to flow in from the upstream 
pipework until the point where the mass of gas within the volute matches that which would be in 
the volute under steady operation for a given pressure ratio. From here, as the pressure 
continues to drop, the unsteady locus follows very closely to the steady mass flow characteristic. 
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The equivalent unsteady characteristic for the outer limb follows a very similar pattern to that of 
the inner limb, albeit with a few differences. Initially both limbs follow a very similar rate of mass 
increase with pressure ratio. The mass flow rate into the outer limb reaches a peak at 3.0210-5 
kg√K/Pa.s, this is about 14% greater than the maximum mass flow parameter recorded for the 
inner limb, this occurs at a pressure ratio of 2.150. At this point the pressure in the outer limb 
continues to rise to reach a maximum pressure ratio of 2.380. This is slightly below the 
maximum of the inner limb. The decreasing mass flow as the pressure continues to increase to 
its peak value shows the same behaviour as the inner limb, again suggesting the movement of a 
compression wave against the direction of travel of the gas. The fact that the mass flow rate into 
the outer limb is allowed to reach a higher level than for the inner limb highlights one of the key 
differences between the inner and outer limbs during pulsed operation; namely that the outer 
limb has a much greater length than that of the inner limb. Because of this it takes longer for the 
leading edge (compression part) of the initial pulse to travel from the volute inlet to the nozzle 
ring and then reflect back again. This extra time allows the mass flow into the outer limb to 
reach a slightly higher level than for the inner limb.  
Looking now at Figure 97, which shows the unsteady performance curves for the 52Hz pulsating 
case with the steady characteristic in the background, the curves in this case again follow in the 
clockwise direction and in many respects follow a similar orbit to those of the 38Hz case. 
Starting from the left hand side, both the inner and outer loci can be seen to initially increase 
above the steady state characteristic showing mass storage and again both the inner and outer 
limb characteristics can be seen to reach a maximum mass flow rate before reaching the peak 
pressure showing evidence of pressure wave reflection. After attaining the peak pressure the 
unsteady curves then fall below the steady characteristic, signifying the emptying of mass from 
the volute. Again, like the 38Hz case the mass flow parameter in each limb reaches a minimum 
value before rising again to move closer to the steady state curve; it is here that we begin to see 
qualitative differences with the 38Hz case. In both cases, the inner and outer volute entries, the 
instantaneous mass flow characteristic follows a secondary loop within the main loop and then a 
tertiary loop outside. This shows evidence of secondary peaks in both the pressure and mass 
flow parameter traces indicating more influence of wave action within the volute. However, 
these secondary loops occur primarily at the low pressure and low massflow region of the map 
suggesting that they have little importance. The main characteristic hysteresis loop around the 
steady curve is dominated by the filling and emptying characteristics of the volute volume due to 
the primary pulse as in the 38Hz case. 
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Unlike for the 38Hz pulsation in Figure 96 the 52Hz case does not seem to have a period where 
the unsteady operating loci clearly follow the steady operating curve for the turbine. On the inner 
limb there is a small section between the two secondary loops which does seem to follow quite 
closely to the steady state curve however, this is not as well defined as in Figure 96. This shows 
that under a 52Hz pulsation the flow in the inner limb only just has enough time to empty 
enough to return to the steady operating line before the next pressure pulse is received, initiating 
the filling process in the volute again. The outer limb, which holds a larger volume of gas, does 
not look to be able to empty within this time period in order to return to the steady operating 
curve. 
 
 
Figure 96: Instantaneous mass flow parameter for inner and outer limbs throughout a pulse cycle compared to the 
steady state characteristics during a 38Hz in phase pulsation for Nozzle B 
  
Figure 97: Instantaneous mass flow parameter for inner and outer limbs throughout a pulse cycle compared to the 
steady state characteristics during a 52Hz in phase pulsation for Nozzle B 
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Figure 98: Instantaneous mass flow parameter for inner and outer limbs throughout a pulse cycle compared to the 
steady state characteristics during a 77Hz in phase pulsation for Nozzle B 
Moving to Figure 98 which shows the 77Hz operating orbit for Nozzle B, this again shows 
similar qualitative characteristics to Figure 96 and Figure 97. Starting again from the left hand 
side of the operating loop and following in the clockwise direction, both the inner and outer 
limbs show evidence of mass accumulation as the pressure pulse reaches the volute and the 
pressure starts to rise. From here the inner limb follows a similar shape to Figure 96 and Figure 
97, reaching a peak mass flow parameter of 2.71310-5 kg√K/Pa.s at a pressure ratio of 2.061, 
which are similar to the values shown under the 38Hz pulsation. Following this peak in massflow 
the pressure ratio continues to rise to a peak of 2.243, again showing evidence of the reflection 
of the compression wave from the nozzle ring. The operating orbit for the outer limb follows a 
noticeably different shape; in this case the operating curve reaches a peak in mass flow parameter 
and pressure ratio at the same point, 2.98010-5 kg√K/Pa.s and 2.102 respectively. This shows 
that the initial pulse has time to pass the measurement plane before the front of the wave is 
reflected back. From this point it can be seen that the rate of decrease in pressure ratio slows as 
the mass flow parameter drops substantially. This is likely to be due to the reflection of the 
compression wave. The contrast between the inner and outer volute entries in this case 
demonstrates the effect that changing these geometrical details can have during unsteady 
operation. 
It seems that this timescale limitation for the 77Hz case leads to a reduction in the width of the 
operating orbit in terms of pressure ratio. Table 14 shows the maximum and minimum measured 
pressure ratios during unsteady testing at the three different frequencies, 38, 52 and 77Hz for 
Nozzle B. Looking first at the values for the outer limb (right hand side of the table) there is a 
clear trend that the difference between the maximum and minimum values decreases as the pulse 
frequency increases. For the inner limb the 38Hz and 52Hz cases show a similar range of 
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pressure ratios however, the 77Hz case again shows a definite drop in the magnitude of the 
pressure pulse from the difference in the maximum and minimum values. It also seems that the 
pressure pulse magnitude for the inner limb is consistently greater than for the outer limb. 
Table 14: Maximum and minimum instantaneous pressure ratios recorded for Nozzle B at different pulse 
frequencies 
Frequency 
(Hz)  
Min PR 
(inner) 
Max PR 
(inner) 
Max – Min 
(inner) 
Min PR 
(outer) 
Max PR 
(outer) 
Max – Min 
(outer) 
38.5 1.398 2.438 1.040 1.429 2.380 0.951 
51.8 1.436 2.466 1.030 1.459 2.290 0.831 
77.5 1.491 2.243 0.752 1.483 2.101 0.618 
 
5.2.3 SWALLOWING CHARACTERISTICS OF THE 3 NOZZLES 
5.2.3.1 Mass flow characteristics 
In order to compare the three different nozzles under pulsating flow the range of comparison 
will be limited again to the 52Hz case with the same cases highlighted in Table 12. The 
instantaneous mass flow characteristics for the 38Hz and 77Hz cases can be found in Appendix 
F. Figure 99 and Figure 100 show the instantaneous mass flow characteristics for the three 
different nozzles during out of phase pulsating flow for the inner and outer limbs whilst Figure 
101 and Figure 102 show the characteristics during in phase pulsations. What is immediately 
obvious looking at all of these plots is that for each different nozzle the main features of the 
hysteresis loop, describing the pulsating performance of the turbine, are very similar, showing 
that the pressure wave action and the effects of filling and emptying are similar for each of the 
different nozzles. This is different to the findings of Rajoo and Martinez-Botas [29] who found a 
variation is the shape of the hysteresis loop as the nozzle angle was changed. They did however 
test a much greater range of nozzle angle.  
From these figures it is also clear that the greatest mass flow is allowed into Nozzle C whilst 
Nozzle A passes the least mass. This leads to a movement of the mass flow curve upward in all 
cases as the nozzle area is increased, in the same manner as for steady state operation. There also 
seems to be a movement to the left for the minimum pressure recorded, this again is true for all 
cases. This can be seen in all of the cases presented and is a direct consequence of the different 
mass swallowing capabilities of the different nozzles. In the previous section it was shown that 
after the initial filling and emptying periods, which form the main hysteresis loop, the operating 
point would move back towards the steady operating line as the volute emptied. Since the 
volume of the volute and pipework is the same for each nozzle, this means that for a given 
pressure, the mass contained inside this volume will be nearly the same in each case. Since 
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Nozzle C has the largest throat area it will be able to empty the greatest amount of mass from 
the volute at this point and so affect the greatest de-pressurisation of this volume before the next 
pressure pulse is received. This can also be seen in Table 15 which shows the minimum and 
maximum pressure ratios measured for each nozzle during in phase pulsating flow at 52Hz. 
On top of the effect of changing the nozzle, the effect of pulse phasing can also be discussed. 
The main hysteresis loop formed due to the filling and emptying of the volute volume remains 
similar between in and out of phase in most qualitative aspects, a clear difference between the 
two comes towards the low pressure and low mass flow region of the loop. For the out of phase 
pulsating cases (Figure 99 and Figure 100) there seems to be a second opening of the main loop 
in this region where during in-phase pulsations the unsteady operating curve would sit near to 
the steady mass flow curve (Figure 101 and Figure 102). Although this effect may be relatively 
small it does demonstrate that there is an interaction between the two limbs during pulsating 
flow. 
 
Figure 99: Instantaneous mass flow characteristics for the outer limb for 3 different nozzles under a 52Hz out of 
phase pulsation 
 
Figure 100: Instantaneous mass flow characteristics for the inner limb for 3 different nozzles under a 52Hz out of 
phase pulsation 
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Figure 101: Instantaneous mass flow characteristics for the outer limb for 3 different nozzles under a 52Hz in 
phase pulsation 
 
Figure 102: Instantaneous mass flow characteristics for the inner limb for 3 different nozzles under a 52Hz in 
phase pulsation 
Table 15: Maximum and minimum pressure ratios recorded for each nozzle during a 52Hz in phase pulsating 
flow 
Nozzle Min PR 
(inner) 
Max PR 
(inner) 
ΔPR 
(inner) 
Min PR 
(outer) 
Max PR 
(outer) 
ΔPR 
(outer) 
A 1.502 2.478 0.976 1.520 2.307 0.787 
B 1.436 2.467 1.030 1.460 2.290 0.831 
C 1.408 2.521 1.113 1.442 2.379 0.937 
 
5.3 UNCERTAINTY ANALYSIS 
Calculation of the uncertainty in the various parameters presented for the unsteady data was 
carried out using the root sum square method (see Equation 7), in the same manner as for the 
uncertainty in the steady state data. The uncertainty in the individual variables was discussed in 
Chapter 3. Figure 103, Figure 104 and Figure 105 show traces of isentropic power, actual power 
and mass flow parameter for Nozzle B under a 52Hz out of phase pulsation with uncertainty 
bands. The degree of uncertainty on all the different cases was found to be similar to this. 
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Looking first at Figure 103 the average uncertainty for the isentropic power entering the inner 
limb is ±681W compared to ±674W in the outer limb. This corresponds to about 6% of the 
average isentropic power entering each limb. The peak uncertainty for the inner limb is ±1172W, 
whilst for the outer limb this is ±1057W. The primary contribution to this uncertainty is from 
the uncertainty in the mass flow measurement, only a small contribution is from the calculation 
of the isentropic temperature drop. Because of this the uncertainty for Nozzle A tends to be 
slightly higher on average, ±690-700W, whilst the uncertainty for Nozzle C is lower, ±620-
650W.  
The uncertainty in the actual power measured by the dynamometer, Figure 104, is larger than for 
the isentropic power. The average uncertainty in this case is ±1528W, little variation is seen 
around this; the peak uncertainty is ±1538W. This uncertainty represents about 10% of the 
averaged turbine power output. The primary contribution to this uncertainty is in the calculation 
of the fluctuating torque, specifically in the calculation of the instantaneous rotor acceleration. 
Section 3.4.6 showed that the uncertainty associated with this was around ±0.31Nm, the average 
torque measured for this case was 3.18Nm. Because all of the unsteady cases were carried out at 
approximately the same speed the uncertainty in the actual power was similar across the board 
with values between ±1500W to ±1550W. 
The uncertainty associated with the mass flow parameter, Figure 105, is primarily affected by the 
measurement of mass flow rate. The individual uncertainty due to mass flow rate measurement is 
around two orders of magnitude greater than for the uncertainty terms regarding the 
measurement of temperature and pressure. The overall average uncertainty in this parameter is 
±1.47×10-6kg√K/Pa.s for the inner limb and ±9.3×10-7kg√K/Pa.s for the outer limb. The 
uncertainty for the inner limb is slightly larger due to the correction which had to be applied to 
the steady state calibration points; this was discussed in Section 3.3.4. Similar values for 
uncertainty were found for all other unsteady cases. For the case shown in Figure 105 this 
represents around 6.4% of the cycle averaged mass flow parameter for the inner limb and around 
4.1% for the outer limb. The calculation of uncertainty in the mass flow rate was found to be 
±14.3g/s for the inner limb and ±8.9g/s for the outer limb in Section 3.4.2. These values 
represent around 6.7% and 4.4% of the overall cycle averaged mass flow for this case. 
It is palpable that the collection of data under pulsating conditions will incur some associated 
uncertainty due to the difficulty in some of these measurements. In some cases the uncertainty 
can be relatively large (>10%) however, it is anticipated that these uncertainties will not have a 
significant effect on the conclusions drawn in this work. 
178 
 
 
 
Figure 103: Isentropic power traces for the inner and outer limbs for Nozzle B under a 52Hz out of phase 
pulsation with associated uncertainty bands 
 
 
Figure 104: Actual power trace for Nozzle B under a 52Hz out of phase pulsation with associated uncertainty 
bands 
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Figure 105: Traces of mass flow parameter for the inner and outer limbs for Nozzle B under a 52Hz out of 
phase pulsation with associated uncertainty bands 
5.4 QUASI-STEADY ANALYSIS 
Just as it is desirable to link the unequal admission performance of the turbine to the full 
admission performance, which is much easier to measure and characterise, it is also desirable to 
link the unsteady performance of the turbine to that in steady state. One way to do this is to 
compare the average performance of the turbine under pulsating flow. This can then be directly 
compared to the steady performance of the turbine as in Figure 87 and Figure 88. Another 
comparison can be made by carrying out a quasi-steady analysis. The quasi-steady hypothesis 
says that the instantaneous performance of the turbine, under pulsating flow conditions, will be 
the same as if the inlet and exit conditions at each point through the pulse were applied in a 
steady manner. The quasi-steady hypothesis forms a key role in the modelling of engine-
turbocharger systems in most one-dimensional engine simulation software.  
During unsteady testing the data-logging system acquires data at a sampling frequency of 20 kHz. 
For each point the stagnation pressures and temperatures into each limb can be evaluated, the 
turbine speed and atmospheric exit pressure are also known. This is enough information to set 
the operating point of the turbine so that its equivalent performance can be evaluated assuming 
steady state operation. Quasi-steady analyses were carried out for each nozzle and each different 
pulsation frequency for in and out of phase pulsations. The semi-empirical approach developed 
in Section 4.3 was used to predict the steady state performance at each point during a pulse cycle. 
The quasi-steady analyses for each of the three different nozzles with a 77Hz out of phase 
pulsating flow will be primarily discussed.   
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5.4.1 MASS FLOW RATE 
Figure 106 to Figure 108 show traces of mass flow against chopper plate phase angle for Nozzles 
A, B and C respectively under a 77Hz out of phase pulsating flow. On each chart are the mass 
flow rate measured during testing for both the inner and outer limbs and also the quasi-steady 
mass flow predicted by the nozzle model. The equivalent plots for the 38Hz and 77Hz cases can 
be found in Appendix F. 
Perhaps the most evident feature of these charts is the difference in agreement between the inner 
and outer limbs in the comparison between the measured mass flow rate and the calculated 
quasi-steady mass flow rate. Looking first at the mass flow rate in the inner limb, all three 
nozzles show very similar qualitative features. Starting at 0 degrees of chopper rotation the 
agreement between the quasi-steady and the measured mass flow rate is good in all cases. As 
time progresses the agreement between the quasi-steady and measured mass flow rate remains 
fairly strong for all three nozzles, albeit with some disparity in a few of the features of the 
waveform. At around 180 degrees in each case both the quasi-steady and the measured mass 
flow curves begin to rise as the pressure pulse reaches the inlet to the volute. The initial rate of 
increase in mass flow is well captured by the quasi-steady model although the measured mass 
flow rate remains above this due to the mass storage effect discussed in Section 5.2.2. The 
measured mass flow rate reaches a peak before the quasi-steady equivalent. This is due to the 
phase difference between the mass flow and pressure waves due to gas dynamic effects, also 
discussed in Section 5.2.2, however the actual peak value in mass flow rate predicted by the 
quasi-steady model agrees quite well with the measured peak value in each case. In the case of 
Nozzle A the quasi-steady peak mass flow is around 3.6% higher than that measured, for Nozzle 
B the peak measured mass flow rate is around 5.3% higher and for Nozzle C the peak measured 
mass flow rate is around 1.5% higher than the quasi-steady model. 
Looking now at the various traces of mass flow rate for the outer limb the difference in 
agreement is apparent. Starting again at 0 degrees of chopper rotation the agreement between the 
quasi-steady and measured mass flow rate is mediocre. The greatest discrepancy is given by 
Nozzle B of 24.7gm/s, around 15.5% of the measured mass flow. At around 30 degrees both the 
quasi-steady and the measured mass flow begin to rise, the measured massflow climbs at a 
noticeably greater rate than the quasi-steady mass flow. This is caused by the mass storage effect 
which is clearly more significant in the outer limb than for the inner limb. The measured mass 
flow rate goes on to rise to a much higher peak than the quasi-steady mass flow rate. For Nozzle 
A the peak measured mass flow rate is 22.5% greater than that predicted by the quasi-steady 
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model, for Nozzle B it is 26.6% greater and for Nozzle C 21.5% greater, these are much larger 
discrepancies than for the inner limb.  
 
Figure 106: Instantaneous mass flow rate measured for Nozzle A under a 77Hz out of phase pulsating flow 
with a quasi-steady comparison (broken lines) 
 
Figure 107: Instantaneous mass flow rate measured for Nozzle B under a 77Hz out of phase pulsating flow with 
a quasi-steady comparison (broken lines) 
 
Figure 108: Instantaneous mass flow rate measured for Nozzle C under a 77Hz out of phase pulsating flow with 
a quasi-steady comparison (broken lines) 
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It is clear that the quasi-steady approach is unable to make an accurate prediction of the point-
by-point mass flow rate into the turbine during pulsed operation although a reasonable 
approximation is made for the flow in the inner limb. The quasi-steady prediction can also be 
viewed from an averaged perspective, comparing the average mass flow measured during 
experimental testing and that predicted under quasi-steady. This comparison has been made by 
many authors in the past and is generally presented as the ratio of the measured mass flow to 
that predicted by the quasi-steady analysis, Benson [17] introduced the term influence factor, IM, 
for this ratio. 
   
 ̅̇      
 ̅̇      
 
Equation 53 
As the quasi-steady prediction becomes closer to the measured data during unsteady flow the 
influence factor should tend to unity, however this does not necessarily guarantee that the point 
by point prediction of mass flow is accurate, only the averaged value. Table 16 and Table 17 
show the mass flow influence factors calculated for each nozzle at each different frequency for in 
and out of phase pulsations respectively.  
Table 16: Mass flow influence factors (Equation 53) for each different nozzle geometry under different in phase 
pulse frequencies 
In phase 
 38Hz 52Hz 77Hz 
Nozzle Inner limb Outer limb Inner limb Outer limb Inner limb Outer limb 
A 1.0162 1.0474 1.0311 1.0585 1.0120 1.0429 
B 1.0199 1.0504 1.0339 1.0686 1.0322 1.0393 
C 1.0153 1.0238 1.0321 1.0613 1.0262 1.0596 
 
Table 17: Mass flow influence factors (Equation 53) for each different nozzle geometry under different out of phase 
pulse frequencies 
Out of phase 
 38Hz 52Hz 77Hz 
Nozzle Inner limb Outer limb Inner limb Outer limb Inner limb Outer limb 
A 1.0366 1.0430 1.0284 1.0698 1.0030 1.0425 
B 1.0802 1.0422 1.0627 1.0492 1.0363 1.0666 
C 1.1005 1.0874 1.0857 1.1030 1.0505 1.0778 
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From the results presented in these tables it is apparent that the influence factors for all cases are 
greater than unity showing that the unsteady mass flow is always greater on average than that 
predicted from a quasi-steady estimation. The mean influence factor over all the results is 1.0482 
with a standard deviation of 0.0245. It is also possible to seek trends in this data, specifically 
interesting to this thesis is how the nozzle setting affects the quasi-steady prediction.  
In respect to the nozzle throat area these results show quite a strong correlation. The mean 
influence factor calculated for Nozzle A was 1.0359, for Nozzle B this was 1.0485 and for 
Nozzle C it was 1.0603. These results suggest that the average turbine performance diverges 
from the quasi-steady prediction as the nozzle area is increased. When the pulse frequency is 
used as a parameter the correlation is less clear. The average influence factor for pulsating flow at 
38Hz was 1.0469, for 52Hz this was 1.0570 and for 77Hz this was 1.0407, showing no significant 
trend in terms of pulse frequency. 
5.4.2 TORQUE 
The quasi-steady point-by-point torque was calculated following the process outlined in the flow 
chart of Figure 86. It is important to note that in this process the calculation of torque comes 
after the calculation of mass flow which has a direct influence on the isentropic power available 
to the turbine and hence on prediction of the actual shaft power produced by the turbine. 
Therefore the quasi-steady torque presented here is already subject to the error in the quasi-
steady mass flow which was discussed above. 
Figure 109 to Figure 111 show the traces of torque from the quasi-steady prediction and those 
measured on the test facility for each nozzle during a 38Hz in phase pulsating flow. Figure 112 
to Figure 114 show the equivalent plots for 77Hz out of phase flow. Equivalent plots for the 
38Hz out of phase cases, the 52Hz cases and the 77Hz in phase case can be found in Appendix 
F. Looking first at Figure 109 to Figure 111 the agreement in the form of the curves between the 
quasi-steady and unsteady data is good. For all three nozzles the rate of increase in torque as the 
mass flow pulse arrives at the rotor wheel between 0 and 90 degrees is well captured, however 
there is some phasing difference where the measured torque leads the quasi-steady curve by 
around 6-7 degrees. This could be an artefact of the phase shifting carried out between the 
measurement plane, where the pressure, temperature and mass flow were measured (which were 
used to calculate the quasi-steady torque), and the rotor wheel, where the actual torque was 
measured.  
The discrepancy between the measured and the calculated torque reaches a maximum at the peak 
for all three nozzles. For Nozzle A the peak measured torque is 7.5% greater than that predicted 
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by the model, for Nozzle B this is 14.6% greater and for Nozzle C this is 15.7% greater. The 
inference is that the quasi-steady calculation becomes closer to the measured value as the nozzle 
area is reduced; this is the same outcome that was found for the calculation of mass flow rate on 
an averaged basis. After the peak it is found that the quasi-steady calculation agrees quite well 
with the measured torque for all three nozzles. 
Moving now to study Figure 112 to Figure 114 it is palpable that the agreement between the 
measured and calculated torque is less good for the 77Hz out of phase case. For all three nozzles 
the shape of the measured torque trace is not captured by the quasi-steady calculation. The 
measured torque trace for each nozzle shows two peaks, one between 90 and 180 degrees and a 
second between 180 and 270 degrees with a trough at around 180 degrees. The quasi-steady 
prediction in each case also sees two peaks although these are of much lower amplitude and of a 
significantly different form than those measured on the test facility. A similar difference is found 
between the measured torque and that predicted by a computational simulation in Section 7.3.1.3 
where a further discussion of this discrepancy is given. 
 
Figure 109: Instantaneous torque measured throughout a pulse cycle under a 38Hz in phase pulsating flow for 
Nozzle A with a quasi-steady comparison shown in a red broken line 
 
Figure 110: Instantaneous torque measured throughout a pulse cycle under a 38Hz in phase pulsating flow for 
Nozzle B with a quasi-steady comparison shown in a red broken line 
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Figure 111: Instantaneous torque measured throughout a pulse cycle under a 38Hz in phase pulsating flow for 
Nozzle C with a quasi-steady comparison shown in a red broken line 
 
Figure 112: Instantaneous torque measured throughout a pulse cycle under a 77Hz out of phase pulsating flow for 
Nozzle A with a quasi-steady comparison shown in a red broken line 
 
Figure 113: Instantaneous torque measured throughout a pulse cycle under a 77Hz out of phase pulsating flow for 
Nozzle B with a quasi-steady comparison shown in a red broken line 
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Figure 114: Instantaneous torque measured throughout a pulse cycle under a 77Hz out of phase pulsating flow for 
Nozzle C with a quasi-steady comparison shown in a red broken line 
Here it is also interesting to consider the average performance of the turbine. Table 18 shows the 
influence factors for torque, IT, calculated for each case using the time average torque over a 
cycle.  
   
  ̅     
  ̅     
 
Equation 54 
Studying the numbers in Table 18 it seems that all of the values are greater than unity showing 
that the actual measured torque will always be greater, on average, than that predicted by the 
quasi-steady model. This is unsurprising given that the average mass flow measured during 
unsteady testing was also greater than that predicted by the quasi-steady model. As with the 
influence factor for mass flow rate, this should tend towards unity as the quasi-steady prediction 
becomes closer to the measured torque. However, these figures show that this does not 
necessarily assure a good prediction of the point by point value of torque. Looking specifically at 
the influence factors for Nozzle B during in phase pulsating flow at 38Hz and out of phase flow 
at 77Hz. Both of these cases were presented above in Figure 110 and Figure 113. Figure 110 
showed a clearly superior agreement for the 38Hz case between the quasi-steady and measured 
unsteady data, however the influence factors for both cases are very similar, 1.0264 for the 38Hz 
case and 1.0274 for the 77Hz case. 
Looking at the effect of the different nozzles on the prediction of average torque the average 
influence factor for Nozzle A is 1.025, for Nozzle B this is 1.016 and for Nozzle C this is 1.075. 
For the two most closed nozzles (A and B) the quasi-steady approximation is able to give a 
reasonable prediction of the actual averaged torque with average differences of less than 3%. For 
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Nozzle B at 52Hz in phase and 38Hz out of phase flow the influence factor is very close to unity 
(within 0.1%).  
Nozzle C shows quite a different picture, with influence factors significantly greater than the 
other two nozzles, especially during out of phase flow. For the 38Hz out of phase case the 
average measured torque was 11.1% greater than that predicted by the quasi-steady analysis. 
Looking back to Table 17 this is broadly in line with the influence factors for the mass flow for 
the same case which showed 10.0% and 8.7% greater mass flow measured for the inner and 
outer limbs respectively than were predicted by the quasi-steady calculation.  
Table 18: Influence factors for torque for three different nozzles at different pulse frequencies 
 In phase Out of phase 
Nozzle 38Hz 52Hz 77Hz 38Hz 52Hz 77Hz 
A 1.0114 1.0176 1.0290 1.0085 1.0407 1.0418 
B 1.0264 1.0002 1.0252 1.0005 1.0180 1.0274 
C 1.0362 1.0528 1.0524 1.1112 1.1042 1.0902 
 
5.5 CONSIDERATION OF UNSTEADINESS 
It is clear from the above analyses that the turbine does not follow the quasi-steady trend when 
operating under pulsating flow. Being aware that there is a discrepancy between the quasi-steady 
prediction and the measured unsteady data, it is desirable to have an idea of how significant this 
discrepancy will be. Part of the work in this thesis was in the development of a parameter which 
can be used to characterise the unsteadiness in a flow. The work in this section is based upon a 
previously presented article by Newton et al [12]2 which was carried out as part of the work for 
this project and intended to be a part of this thesis.  
5.5.1 THE Ω UNSTEADY CRITERION 
Several researchers [29, 19, 28] have used the Strouhal number (also referred to as Reduced 
Frequency) or modifications of this, as a parameter to define the onset of unsteady effects in a 
flow. The standard definition of the Strouhal number was given by Equation 1 and is repeated 
here. 
 
                                                 
2 In this paper the development of the parameter, named Ω here, was carried out by Newton from the original 
suggestion of Copeland [7] that pulse amplitude should be accounted for. Martinez-Botas provided a supervisory 
role along with Seiler who was the contact for the industrial sponsor, ABB Turbo Systems, Switzerland. 
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Equation 1 
This is calculated using appropriate reference values of frequency (fref), length (Lref) and velocity 
(vref). As pointed out by Greitzer et.al. [70], there is a physical interpretation of the Strouhal 
number that is helpful for understanding its role. If a fluid is flowing at a speed vref through a 
domain of length Lref that is undergoing a pulsating driving force at a frequency, fref, the Strouhal 
number represents the ratio of time needed for a particle to travel the length of the domain 
(             ⁄ )  to the time associated with the disturbance being 
considered             ⁄ . Traditionally a value of 0.1 for St has been used to signify the limit 
where unsteady effects become important [19]. 
The use of the Strouhal number intuitively makes sense because we expect to see an increase in 
unsteadiness as the frequency of a disturbance is increased. Yet, there are very high frequency 
unsteady events (specifically in this case turbulent fluctuations and disturbances due to blade 
passing) that can be treated in a steady state manner even though the Strouhal number will 
indicate that these high frequency events should incur great unsteadiness. Here it seems clear 
that it is not only the frequency of the unsteadiness which must be accounted for but also the 
amplitude of the fluctuation. Thus, it would seem that the Strouhal number does not necessarily 
provide an indication of the dominance of unsteadiness without consideration of the amplitude 
of the disturbance.  
In order to include the effect of fluctuation amplitude in the prediction of the degree of 
unsteadiness a further analysis is undertaken using an order of magnitude approach in a similar 
manner to that of Greitzer et al. [70]. They point out that one essential characteristic of fully 
steady operation is the absence of any mass storage within the flow domain, Section 5.2 showed 
a definite mass storage effect during the pulsed operation of this turbine. Considering this, it is 
sensible to start with the fundamental form of the mass continuity equation in a 1 dimensional 
(1D) internal flow. 
                  
 (     )
  
 
Equation 55 
For an incompressible fluid flowing through a domain of fixed volume Vref, it is clear that the 
term on the right hand side of this equation will reduce to zero since both the density, ρ, and the 
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volume, Vref, will be time invariant. Consequently at a given moment in time, the mass flow 
entering the domain will exactly match the mass flow at exit thereby resulting in a purely quasi-
steady flow even if flow conditions at the boundaries are unsteady. As soon as a time dependant 
flow is introduced to a compressible fluid it is clear that the right hand side of the equation will 
give a finite value and the mass flow entering and leaving will not be balanced at all times. 
However, if the mass flow through the domain       is very large in comparison to the time 
dependant change of mass inside the domain,  
 (     )
  
, then the mass flow entering and leaving 
at any time will remain closely matched and the flow may be treated as quasi-steady. Clearly, 
when the opposite is true and the change of mass in the domain is a much larger proportion of 
the through-flow, there will be a significant filling and emptying effect that is no longer quasi-
steady.  
In order to determine the significance of mass storage, it is useful to compare the magnitudes of 
the terms on each side of Equation 55. To estimate the order of magnitude of the unsteady mass 
flow term, the two quantities at the inlet and exit can be approximated as a nominal time 
averaged mass flow. 
                              
Equation 56 
Now considering the term on the right hand side of Equation 55, we assume that the domain 
volume, Vref, is time invariant and that the mass of the fluid in the domain will be approximately 
proportional to the incoming fluid density. If a sinusoidal variation of inlet density is then 
assumed with a frequency,        ⁄ , and with    being the peak to peak amplitude such that 
       
  
 
   (  
 
    
) 
Equation 57 
We can then develop a term for the cycle averaged magnitude of the rate of mass change in the 
domain.  
(
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Equation 58 
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As discussed, the ratio of the right hand terms in Equation 56 and Equation 58 will provide an 
indication of the importance of the mass accumulation effects within the flow domain.  
       
    
              
     
    
  
            
 
     
    
    
        
 
Equation 59 
It is interesting that the final term above can be written as the product of the Strouhal Number 
(Equation 1) and a weighting factor that is based on the density fluctuation. If an adiabatic 
system is assumed, it is then possible to interchange the density with pressure, which is measured 
directly in the lab. Thus, the final unsteady criterion can be expressed as a product of the 
Strouhal number St and a pressure amplitude weighting factor given the symbol of capital Pi ( ). 
     
    
    
        
 
     
    
   
     
     
          
Equation 60 
In the interest of brevity, it is useful to assign this parameter a symbol of the capital Greek letter 
Omega ( ). If this parameter is near to 1 it suggests that the average instantaneous rate of 
change of mass within the flow domain is of a similar magnitude to the nominal time averaged 
mass flow rate traversing the domain. Thus, the filling and emptying of this volume will cause a 
significant discrepancy between the mass flowing in and out of the domain and it will not be 
acceptable to treat the flow as quasi-steady. For a sinusoidal pressure waveform, the weighting 
factor   is bounded by a maximum value of   ⁄  when the base of the curve sits on zero (i.e. if 
      ⁄ ). 
5.5.2 COMPARISON OF Ω AND STROUHAL NUMBER 
5.5.2.1 Calculation of Ω 
As Equation 60 shows, the calculation of Ω can be split into two components; one which 
considers the pulse frequency (St) and another which considers the pulse amplitude (Π). In 
order to calculate an appropriate value for St requires the selection of meaningful values of 
velocity (vref), time (1/fref) and length (Lref) scales.  
Szymko [19] presented a number of constructions of the Strouhal number using different 
reference values for velocity. First he showed the normalized Strouhal number, St*, this used the 
average bulk velocity of the gas,  ̅. He also formulated the pressure wave modified Strouhal 
number (PMSt) using the speed of propagation of an isentropic pressure wave,  ̅   ̅. Szymko 
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found some success in predicting the onset of unsteady effects with these two definitions, these 
will be discussed below. For the calculation of Ω however it seems that the use of the average 
bulk gas velocity is the most appropriate in this case since its definition is based on the 
conservation of mass.  
An appropriate reference timescale could be selected as that for a full pulse cycle (tref = 1/fref) but 
since the actual pulse (rise and fall in pressure) occurs over a fraction of the cycle, using the full 
cycle time does not seem appropriate. Szymko [19] used the fraction of time that the pulse 
generator is open by the inclusion of a pulse duty cycle, φ, to only account for the pulse ‘event’ 
itself, so that (tref = φ /fref), now 
   
        
     
 
Equation 61 
In the design of the chopper plate φ is equal to 1/3 as the portion of the cycle over which the 
chopper plate is open, shown in Figure 38. Although using the pulse generator opening profile 
does make sense this does not necessarily correspond to what was measured. Looking at Figure 
115, this shows traces of instantaneous pressure measured at the inlet to the inner limb during a 
52Hz pulsating flow for each different nozzle. From this figure the pulse event appears to occur 
over almost 1/2 of the pulse cycle, the various traces which have been presented in the previous 
analyses in this chapter show a similar result. Therefore the calculation of the Strouhal number 
has been modified using Φ = 1/2. 
 
Figure 115: Pressure traces measured at the inner limb throughout a pulse cycle during 52Hz in phase 
pulsating flow for each different nozzle geometry 
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The Ω parameter will be calculated for three different areas within the turbine geometry; the 
inner limb of the volute, the outer limb and the rotor wheel. For the inner and outer limbs the 
reference length was taken as the path length from the measurement plane to the nozzle leading 
edge at a point mid-way between the two tongues for each case. The inner limb reference length 
was measured to be 0.175m, the outer limb reference length was 0.484m. For the rotor wheel the 
reference length was taken as the path length for one rotor passage, this was measured as 
approximately 0.05m. 
The instantaneous velocity was calculated at the measurement plane for both the inner and outer 
limbs by consideration of the instantaneous mass flow rate, gas density and flow area. The time 
average velocity was taken as the reference value,       ̅, for each of the inner and outer 
entries in the calculation of the Strouhal number. For the rotor wheel there was no direct 
measurement of mass flow rate, only the instantaneous pressure was measured in the interspace 
area upstream of the rotor wheel for both the inner and outer entries. The time resolved gas 
density was estimated by taking the instantaneous pressure and assuming an adiabatic 
relationship with average temperature measured upstream at the measurement plane for each 
limb. An overall time average gas density was then calculated for the whole of the interspace. 
The average bulk velocity into the rotor wheel was then estimated using the cycle average mass 
flow rate along with the flow area at the inlet to the rotor wheel.  
The calculation of Π from Equation 60 is more straightforward than for St. The instantaneous 
static pressure was measured directly at the inlet to each limb and also in the interspace area 
between the nozzle ring and the turbine wheel for the inner and outer entries using two ultra-
miniature pressure transducers. The reference pressure, Pref, was chosen as the time averaged 
pressure, not weighted by isentropic power. The pressure pulse amplitude, ΔP, was taken as the 
difference between the maximum and minimum measured pressure. The ratio of specific heats 
was taken as the average calculated over each pulse cycle at the measurement plane for the inner 
and outer limbs. The value of Π for the rotor wheel was taken as the average calculated from 
both of the interspace measurements. 
5.5.2.2 Calculation of St* and PMSt 
As discussed in the review of literature (Section 2.1), and mentioned above, Szymko [19] 
modified the formulation of the Strouhal number. Firstly he introduced the normalized Strouhal 
number, St*, this was given in Equation 2 and is repeated here. 
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Equation 2 
The definition of the normalized Strouhal number is the same as the modified Strouhal number 
in Equation 61 which will be used for the calculation of Ω apart from a factor of ½ which was 
introduced so that St* only accounts for the rising half of the pulse. Apart from this factor of ½ 
both of these numbers will be calculated in exactly the same way. He then introduced a new 
construction of this number based on the pressure wave propagation velocity. He called this the 
Pressure Wave Modified Normalised Strouhal number (PMSt). Its definition is repeated below.  
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Equation 3 
Szymko defined three different operating regimes based on the values of St* and PMSt. When 
St*<0.1 he proposed that this would be quasi-steady, St*>0.1>PMSt defined the filling and 
emptying regime and when PMSt>0.1 the effect of pressure wave dynamics becomes dominant. 
The calculation of PMSt is similar to that for the Strouhal number (St) used in the formulation 
of Ω described above, with the same values of reference length, Lref, bulk velocity,       ̅, 
frequency, fref, and duty cycle, φ. However, in order to calculate PMSt it was necessary to also 
calculate the a cycle average value of the speed of sound,  ̅. Assuming that the air behaves as 
ideal gas the velocity of sound can be calculated; 
  √    
Equation 62 
The velocity of sound was calculated throughout the pulse cycle at each different location (inner 
and outer volute inlets and in the interspace area) and then a time average value taken as a 
representative value.   
5.5.2.3 Comparison of St*, PMSt and Ω 
Table 19 and Table 20 shows the values for П, St*, Ω, PMSt and mass flow influence factor, Im 
(see Equation 53) calculated for Nozzle B for the inner and outer volute entries respectively. The 
tables show each different pulse frequency under both in and out of phase pulsations. The other 
two nozzles showed very similar values and so are not presented here.  
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Table 21 shows the values for П, St*, Ω and PMSt calculated for the rotor wheel.  
Looking first at the values of St* and PMSt. For the outer volute entry (Table 20) all of the 
different cases fall within the range defined by Szymko [19] for the filling and emptying regime, 
St*>0.1>PMSt. This fits with the observations of Section 5.2.3 which saw a dominance of filling 
and emptying in the instantaneous mass flow characteristics over all three different pulse 
frequencies in the outer volute. Although some pressure wave dynamic effects were evident 
these were secondary. For the inner limb (Table 19) the value of St* also suggests that this will 
be in a filling and emptying regime during 52Hz and 77Hz pulsating flow for both in and out of 
phase.  
Under the lower pulse frequency of 38Hz St* was calculated as 0.091 and 0.098 respectively for 
in and out of phase pulsations for the inner volute entry. This puts it on the edge of the quasi-
steady regime defined by Szymko. This is contrary to the findings of Section 5.2.3 which showed 
a significant effect of filling and emptying in all unsteady cases, even at a 38Hz pulsating flow. 
On its own the Strouhal number cannot give more information than this. For the same cases of 
38Hz pulsating flow the value of Ω for the inner limb was calculated as 0.149 for in phase 
pulsations and 0.143 for out of phase pulsations. From the derivation of Ω these values can be 
linked to the process of mass accumulation within the domain. These figures suggest that, even 
under this low frequency pulsation, an average of around 14-15% of the mass passing through 
the turbine will be occupied in the filling and emptying of this volume, implying that this will be 
a significant effect.  
In the outer volute limb (Table 20) the value of Ω is generally found to be between 0.35 and 0.4 
for all cases, indicating that on average around 35-40% of the mass flow passing through the 
turbine will be engaged in mass storage effects. Intuitively this represents a relatively large 
portion of the mass flow through the turbine and so it is expected that filling and emptying will 
play a significant role in the behavior of the turbine. In the case of the outer volute limb these 
findings agree with the St* criterion of Szymko which puts all of these cases in the filling and 
emptying regime.  
The numbers in these tables also show that the increase in frequency from 38 to 77Hz has less 
significance for the Ω criterion compared to the Strouhal number. This is due to the difference 
in pulse amplitude recorded in each case which is not accounted for the in the calculation of St*. 
Taking the outer limb during in phase pulsations as an example (Table 20) the value of St* under 
a 38Hz pulsating flow is 0.235 whilst for a 77Hz pulsating flow this is 0.507, an increase by a 
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factor of around 2.15. This is unsurprising since the pulse frequency is twice as large. This 
indicates that the flow regime will be twice as “unsteady” under the higher frequency pulsation. 
The value of Ω on the other hand shows far less difference between the two cases with a value 
of 0.340 under a 38Hz pulse and 0.415 under a 77Hz pulse, an increase by a factor of around 
1.22. This is due to the difference in the pressure pulse amplitude weighting term, П. For the 
38Hz case this is 0.722, some 1.77 times greater than for the 77Hz case which saw a value of 
0.409. 
Looking at Table 21, in the rotor wheel the value of St* is well below 0.1 for all the different 
cases suggesting that the rotor wheel will act in a quasi-steady regime. This is in keeping with the 
findings of other authors [21, 23] who also felt the rotor must be predominantly quasi-steady. Ω 
shows values between 0.03 and 0.063 for the rotor wheel, implying that on averaged the filling 
and emptying of the rotor passage volume could account for around 3-6% of the overall mass 
flow through the rotor wheel. This analysis suggests that any unsteady effect on the turbine 
performance during unsteady operation will primarily occur in the volute and that pulsating flow 
will have little effect on the flow within the rotor wheel.  
The review of literature in Section 2.1 showed that the turbine performance has been well known 
to depart from quasi-steady operation during pulsed flow since the work of Dale and Watson [5]. 
This was also shown in the Sections 5.2 and 5.4 in this thesis. The analysis of instantaneous 
turbine power in Section 5.2.1 found that pulsating flow must have an effect on the fluid 
dynamics inside the turbine stage, leading to better performance of Nozzle C than for the other 
two nozzles despite the fact that the steady state efficiency maps for each turbine were very 
similar. This was followed by the analysis of the instantaneous swallowing characteristics for the 
turbine which showed a clear deviation from the steady state operating line. Finally the quasi-
steady analyses of Section 5.4 showed a clear departure of the instantaneous turbine performance 
from quasi-steady flow. The analysis carried out in the current section suggests that most of this 
difference will occur within the volute and will principally be due to filling and emptying effects. 
Although the same conclusion has been reached by previous authors, the analysis presented here, 
to the author’s knowledge, is the first to use the conservation of mass to attempt to quantify the 
actual level of filling and emptying within each domain.  
A desirable outcome of quantifying the level of unsteadiness within a turbine is to predict the 
deviation from a quasi-steady flow. Although rather crude, as discussed in the previous section, 
the idea of the influence factor (see Equation 53) does serve as a measure of the difference 
between the measured unsteady behaviour and that predicted by a quasi-steady analysis. Values 
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for the mass flow influence factor are given in Table 19 and Table 20 however, no correlation 
has been found between these values and either St*, PMSt or Ω. As an example Figure 116 
shows the variation of mass flow influence factor with Ω, this holds no clear pattern.  
Table 19: Values П, St*, Ω, PMSt and Im calculated for the inner limb for Nozzle B 
Pulse Frequency (Hz) П St* Ω PMSt Im 
In Phase 38Hz 0.8148 0.0912 0.1487 0.0162 1.0199 
In Phase 52Hz 0.7752 0.1171 0.1816 0.0214 1.0339 
In Phase 77Hz 0.5619 0.1673 0.1881 0.0318 1.0322 
Out of phase 38Hz 0.7277 0.0980 0.1427 0.0161 1.0802 
Out of phase 52Hz 0.7577 0.1244 0.1885 0.0217 1.0627 
Out of phase 77Hz 0.6071 0.1982 0.2407 0.0328 1.0363 
 
Table 20: Values П, St*, Ω, PMSt and Im calculated for the outer limb for Nozzle B 
Pulse Frequency (Hz) П St* Ω PMSt Im 
In Phase 38Hz 0.7218 0.2353 0.3397 0.0440 1.050 
In Phase 52Hz 0.6006 0.3234 0.3885 0.0590 1.0686 
In Phase 77Hz 0.4086 0.5073 0.4146 0.0894 1.0393 
Out of phase 38Hz 0.6085 0.2883 0.3508 0.0451 1.0422 
Out of phase 52Hz 0.5648 0.3594 0.4060 0.0603 1.0492 
Out of phase 77Hz 0.3893 0.5096 0.3969 0.0890 1.0666 
 
Table 21: Values П, St*, Ω, and PMSt calculated for the rotor wheel for Nozzle B 
Pulse Frequency 
(Hz) 
П St* Ω PMSt 
In Phase 38Hz 0.4732 0.0330 0.0312 0.0055 
In Phase 52Hz 0.4946 0.0435 0.0430 0.0073 
In Phase 77Hz 0.4973 0.0634 0.0630 0.0110 
Out of phase 38Hz 0.4609 0.0325 0.0300 0.0055 
Out of phase 52Hz 0.5049 0.0440 0.044 0.0074 
Out of phase 77Hz 0.4744 0.0643 0.0610 0.0111 
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Figure 116: Mass flow influence factors plotted against the Ω parameter 
5.6 SUMMARY 
This chapter surveyed the pulsating flow experimental data for the TURBINE-IC turbine with 
three different nozzle geometries. The cycle average performance of the turbine was considered 
first. It was found that the cycle average efficiency of the turbine was always below the steady 
state operating line for the middle nozzle (Nozzle B), showing that overall the pulsating flow will 
have a detrimental effect on efficiency. The cycle average unsteady mass flow parameter was 
always above the steady state curve showing that the pulsating flow will lead to a higher average 
swallowing capacity for the turbine. In general the experimental results also showed that the 
turbine performed better under in phase pulsations rather than out of phase. This was expected 
since out of phase operation would require the turbine to act under unequal admission 
conditions for the majority of each cycle period. The performance of the turbine, in terms of 
efficiency, under pulsating flow improved with increasing nozzle throat area (i.e. with increasing 
turbine reaction). 
Analysis of the instantaneous isentropic power showed that Nozzle C (with the largest flow area) 
allowed significantly more isentropic power into the turbine wheel than for the other two 
nozzles. This was more than matched by the increase in shaft power produced by Nozzle C over 
the two other nozzles. This was true for both in and out of phase pulsating flow. 
The instantaneous mass flow characteristics were then examined. The instantaneous mass flow 
parameter formed a loop around the steady state operating line. This deviation was put down 
primarily to the effect of mass flow storage although the instantaneous characteristics also 
showed evidence of wave action within the volute. The operating loop was found to shift 
upwards with increasing nozzle area as the nozzle allowed a greater amount of mass to flow. The 
width of the loop in terms of pressure ratio was also found to increase with nozzle throat area 
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due to the increased capacity of the more open nozzle to empty mass from the turbine allowing a 
more rapid de-pressurisation of the volute during the latent period in the pulse cycle. 
A quasi-steady analysis of the mass flow entering each limb of the turbine volute found that the 
measured mass flow rate in the inner limb followed much more closely to this than the outer 
limb. This is due to the smaller volume and passage length of the inner limb making it less 
affected by the unsteady effect of mass flow storage. The average measured mass flow was 
always greater than the average quasi-steady mass flow over a pulse cycle. This agreement was 
generally found to become worse with increasing nozzle area. The quasi-steady torque was also 
calculated. In the low frequency (38Hz in phase) case the shape of the unsteady torque trace was 
well captured, in the high frequency (77Hz out of phase) case this was not true. On a cycle 
average basis the measured torque during unsteady testing was always greater than the quasi-
steady prediction; again the agreement became worse with increasing nozzle area. 
Finally an attempt was made to characterize the level of unsteadiness within a flow domain. A 
parameter, Ω, was developed based on the conservation of mass. This was a ratio of the time 
averaged flow through the domain to the average rate of mass filling or emptying from a domain 
due to time variant boundary conditions. In its final form it was shown to be a product of two 
terms, one being the Strouhal number to include the effect of frequency and the second being a 
pressure amplitude weighting term.  
This criterion was compared to the normalized Strouhal number criterion of Szymko [19] for 
Nozzle B. For most cases these two criteria were in agreement implying a dominance of filling 
and emptying for all cases in the outer limb and for the 52Hz and 77Hz cases for the inner limb, 
this also agreed with the experimental findings. Under the low frequency cases of 38Hz pulsating 
flow the normalized Strouhal number criterion indicated that the inner volute entry should act in 
a quasi-steady manner. This was contrary to the experimental findings for this case which saw a 
large degree of mass storage. For the same case the Ω parameter showed that around 14-15% of 
the mass flow through the domain could be occupied by mass storage effects. A comparison of 
all of the unsteady criteria (St*, PMSt and Ω) showed no correlation with the mass flow 
influence factor.  All three criteria indicated that rotor wheel would act in a quasi-steady manner 
for all cases. 
 
 
199 
 
6 CFD ANALYSIS OF PARTIAL ADMISSION 
6.1 CFD ANALYSES IN THIS THESIS 
Computational modelling of the flow inside the double entry turbine forms a significant part of 
the work in this thesis. The CFD analyses are split into two chapters. This chapter presents a 
highly discretised analysis of the flow inside the TURBINE-IC turbine under equal and partial 
admission conditions. The work is principally founded on a publication by Newton et al. [11]3 
which was carried out as part of this project. The study was carried out in consideration of only 
one of the nozzle geometries (Nozzle B). The loss distribution and flow field within the double 
entry turbine under partial admission conditions are examined; this is compared directly to the 
full admission case. The next chapter will look at the performance of the turbine under pulsating 
flow. 
All CFD analyses in this thesis were carried out in ANSYS CFX version 14.0. This is a general 
purpose CFD code, although it does contain many elements in the pre- and post-processors 
specifically designed for the analysis of turbomachinery which make it particularly suited to the 
current application. 
6.2 MODELLING OF TURBINE-IC 
The CFD analyses of the next two chapters can be divided into three categories, these are full 
admission, which is the simplest in terms of modelling, unequal admission and then pulsating 
flow, which requires the greatest computational effort.  
When the turbine is operating in equal admission with both limbs feeding the same mass flow to 
the rotor wheel this can be treated effectively as a single entry device. For such an analysis there 
are ways in which it is possible to reduce the computational burden without necessarily 
compromising the accuracy of the CFD prediction.  One of the most common assumptions is 
that the flow into the rotor will be invariant around its periphery and therefore the flow in each 
rotor passage will be the same. This allows the analysis to be reduced to a single passage. The full 
rotor wheel has 12 passages, reducing this to just 1 passage will hugely reduce the computational 
workload. On top of this it can be assumed that the flow in each passage will be steady state if 
the boundary conditions do not change with time, ignoring the unsteady effect due to the 
passing of wakes as the rotor moves past the nozzle passages. This can be achieved by a mixing 
                                                 
3 In this paper the computational analyses and all other related work were carried out by Newton using the 
experimental results of Copeland [7] as a means of validation whilst Martinez-Botas and Seiler, who was the 
industrial contact, acted in a supervisory role. 
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plane between the rotating and stationary domains. The single passage simplification was used 
for the full admission analyses in this chapter. 
When the analysis is extended to unequal admission it is palpable that the assumptions required 
to reduce this analysis to a single passage are no longer valid. Not only does the rotor experience 
changing inlet conditions as it rotates between each entry but also it is important to model the 
flow in the interspace region where mixing occurs as the flows from each entry meet. It is 
therefore necessary to model the full turbine geometry. Further, it is desirable to capture the 
development of the flow in each rotor passage as they rotate between the entries and so it is 
necessary to conduct a time dependant analysis with explicit rotation between the rotating and 
stationary components, even though the conditions driving the turbine are in steady state. Clearly 
such an analysis is much more computationally demanding than the single passage, steady state 
model which can be used to simulate full admission. 
When the analysis progresses to pulsating flow the computational demands increase ever more. 
It is clear that it is important to model the full geometry from the measurement plane to the end 
of the exit duct in order to replicate the gas dynamics accurately. Also, the previous chapter 
showed that during pulsating flow the dynamics in each turbine entry will not be exactly the 
same due to the different lengths of the inner and outer entries and so the flow driving the 
turbine will differ slightly in each limb. This means that the flow will usually be imbalanced 
between the two entries, even if the pulsations are in phase. Consequently the modelling will be 
subject to the same limitations as for unequal admission. Because of these limitations it is then 
necessary to model the full system in a time dependent analysis covering not only the timescale 
of the pulse but also a timescale small enough to follow the development of the flow in each 
rotor passage as the wheel rotates. In general the timestep was set to be equivalent to 1° of rotor 
rotation, with as many as 20 complete turbine revolutions in a single pulse this demands atleast 
7200 timesteps to model a single pulse. In reality several pulse cycles were usually modelled in 
order to achieve cyclic convergence of the solution so that more than 20000 timesteps could be 
required. 
6.3 MODELLING PARAMETERS 
An overview of the model and model parameters used in this study is given here; however, a 
brief review of the science of computational fluid dynamics (CFD) is given in the Appendix G. 
6.3.1 TURBULENCE MODELLING 
The state of the flow, in terms of turbulence, entering the turbine stage can be assessed by 
analysis of the Reynolds number in the upstream transition pipework (see Figure 41). Assuming 
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a gas density of 1.5kg/m3 with a typical flow velocity entering the volute of 100m/s, an inlet pipe 
diameter of 38mm and a dynamic viscosity of 2x10-5Pa.s, this gives a Reynolds number of almost 
3x105 which is far beyond the critical value for turbulent internal pipe flow, suggesting a fully 
turbulent flow. Within the turbine wheel itself the Reynolds number is usually calculated based 
upon the passage exit velocity in the relative frame of reference and the blade chord length. With 
a chord length of 60mm, an exit relative velocity of 200m/s and gas density 1.0kg/m3 with a 
dynamic viscosity of 2x10-5Pa.s, this gives a Reynolds number of 6x105. Although an equivalent 
value is not available for a radial or mixed flow device, in an axial turbine this value of Reynolds 
number would guarantee a complete transition to turbulent flow [71]. However, this assumes a 
laminar upstream flow. The free stream turbulence associated with the upstream flow entering 
the turbine in this case will likely lead to a bypass transition bringing about fully turbulent 
conditions very quickly. This agrees with Whitfield and Baines who suggest that the flow of gas 
through a radial turbine stage will invariably be turbulent [66]. It is with this rationale that the 
flow within the turbine was treated as fully turbulent. 
Modelling the effects of this turbulence is one of the main assumptions in the computational 
modelling of fluid systems. Direct modelling of turbulent eddies is generally not feasible due to 
the range of length and timescales over which the simulation would have to extend, from the 
macroscopic primary flow field down to the microscopic Kolmogorov scales of time and length. 
Many different models for turbulence effects have been proposed. In the analyses in this thesis 
the standard k-ε turbulence model was used. This is a two-equation turbulence model and has 
been found to demonstrate a good compromise between computational effort and accuracy. It is 
also a highly robust turbulence scheme [72].  
Scalable wall functions were used to model the near wall flow as defined by Grotjans and Menter 
[73]. These are similar to standard wall functions originally proposed by Launder and Spalding 
[74] but are not subject to the same limitations on near wall mesh spacing so that the mesh can 
be arbitrarily refined to give a solution of increasing accuracy [72].  
6.3.2 TEMPORAL DISCRETISATION 
All turbomachinery flows are inherently unsteady, not only is the unsteady process of vortex 
shedding always present in turbomachinery flow downstream of a thick trailing edge [75] but 
there will also be relative motion between the stationary and rotating components. In some 
cases, such as for the full admission case discussed above, the unsteadiness due to the relative 
motion of the rotating and stationary components can be averaged out in a mixing plane 
between the two domains so that a steady state solution can be achieved giving an acceptable 
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prediction of the true unsteady flow. A steady state approximation is not possible in most of the 
flows encountered in this work as discussed above. In this thesis the second order backwards 
Euler scheme was used for temporal discretisation. This scheme is robust, fully implicit and does 
not have a time step size limitation. 
6.3.3 CONVERGENCE 
Convergence of the numerical solution is vital in obtaining a reasonable prediction of the flow 
field. The convergence of a solution can be monitored by the residual values in successive 
iteration steps as the computation progresses. The residual is the net imbalance in the 
conservation equations which are used to model the flow, a value of zero would indicate that the 
conservation equations are satisfied exactly. The conservation equations are discussed in the 
Appendix G. The residual value is calculated for each finite volume within the flow domain and 
normalised as a function of the flow through each volume [72]. In CFX the convergence is 
judged based on mass continuity along with the conservation of momentum in each direction 
and the conservation of energy. For the analyses in this thesis the RMS residual convergence 
(across all finite volumes within the CFD domain) was set to atleast 1×10-5 for all criteria, this is 
defined as good convergence by CFX [72] in some cases the convergence was set as low as 
1×10-6. 
6.3.4 SPATIAL DISCRETISATION AND MESHING 
ANSYS CFX uses the finite volume method to discretise and solve the governing flow 
equations. The flow domain is first discretised by creating a mesh. Solution variables are stored 
at each node (mesh vertex) around which a volume is constructed. However, to evaluate many of 
the terms in the governing equations, variables or variable gradients must be evaluated at 
integration points on the surface of each control volume, not at the centre of the volume. To 
address this problem a finite element formulation is used to describe the variation of flow 
variables between nodes; this assumes a linear distribution of flow properties in parametric 
coordinates. The CFX High-Resolution Scheme was used for the calculation of the advection 
term. Appendix G discusses these spatial discretisation schemes more extensively, further details 
may also be found in the CFX Solver Theory Guide [72].  
The CFD mesh represents the spatial discretisation of the flow domain and forms an integral 
part of the numerical analysis. Sufficient discretisation of the flow domain is important to 
maximise numerical accuracy. The most evident numerical error stems from the assumption of a 
linear variation of flow properties between adjacent grid points, it is clear that the smaller this 
grid spacing becomes, the more accurate this assumption will be.  
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6.4 COMPUTATIONAL DOMAIN 
For most cases (the partial admission case in this chapter and all pulsed flow cases in the 
following chapter) the computational domain incorporated the full turbine geometry from the 
inlet measurement plane to the full extent of the exit duct. This can be divided into four main 
components; the volute, the nozzle ring, the rotor wheel and the exit duct, the complete 
assembly is shown in Figure 117. Meshing for each of these components was carried out 
individually before compilation of the complete flow domain in the CFX pre-processor.  
For the equal admission cases in this chapter a single passage model was used, the single passage 
domain is shown in Figure 118. This consists of a 30° sector containing two nozzle passages, a 
single rotor passage and a 30° segment of the exit duct. The nozzle and rotor blades can be seen 
in red. An inlet block was added upstream of the nozzle domain in order to allow development 
of the pressure and velocity fields. The domain inlet is shown in green whilst the outlet is shown 
in yellow at the extent of the exit duct. 
For the single passage model the same meshes could be used for the nozzle and rotor passages 
as for the full turbine model. New geometries had to be constructed for the 30° segment of the 
exit duct and the inlet block upstream of the nozzle vanes, these were meshed independently. 
 
Figure 117: Computational domain for full turbine model, the volute is shown in blue, the nozzle ring in orange, 
the rotor wheel in red and the exit duct in green. 
Inner inlet 
 
Outer inlet 
Rotor wheel 
 Nozzle 
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Figure 118: Single passage domain, 2 nozzles and a single rotor blade can be seen in red, an inlet block has been 
added upstream of the nozzles and an exit duct downstream of the rotor blade. 
6.4.1 VOLUTE MESH 
The volute is one of the unique features of the ABB turbine, being a double entry design. 
However, the principal concern is with how this affects the flow downstream in the nozzle, 
interspace and rotor wheel. The actual flow processes within the volute are of secondary 
concern. The volute was meshed in the native multi-purpose ANSYS-Mesh generator. The 
volute was divided into segments, allowing some sections to be sweep meshed. Other sections of 
the geometry were too complex for such a technique, here an unstructured mesh of tetrahedral 
and hexahedral elements was applied. The final mesh is shown in Figure 119 , this contained 
808158 nodes and 1333907 elements.  
 
Figure 119: Volute mesh for computational model 
For the single passage model the volute mesh was clearly not needed and only a small block was 
placed upstream of the nozzle vanes as seen in Figure 118. This allowed development of the 
pressure field upstream of the nozzle leading edge. A fully unstructured mesh of tetrahedral 
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elements was applied to this geometry with inflation layers adjacent to the endwalls, the mesh 
contained 3110 nodes and 9284 elements, this is shown in Figure 120. 
 
Figure 120: Inlet block meshing for single passage case 
6.4.2 EXIT DUCT 
The flow within the exit duct was only of cursory interest to the current thesis, and was primarily 
required to ensure correct boundary conditions for the rotor wheel. As discussed above, two 
different exit ducts were required; one containing the full geometry and the second with only a 
30° segment for the single passage model. The meshes for both of these were generated in 
ANSYS-Mesh.  
For the full exit duct most of the geometry allowed sweep meshing. An unstructured mesh of 
tetrahedral and hexahedral elements was applied in the section adjacent to the rotor wheel. The 
final mesh contained 101284 nodes and 121267 elements, this is shown in Figure 121. The exit 
duct mesh for the single passage model was meshed in a fully unstructured manner using 
tetrahedral elements with inflation layers on the exit duct wall surface. This contained 41691 
nodes and 131601 elements and is shown in Figure 122. 
 
Figure 121: Exit duct mesh for full turbine model 
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Figure 122: Exit duct segment mesh for single passage model 
6.4.3 NOZZLE MESH 
The nozzle meshes were created in ANSYS Turbogrid. This program allows the user to create 
high quality hexahedral meshes of turbomachinery passages. Although the generation of the 
mesh is mainly automatic, the program does allow the user to adjust control points which can be 
used to optimise the grid shape.  
The primary concern in the analyses of this thesis lies with the flow inside the rotor since this is 
where the shaft work is generated and most of the losses occur. The geometry of the nozzle is 
also important but this relates predominantly to how the flow in the rotor wheel is affected and 
not the actual flow inside the nozzle passage itself. Therefore the nozzle mesh did not receive as 
much attention as that of the rotor passage and was made as large as possible without 
compromising the size of the rotor mesh. 
Two meshes were generated for Nozzle B, a lower resolution mesh (Mesh 1) and a higher 
resolution mesh (Mesh 2) which will be used in this chapter. Details of these meshes are given in 
Table 22. Figure 123 shows a surface mesh for Mesh 2. 
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Figure 123: Surface mesh for Nozzle Mesh 2  
Table 22: Mesh statistics for a single passage for Nozzles Meshes 1 and 2 
Nozzle Mesh Nodes Elements Topology definition 
B 1 48,732 44,010 H/J/C/L - with o-grid 
2 100,520 92,888 H/J/C/L - with o-grid 
 
6.4.4 ROTOR MESH 
Denton [75] recommends that each blade passage mesh should contain around 400,000 nodes in 
order keep numerical losses to acceptable limits however Casey [76] recommends up to 600,000 
nodes per passage. Unfortunately computational analyses, even in this academic setting, are 
limited by practical considerations of the required computational load demanded by these high 
density meshes and it is clear that many CFD analyses of turbomachinery do not meet this 
criterion [10, 43, 44, 47].  
To assess the effect of mesh size on the prediction of the flow field within the turbine rotor 6 
different rotor passage meshes were created in the native ANSYS program Turbogrid, ranging 
between 18000 nodes and 1.8 million nodes per passage, labelled A-F, these are detailed in Table 
23. A sensitivity analysis was carried out on these different meshes. 
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Table 23: Mesh statistics for the different rotor meshes created 
Mesh Elements  Nodes Topology Definition 
A 15,328 17,834 H/J/C/L - with o-grid 
B 77,292 84,974 H/J/C/L - with o-grid 
C 167,892 180,411 H/J/C/L - with o-grid 
D 423,080 446,459 H/J/C/L - with o-grid 
E 950,181 989,964 H/J/C/L - with o-grid 
F 1,779,920 1,840,119 H/J/C/L - with o-grid 
 
6.5 ROTOR MESH SENSITIVITY STUDY 
A rotor mesh sensitivity study was undertaken in order to analyse how the prediction of the flow 
within the turbine passage changes when the mesh density is altered. The six different rotor 
meshes, A-F, described in Table 23, were each run with the same boundary conditions and the 
predicted flow field and turbine performance evaluated for each one. 
6.5.1 SINGLE PASSAGE MODEL 
For the sensitivity study a single passage model was used, effectively assuming that the turbine 
will be operating in equal admission, as discussed above. The setup of the single passage model 
for the sensitivity study was the same as that used for the full admission analyses in this chapter 
and is described below. Table 24 outlines the model general settings for the single passage cases.  
Table 24: Single Passage Model Settings for rotor mesh sensitivity study 
Analysis type Steady state 
Inlet Stagnation pressure (180,000 Pa) and temperature (350 K). Flow 
direction assuming a free vortex flow with a swirl coefficient of 0.9 
[77] 
Outlet Area averaged static pressure (100,000 Pa) 
Nozzle Rotor Interface Mixing plane – Stage interface 
Walls Smooth, adiabatic 
Turbulence Model k-ε with scalable wall functions 
 
6.5.2 SINGLE PASSAGE BOUNDARY CONDITIONS 
6.5.2.1 Free vortex flow 
One of the greatest disadvantages of the single passage model is the absence of the volute 
geometry which sets the flow angle into the nozzle ring. In order to specify this flow direction a 
free vortex flow from the volute inlet was assumed. A free vortex flow preserves the tangential 
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momentum of the flow as it approaches the rotor wheel.  A swirl coefficient of 0.9, as 
recommended by Japikse and Baines [77], was applied. The swirl coefficienct accounts for the 
effects of friction in the volute, a value of 0.9 assumes that 10% of the tangential momentum of 
the flow will be lost by the time it reaches the rotor wheel compared to the volute inlet. 
Appendix H describes in more detail the specification of the inlet boundary condition using the 
free vortex assumption. 
6.5.2.2 Mixing plane 
The interaction between the stationary and rotating domains is inherently unsteady as the rotor 
blades pass the wakes of each nozzle passage. For the single passage model here there is no 
relative motion between the rotor and stator blades in the CFD simulation and so this must be 
accounted for.  
There are two approaches which can be used to deal with this in CFX. The first is the frozen 
rotor condition where the flow from the stationary domain enters the rotating domain with no 
mixing effects. However, the frame of reference for the flow is changed to account for the 
rotation of the domain. The second method which was used in the full admission analyses in this 
chapter is a mixing plane or ‘stage’ interface. The mixing plane, which is located at the interface 
between the two domains, will mix out the upstream flow (from the nozzle) so that it is uniform 
in a pitchwise sense but not in the spanwise direction [72]. The mixed out flow is then used as 
the inlet condition to the rotor domain.  
6.5.2.3 Periodicity  
Rotational periodicity is crucial in reducing the analysis to a single passage. A periodic condition 
ensures that the flow leaving one side of the interface exactly matches that entering the opposite 
side of the interface. A periodic interface was defined between the two sides of the single passage 
flow domain, 30° apart.  
6.5.3 SENSITIVITY OF GLOBAL VALUES 
Figure 124 and Figure 125 show the convergence of mass flow and torque with mesh size. A 
definite convergence of each parameter is seen as the mesh size is increased. The maximum 
discrepancy compared to the value predicted by the most highly discretised mesh (Mesh F, see 
Table 23) is of a magnitude that may be considered reasonable for many engineering 
applications. The maximum discrepancy in mass flow was a 0.56% under-prediction of mass 
flow by Mesh A. In torque, Mesh C gave the largest discrepancy of 0.9% over-prediction. The 
prediction of mass flow sees a general increase as the mesh number is increased whereas the 
prediction of torque sees a general decrease. This suggests that the lower density meshes are not 
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predicting the full severity of the dissipative effects which lead to a stagnation pressure loss 
within the rotor passage, as compared to the more highly discretised meshes. 
 
Figure 124: Variation in mass flow predicted by the computational model with mesh size 
 
Figure 125: Variation in torque predicted by computational model with mesh size 
6.5.4 FLOW FIELD STUDY  
The flow field predicted by Mesh F will first be studied. Figure 126 shows lines of wall shear 
stress plotted on the hub and blade surfaces, the blade surface facing the reader is the pressure 
surface with the leading edge is on the left hand side. This figure shows significant influence of 
secondary flow. From the leading edge of the blade on the hub surface it is possible to see the 
flow moving from the pressure surface towards the suction surface (Feature A) showing a clear 
indication of the hub-side passage vortex as reported by Langston et al. [78] on an axial turbine 
cascade. There is also a clear movement of the flow in the positive spanwise direction up the 
pressure surface of the blade (Feature B). This migration of the flow up the span of the blade is 
seen to feed the tip leakage flow, which forms a much stronger vortex than the hub passage 
vortex. 
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Figure 126 can be directly compared with Figure 127 which shows the same plot for Mesh A. 
This mesh is able to pick up the main features of the flow identified above. Firstly, there is 
movement of the flow from the pressure to the suction surface, indicating the formation of the 
passage vortex. This does not look to affect the flow up the span of the blade to the same extent 
as for Mesh F. There is also a definite movement of the flow up the span of the blade to feed the 
tip leakage flow. Considering that Mesh A is some two orders of magnitude smaller than Mesh F 
it seems to do a reasonable job in resolving these flow features in the hub region. 
 
Figure 126: Surface pathlines predicted by Mesh F 
 
Figure 127: Surface pathlines predicted by Mesh A 
A 
B 
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Figure 128: Pathlines predicted by Mesh F at 90% of blade span 
Examining the flow near the shroud now, Figure 128 shows the pathlines traced by a number of 
particles released at the leading edge of the rotor passage at 90% of blade span for Mesh F. Two 
passage instances are seen in this plot (each one a duplicate of the other). The strength of the tip 
leakage vortex, Feature A, is clear if only from a qualitative perspective in this plot. A further 
vortex is seen to form near to the leading edge on the suction surface of the blade, Feature B, 
this is weaker than the tip leakage vortex flow and is rotating in the opposite sense. This vortex 
represents a re-distribution of the vorticity in the end-wall boundary layer as it meets the leading 
edge of the blade and is seen to wrap around the more intense tip leakage vortex as it moves 
through the passage. It is important to remember that the flow of these vortices is a highly 
unsteady process in real life. The CFD simulation was run to a steady state solution and so the 
pathlines shown in this figure would be identical to the equivalent streak lines and stream lines if 
they had initiated from the same point, in reality these different traces would not be equivalent.  
The formation of the shroud side passage vortex is also evident in this plot as it is possible to see 
the movement of fluid from the pressure surface across the passage to the suction surface, 
Feature C. This movement of the flow across the passage is very similar to that depicted by 
Sieverding and Van den Bosch [79] for the SS2 surface shown in Figure 119. Although their 
experiments were carried out on an axial cascade with no tip clearance, the formation of this 
vortex is similar. 
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Figure 129: Cross passage secondary flow reported by Seiverding and Van den Bosch [79] 
It is now instructive to present plots of the Mach number downstream of the rotor blade where 
evidence of these vortices can be seen. Figure 130 shows contours of Mach number on a 
spanwise plane 1.5mm downstream of the rotor blade trailing edge for each mesh from A-F. 
Looking first at the plot for Mesh F (bottom right) the rotor blade trailing edge wake is visible 
and the effect of the tip clearance vortex is clear where there is a significant depression in Mach 
number at around 88% of span. Also on this plot there is evidence of the suction surface vortex 
identified as Feature B in Figure 128, this is identified by another depression in Mach number, 
located below the tip leakage vortex at around 67% of span.  
Looking now at the same plot taken for Mesh A (top left) it is clear that the coarser mesh does 
not resolve some of the flow features predicted by the finer mesh. A tip clearance vortex is still 
evident although the severity of this vortex is much less and its core is located at a slightly higher 
span. Evidence of the second vortex which was seen in Mesh F at around 67% span however is 
not visible on this mesh.   
As the mesh density is increased the resolution of these features becomes closer to that of Mesh 
F. Meshes B and C show evidence of the formation of the second vortex although it is not until 
Mesh D that this is clearly visible. This fits with the observations of Casey [76] who recommends 
between 400000 and 600000 nodes per blade passage. By Mesh E the prediction of the various 
flow features is very similar to that of Mesh F, which is around twice as large. 
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Figure 130: Prediction of Mach number on a plane 1.5mm downstream of the turbine exit for 6 different rotor 
meshes: Starting from the top left Mesh A through to Mesh F in the bottom right. 
 
6.5.5 THE FINAL MESH 
The sensitivity study presented above shows that although the strongest features in the flow are 
picked up by even the smallest mesh (Mesh A see Table 23), the resolution of these features is 
still improving from Mesh E to Mesh F. Clearly the most desirable mesh to use would be Mesh 
F to get the best resolution of the flow structure within the turbine. Unfortunately it was decided 
that a mesh of this size would not be feasible for analysis of the full rotor geometry in the partial 
admission case. For the study in this section Mesh E was chosen, this contained 990000 nodes 
and 950000 hexahedral elements per rotor passage. Figure 131 shows the leading edge definition 
of the rotor blade at 50% span to give an idea of mesh density. The Y+ values over the blade 
surface for this mesh were between 1 and 2. Mesh 2 was chosen for the nozzle passage, this 
contained 100000 nodes and 93000 elements. 
The computations were run on the high performance computer (HPC) at Imperial College: this 
is a centrally based PC cluster allowing vast parallel computations. The partial admission case, 
A B C 
D E F 
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which required the full turbine geometry to be modelled, consisted of over 15 million mesh 
nodes in total, was run on 3 HPC nodes, each with 8 CPUs and a RAM availability of 16GB. 
Even with this capacity computation times for the partial admission case were on the order of 
two weeks in total. On top of the solver processing time involved, post processing of the data 
becomes very memory intensive. As the number of mesh nodes increases the size of the results 
file will also increase accordingly, each results file was approximately 6GB in size for this mesh in 
the partial admission case. 
 
 
Figure 131: Rotor leading edge definition at 50% blade span for rotor Mesh E 
 
6.6 CALCULATION OF TURBINE LOSSES 
6.6.1 ENTROPY GENERATION 
One of the intentions of the computational work in this thesis is to provide a comparison 
between the turbine flow under partial and full admission conditions. One method of 
demonstrating the difference between each of these is to show the division of losses inside the 
turbine and to explore how this changes. Traditionally, the magnitude of an area of loss has been 
described by a “loss coefficient”, often in the form of a stagnation pressure or enthalpy loss 
coefficient. Denton [71] argues that the main reason for this is simply because loss coefficients 
of this type are easy to calculate from cascade data and this does not necessarily make it the best 
formulation for enhancing design. The shortfalls of such formulations are especially clear in 
Radial turbomachinery where, in the rotating blade row, a change in radius can lead to a different 
relative total pressure without the flow necessarily undergoing any loss of kinetic energy. Denton 
[71] finds that the use of entropy gain across a domain is the most sensible measure for loss 
generation within a fluid system, especially as most systems are very nearly adiabatic and so 
entropy will only be generated through irreversibilities. In this case irreversibility refers to the 
loss of flow kinetic energy through dissipation by viscous and turbulent effects, leading to a loss 
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of stagnation pressure which is the more classical measure of “loss”. Hence it is with this 
rationale that the rate of entropy generation is used in this thesis as a basis for quantifying “loss” 
and the two terms will be used interchangeably in the following chapters of this thesis. 
Within a 3D fluid model, the simplest method to calculate the entropy generation within a given 
volume is to calculate the net flux of entropy across the bounding surfaces of the control 
volume. Unfortunately the time dependency of the flows in this thesis precludes the calculation 
of entropy generation in this way. For the pulsed flow cases (see Chapter 7) this restriction is 
straightforward since the boundary conditions are time variant and the problems of phase 
shifting have already been discussed (see Section 3.7.1). The partial admission case also suffers 
from unsteadiness within the rotor wheel as it spins between the flowing and non-flowing 
entries. Hence, it becomes necessary to look at the loss on an instantaneous basis.  
Here the use of entropy generation holds a further advantage over other forms of loss coefficient 
since it can be calculated on an instantaneous pointwise basis from the flow field within the CFD 
analysis. This approach to the calculation of entropy generation has already been demonstrated 
by several researchers [10, 80, 81]. Sciubba [80] outlines the superiority of this method over 
traditional loss correlations for identifying regions of loss inside a turbo machine. Perhaps more 
pertinent to the current investigation Pullan et al [81] used the method of entropy generation rate 
to show different areas of loss inside a turbine passage. Copeland et al. [10] also used the idea of 
entropy generation rate to demonstrate areas of loss generation in a double entry turbine system. 
The equation for entropy generation rate per unit volume, σ, used in this study, is given by 
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Equation 63 
Where    is the turbulence viscosity and   ̅  is the shear stress tensor based upon the average 
flow field (that is to say based upon the gradient of the mean velocity, not including the 
fluctuating turbulent component). A derivation of this equation is given in Appendix I. All of 
these parameters can be obtained readily from the CFD solution and then this quantity can be 
integrated over a control volume in order to evaluate the total instantaneous entropy production 
and hence to quantify a loss associated with that volume. 
As discussed above, in a steady state analysis the entropy generation rate within a given control 
volume could be found by evaluating the net flux of entropy into and out of the domain. This 
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should theoretically be equal to the entropy generation calculated by integration of Equation 63 
over the whole control volume. In practice it was found that these two values did not agree, with 
the integration of Equation 63 across the domain always being less than the entropy generation 
rate calculated by the net flux of entropy, what’s more, this discrepancy was found to be mesh 
dependant. As the mesh became finer the agreement between the two different calculations 
became closer.  
Although this discrepancy is unfortunate it was decided that for the current work the effect 
would be minor since the primary concern here is in the distribution of loss in a comparative 
sense rather than to find an absolute value. Because of this all values of entropy generation rate 
presented in this thesis will be normalised rather than absolute values. 
6.6.2 DISTRIBUTION OF LOSS 
Losses in turbomachines are classically divided into different mechanisms e.g. profile loss, tip 
leakage loss, secondary flow loss etc. These different losses are generally formulated in terms of 
known geometric properties of the turbine. The division of losses in this manner makes sense 
from the point of view of the turbine designer who is then able to change various geometric 
properties in order to optimise the (predicted) loss distribution within the turbine [66]. Rohlik 
[82] was able to demonstrate this graphically by showing how the loss distribution changes 
within a radial turbine, at peak efficiency, designed for different specific speeds (see Figure 132). 
However, as other authors have outlined before [71, 67]; on a real turbomachine the division 
between each of these types of loss becomes blurred and in fact these different mechanisms are 
rarely independent. From a practical standpoint this makes it impossible to divide the losses in 
such a way that one particular quantum of loss initiated from a certain mechanism whilst the 
next quantum initiated from a different mechanism, even with a detailed 3D CFD model which 
is able to resolve the flow to almost boundless detail. 
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Figure 132: A division of different turbine losses with changing speed presented by Rholik [82] 
In this thesis the losses are divided by geometric boundaries instead of by different mechanisms. 
Because of the inter-relation between the different loss mechanisms the division of the passage 
into different areas of loss generation must be somewhat arbitrary, although some thought was 
given to the fluid dynamic processes within the rotor blade passage.  
The stator domain was taken as a single sub-volume. The rotor blade domain was divided into 7 
further areas. Figure 133 shows the division of the rotor blade passage from a blade to blade 
perspective. The Interspace area consisted of everything between the exit of the stator domain and 
the leading edge of the rotor blade. The Pressure Side (PS), Suction Side (SS) and Exit areas were 
further divided into Tip and Passage sections. The Tip area included everything above 75% of 
blade span, this was found to incorporate the majority of the tip leakage vortex for most cases. 
The Passage area included everything below this. This can be seen in Figure 134 which shows the 
division of the passage in a meridional orientation. 
 
Figure 133: Division of rotor blade passage in the blade-to-blade orientation, the Suction Side (SS), Pressure Side 
(PS) and Exit areas are further divided into Passage and Tip areas. 
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Figure 134: Division of the rotor and stator domains in the meridional sense, the leading and trailing edges of the 
rotor and stator blades have been marked. The tip area (Tip and Exit Tip) incorporate everything above 75% of 
span. 
6.7 FULL ADMISSION ANALYSIS 
The full admission analyses were carried out using a single passage model. The set up of the 
single passage model was discussed in Section 6.5.1 and exactly the same settings were used here. 
The single passage analyses were conducted at a pseudo non-dimensional speed of 48.3rps/√K, 
which corresponded to a shaft speed of 52000 rpm. The pressure ratio ranged between 1.3 and 
3, which equated to velocity ratios between 1.05 and 0.53 respectively. 
6.7.1 COMPARISON WITH EXPERIMENTAL DATA 
The computational results were compared to the full admission experimental results of Copeland 
[7] for both pressure ratio against mass flow parameter and efficiency against velocity ratio. The 
comparisons are shown in Figure 135 and Figure 136. As was discussed in Chapter 4 the results 
of Copeland have been changed from those which he presented so that the reference exit 
pressure corresponds to the atmospheric pressure rather than that measured at the rotor exit. 
Looking first at the comparison of efficiency, the CFD analysis mainly over-predicts the 
efficiency. At the peak the CFD analysis predicts an efficiency of 0.8537; this is around 6 points 
higher than that measured by Copeland of 0.7958. The difference between these two results 
comes, atleast in part, from the differences between the physical system and that being modelled. 
The single passage model clearly does not account for the losses associated with the flow 
through the volute. An estimate of these losses was made by running several full turbine cases, 
with the volute, in steady state with a low density rotor mesh. The drop in isentropic available 
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power across the volute was found to be on the order of 400-500W depending upon the mass 
flow rate which is equivalent to 1 to 2 points on efficiency. This fits with the findings of Barnard 
and Benson [83] who observe that the volute design can affect the turbine efficiency by up to 1.5 
points.  
Another effect which is not accounted for in the CFD model is that of windage on the back face 
of the rotor wheel. Japikse and Baines [77] give a correlation to approximate the dissipation of 
shaft power through windage. 
         
 
 
   
   
  
Equation 64 
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Equation 65 
And ε is the clearance between the back face of the rotor disk and the turbine backplate. This 
was measured to be around 0.5mm. The radius, r3, of the rotor disk was 39.5mm, this was also 
the length scale used to calculate the Reynolds number. Using this correlation for the peak 
efficiency case it was found that windage would have less than a 0.2% effect on the shaft power 
output of the turbine and so would only have a relatively small effect on the predicted efficiency. 
On top of this there are geometrical imperfections which could affect the turbine performance 
during the experiment such as surface roughness and the presence of various pressure tappings 
etc.  
Although the actual peak efficiency is over-predicted, the corresponding velocity ratio matches 
well with the experimental data. In the case of the experimental results, the peak efficiency was 
measured at a velocity ratio of 0.620, whilst for the CFD this was 0.635. The difficulty in 
determining the actual peak efficiency velocity ratio was already discussed in Section 4.2.2 and it 
should be mentioned that the experimentally measured efficiency was within 1 point of the peak 
value between velocity ratios of 0.598 and 0.665. 
As the velocity ratio increases (decreasing pressure ratio) the computational results move closer 
to those of the experiment. The two lowest power computational simulations, at velocity ratios 
of 0.921 and 1.040, align very well with the experimentally measured data. In fact it would be 
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expected that the CFD should over predict the efficiency due to the reasons outlined above 
however, this is the lower power region of the turbine performance line and corresponds to the 
area of greatest uncertainty in the experimental results.  
Looking now at the prediction of mass flow through the turbine, shown in Figure 136, the CFD 
model shows an over-prediction over the whole range of conditions that were analysed. The 
peak mass flow parameter measured during the experiments was 4.81410-5 kg√K/Pa.s, this was 
at a pressure ratio of 2.552. Using a linear interpolation between the two nearest points for the 
CFD cases, at the same pressure ratio the mass flow parameter would be 4.91110-5 kg√K/Pa.s, 
3.4% greater than was measured. For the lower pressure ratio conditions the CFD predictions 
look to move closer to the experimental data, however comparing the experimental and 
computational results at a pressure ratio of 1.5 the difference is still around a 3% over-prediction 
of the overall mass flow parameter. As with the efficiency comparison it would not be expected 
for the computational results to match the experimental results perfectly due to the differences 
discussed above, especially the absence of the volute in the single passage model which would 
cause some pressure loss. Considering the differences between the single passage model and the 
experimental set up the overall prediction of turbine efficiency and mass flow rate by the CFD 
model shows a satisfactory agreement with the experimental data. 
 
Figure 135: Comparison of CFD data with experimental data for full admission efficiency 
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Figure 136: Comparison of CFD data with experimental data for full admission mass flow rate 
6.7.2 DISTRIBUTION OF LOSSES 
Figure 137 shows the distribution of normalised entropy generation per unit shaft work against 
velocity ratio for the single passage computational analysis. The normalisation value was taken as 
the entropy generation rate per unit shaft work within the rotor and stator in the peak efficiency 
case. At peak efficiency (Operating point A in Figure 137, velocity ratio 0.635, pressure ratio 2.1) 
the losses within the turbine are dominated by tip effects (SS Tip, PS Tip and Exit tip) with the 
largest contribution coming from the tip section on the suction side (SS Tip). The reasons for 
this are clear when the flow field is examined. At this operating condition the incidence angle of 
the flow entering the rotor passage is about -12°. This is a relatively favourable degree of 
incidence [77] and results in a fairly orderly flow field that follows the blade curvature on both 
the Pressure and Suction Sides of the blade. As a result, very low levels of loss in the Passage 
sections are seen when compared to that associated with the Tip regions. The tip leakage 
mechanism in this case is demonstrated in Figure 138 which shows a plane at 30% of blade 
chord. In this figure flow vectors are plotted on top of a contour of normalised entropy 
generation rate per unit volume. The normalisation value was arbitrarily chosen for optimum 
visualisation of areas of high entropy generation, the same normalisation value was used in 
Figure 138 to Figure 140 and Figure 145.  
In Figure 138, there is movement of the fluid up the surface of the blade. This originates near 
the hub at the leading edge and is evident over most of the blade pressure surface up to about 
40% of blade chord. As this fluid reaches the shroud it splits into two directions. Some of the 
fluid leaks over the blade tip from the Pressure Side to the Suction Side: this creates a strong tip 
leakage vortex on the Suction Side of the Tip section. This tip leakage vortex stretches the entire 
length of the blade chord and is carried through to the Exit Tip region, where it is associated 
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with more loss in this area. The remainder of the fluid moving up the blade pressure surface 
moves back across the passage, relative to the rotor movement, towards the suction surface of 
the adjacent blade. This creates another area of entropy generation in the shroud region though 
not as strong as the one linked with the tip leakage flow.  
In the lowest velocity ratio case (Operating point B in Figure 137, velocity ratio 0.53, pressure 
ratio 3.0) the distribution of losses remains similar to those at peak efficiency apart from a 
noticeable increase in losses in the SS Passage section. In this case the incidence angle is +11°. 
The flow impinges on the blade pressure surface, near the leading edge, some of the flow is then 
accelerated around the leading edge of the blade to the suction side where a separation bubble is 
seen: this is demonstrated in Figure 139 which shows flow vectors imposed on top of contours 
of normalised entropy generation rate per unit volume on a plane at 20% of blade span. The 
separation starts from the leading edge at the hub and moves along the blade surface in the 
streamwise direction with increasing span. This is evident up to around 40 percent of blade span 
and was considered to be the cause of increased losses in this region. The rest of the flow field is 
similar to that seen in the peak efficiency case with a similar flow mechanism near the blade tip.  
At the highest velocity ratio (Operating point C in Figure 137, velocity ratio 1.05, pressure ratio 
1.3,) the losses are distributed quite differently to the peak efficiency case (Operating point A in 
Figure 137). The PS Passage region makes up the largest portion of loss by a significant margin: it 
also seems that the Tip Pressure Side losses (PS Tip) are greater than those on the Tip Suction 
Side (SS Tip). In this case the incidence angle is -72° which represents a highly adverse condition. 
In almost the complete opposite situation to the low velocity ratio case, the flow here impinges 
on the suction surface of the blade and accelerates around the leading edge causing a large region 
of separation on the pressure surface of the blade. This originates at the leading edge and is 
evident from near the hub the whole way up the blade span. This mechanism sets up a vortex 
which extends right through the passage. Figure 140 shows a vector plot at 80% of blade span, 
again on top of contours showing normalised entropy generation. This demonstrates a large 
separated region at the leading edge of the pressure surface that seems to dominate the rest of 
the flow field. There is some tip leakage from the pressure side of the blade to the suction side 
although this is minimal and is overshadowed by the effects of the vortex emanating from the 
leading edge. 
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Figure 137: Division of losses in the turbine system for a single passage model, relative to the shaft work of the 
turbine. Operating point A shows the peak efficiency case (pressure ratio 2.1, velocity ratio 0.68), operating point 
B shows the highest pressure ratio case (pressure ratio 3.0, velocity ratio 0.58) and C shows the lowest pressure 
ratio case (pressure ratio 1.3, velocity ratio 1.05) 
 
Figure 138: Flow field at 30% of blade chord in the peak efficiency case, velocity ratio 0.68 and pressure ratio 
2.1. Contours showing normalised entropy generation, a large region of entropy generation can be seen at the tip. 
The inset figure shows a meridional view of the rotor blade with a line indicating the position of the plane at 30% 
of blade chord. 
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Figure 139: Flow field at a plane at 20% of blade span at a velocity ratio of 0.53 and pressure ratio 3.0. 
Contours of normalised entropy generation show a large area of loss on the suction side of the blade. The inset 
figure shows a line depicting the 20% span plane in a meridional view of the rotor. 
 
 
 
 
Figure 140: Flow field at a plane at 80% of blade span for a velocity ratio of 1.15 and pressure ratio 1.3. A 
large separation is evident at the leading edge of the pressure side of the blade, responsible for significant generation 
of loss. The inset figure shows a line at 80% span in a meridional view of the rotor blade. 
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6.8 PARTIAL ADMISSION 
Having looked at the flow field within the full admission turbine and observed how the 
distribution of entropy generation changes in different areas of the turbine at different operating 
points, it is now valuable to see how the fluid dynamics and especially the distribution of entropy 
generation change when the turbine is not in the ideal full admission condition. This section of 
the thesis will look at the partial admission condition, where one of the limbs is passing mass but 
the other is blocked. This is the extreme unequal admission condition.  
6.8.1 MODEL SETUP 
Adopting a single passage analysis would not be acceptable in modelling the behaviour of the 
turbine under partial admission. In order to capture the unsteady effect in each rotor passage a 
transient simulation was carried out with the full turbine-volute geometry, depicted in Figure 
117. Although the computational effort is clearly more considerable than for a single passage 
model, the application of the boundary conditions is more straightforward. The single passage 
model required an estimate of the flow acceleration in the volute in order to prescribe suitable 
boundary conditions. In this case the flow direction was simply applied as normal to the inlet 
plane, marked in Figure 117. 
The computational analysis of the partial admission case was carried out based upon boundary 
conditions measured directly by experiment. However, the application of the static exit pressure 
applied in this analysis at the end of the exit duct actually corresponded to that measured at the 
exit of the rotor wheel. Because of this the partial admission case presented here did not 
correspond exactly to an experimental case. A transient rotor-stator interface was applied such 
that the rotor was explicitly rotated with respect to the stationary components in each time step. 
The rotor was rotated by 1° per time step so that each rotor pitch was covered by 30 individual 
time steps. A wall boundary condition was applied at the inlet of the non-flowing (outer) limb. 
This was considered to be the most appropriate condition to emulate the physical reality, 
guaranteeing no flow through this limb. The parameters for the partial admission case are 
outlined in Table 25.  
In order to carry out a transient simulation it is necessary to specify a flow field throughout the 
domain for the initial conditions. This was achieved by first carrying out a steady state simulation 
of the flow under partial admission with a frozen rotor interface. After computation of the initial 
conditions using the frozen rotor simulation the simulation was run for a further 999 timesteps 
which is equivalent to 2.78 rotor rotations. From monitoring the instantaneous torque predicted 
in each timestep this was judged adequate for cyclic convergence of the solution. The trace of 
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instantaneous torque predicted by the CFD analysis against timestep is shown in Figure 141, an 
initial peak can be seen between 0 and 200 timesteps but after 400 timesteps the solution settles 
down into cyclic convergence. The convergence in each timestep was set to 1×10-5. The total 
computation time was 15 days on 24CPUs. 
Table 25: Partial Admission Model Settings for computational model 
Analysis type Transient 
Inner Limb Inlet Total Pressure and Total Temperature, flow direction 
normal to volute inlet plane: 199,537Pa and 320.7K 
Outer Limb Inlet Wall boundary condition 
Exit Area averaged static pressure: 100,783Pa 
Nozzle Rotor Interface Transient rotor stator interface, 1° rotation per timestep 
Walls Smooth, adiabatic 
Turbulence Model k-ε with scalable wall functions 
Turbine Speed 49,431rpm 
 
 
Figure 141: Instantaneous torque predicted by computational model under partial admission conditions plotted 
against timestep 
6.8.2 COMPARISON WITH EXPERIMENTAL DATA 
Figure 142 shows a comparison between the current CFD analysis and the experimental data 
showing turbine efficiency whilst Table 26 shows a direct comparison of measured properties 
and those predicted by the CFD calculation. The abscissa in Figure 142 shows 1-mass flow ratio 
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(1-MFR), as defined in Section 3.6. A value of zero represents the full admission condition whilst 
unity shows partial admission. The experimental data shown in this plot all corresponded to a 
velocity ratio of nominally 0.65 with varying degrees of unequal admission from full to partial 
admission. A direct comparison can be made between the CFD prediction (shown as a red 
square) and the right-most data point (at 1-MFR = 1) since this represents the same partial 
admission condition modelled in this study.  
It is clear from Figure 142 that the CFD model makes a significant over-prediction of the turbine 
efficiency. The measured efficiency is around 51.5% compared to that predicted by CFD of 
66.4%, a difference of 15 points. This can be compared to the peak efficiency case for the full 
admission analysis, which was at nearly the same overall velocity ratio, the single passage model 
over predicted the turbine efficiency by around 6 points, patently a better agreement with the 
measured turbine performance.  
In order to understand the incongruity between the computational and experimental results it is 
necessary to look at the differences between the two. One clear effect that is not modelled is that 
of windage on the back face of the rotor wheel. Using the same correlation discussed above (see 
Equation 64 and Equation 65) an approximate value of torque exerted on the rotor wheel due to 
windage was calculated. In this case it was found that windage would have less than a 0.5% effect 
on the shaft power output of the turbine. Clearly this cannot account for the large disparity 
between the computational and experimental results.  
It also is prudent to look at the uncertainty in the measured torque. From the measured torque 
listed in Table 26 and using the calculated experimental uncertainty in torque measurement given 
in Section 3.3.6 this leads to a discrepancy in the measured power output of the turbine of 
around 4.5% which cannot explain the large difference seen between the computational and 
experimental results. It is also worth bearing in mind that the efficiency measured experimentally 
in this case correlated well with all of the other experimental data in terms of efficiency ratio 
against the efficiency parameter, as seen in Figure 80. Another effect worth mentioning is that 
the CFD model predicts a time dependent cyclic torque curve with a period equivalent to one 
rotor blade pitch of rotation (30°) with amplitude of 10% of the mean average torque, this can 
be seen in Figure 141. This is due to a momentary large torque experienced by each blade as it 
moves from the stagnant region of the volute to the flowing region where a jet of fluid from the 
first nozzle passage in the flowing sector impinges on rotor blade. The computationally predicted 
torque shown in Table 26 and used in subsequent calculations was the average torque over 
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several of these cycles. In the experimental case a single torque measurement was taken from the 
dynamometer which was assumed to be the equivalent average turbine torque. 
From Table 26 it also seems that the CFD model made an under prediction of the mass flow 
rate, predicting 251gm/s compared to 259gm/s measured experimentally, in absolute terms this 
is a relatively small difference equating to around 3.1% of the overall mass flow rate. The single 
passage model over-predicted the mass flow rate by around 3%. Some difference would be 
expected between the single passage model and that of the full turbine from the inclusion of the 
volute geometry however, not from a 3% over-prediction to a 3% under-prediction of mass 
flow. It is speculated that this difference could arise from a leakage of mass flow between 
pipework for the inner and outer limbs, upstream of the turbine, which was not accounted for in 
the experimental results, this may also help to explain the higher efficiency seen in the 
computational case. Another parameter related to this is the pressurisation of the non-flowing, 
outer limb. The measured pressure ratio across this limb was 1.134 whilst that predicted by the 
CFD was 1.062. This difference could also be influenced if there were a leakage of mass flow 
between the two limbs. Further investigation of this difference is not possible with the current 
data however, explaining this difference is a subject which could be explored in future work 
beyond this thesis. 
 
Figure 142: Comparison of Partial Admission CFD Efficiency with Experimental Data  
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Table 26: A comparison of measured properties and those predicted by the CFD analysis under partial admission 
 Experiment CFD 
N (rpm) 49,431 49,431 
PR inner (flowing) 1.9786 1.9797 
PR outer (non-flowing) 1.1338 1.0621 
Mass flow inner (kg/s) 0.2587 0.2505 
Mass flow outer (kg/s) 0.000 0.000 
Efficiency (t-s) 0.515 0.664 
Torque (Nm) 1.471 1.834 
 
6.8.3 PASSAGE LOSSES 
Although Figure 142 shows a disparity with the experimental results it is still valid to conduct an 
examination of losses in the partial admission case for comparison against the losses in the single 
passage analyses as long as it is kept in mind the limitations of such an analysis. The highly 
refined mesh allows some confidence that the computational model should produce a reasonable 
representation of the flow field for the problem that has been defined within the CFD 
programme which may not account for all of the influences within the experimental case. 
Figure 143 shows the distribution of entropy generation within the nozzle and rotor wheel for 
the partial admission case in the same volumes defined in Figure 133 and Figure 134. (It should 
be noted that this figure shows the normalized entropy generation, not the normalized entropy 
generation per unit shaft work that was plotted in Figure 137.) The normalisation value was 
taken as the total entropy production in 2 nozzle passages and 1 rotor passage in the full 
admission, peak efficiency case (Operating point A in Figure 137). The results are plotted against 
rotation angle to show how the loss distribution changes around the periphery of the rotor 
wheel. 
Integration of the total entropy production in the flowing and non-flowing sections in Figure 
143 reveals that the total entropy generation in the non-flowing sector of the turbine is about 8% 
higher than that in the flowing sector. The loss in the non-flowing sector is primarily due to the 
dissipation of mechanical energy associated with turning the rotor wheel through the stagnant 
region of the volute. This must be taken from the useful work developed in the flowing section 
of the turbine. This demonstrates why the efficiency of the double entry turbine drops so much 
under the partial admission condition and suggests that minimisation of energy dissipation in the 
non-flowing sector could have a significant impact on the performance of this double entry 
turbine under partial admission conditions. However, significant entropy generation in the non-
flowing sector is not the only adverse effect of partial admission. Although the conditions 
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driving the turbine in the flowing sector of the volute are very near to those driving the turbine 
at peak efficiency, it is clear that the loss distribution is very different from the equivalent full 
admission case. 
Figure 144 shows a breakdown of the losses at 4 different operating points, including the full 
admission, peak efficiency case (A), and three points throughout the flowing sector of the volute 
in the partial admission case (D, E and F). Operating point A is indicated in Figure 137, points 
D, E and F can be seen on Figure 143. The same normalisation value was used in Figure 143 and 
Figure 144. 
At the start of the flowing section (operating point F in Figure 143 and Figure 144) there is a 
large contribution from the Pressure Side and Suction Side Passage sections (PS Passage and SS 
Passage) and also the Interspace region. This is a clear departure from the full admission peak 
efficiency case which sees very little entropy generation in these areas. As the wheel rotates, 
moving from operating point F to E and then to D, the entropy production in these areas 
diminishes, moving towards a loss distribution which resembles more closely that of the full 
admission peak efficiency case although it does not seem to reach full development before 
returning to the non-flowing sector. Even at the end of the flowing sector (operating point D) 
the passage losses are 17% higher than those in the full admission case although the breakdown 
of losses is similar, this can be seen most clearly in Figure 144. 
In the non-flowing entry the loss distribution shows an even larger departure from any full 
admission case for the whole section (see Figure 143). This is due to the turbine wheel acting in a 
whole different regime. In the non-flowing entry the turbine is acting more like a very inefficient 
compressor as it is being driven through the flow instead of extracting useful work from the 
fluid. Although the whole loss profile is different, perhaps the most noticeable change is in the 
Stator and Interspace regions. For the full admission case the entropy generation in the Stator (in 
comparison with the net shaft work delivered by the turbine) remains fairly constant for the 
whole operating range of the turbine. In the non-flowing sector of the partial admission case the 
Stator losses vary greatly from almost zero to a fairly high peak in the first and last passages of 
this section. The Interspace losses in the non-flowing sector contribute a significant portion to the 
overall losses in the turbine, this compares to the full admission case where the entropy 
generation in the Interspace regions is minimal throughout the whole operating range of the 
turbine (see Figure 137). 
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Figure 143: Distribution of Entropy Generation against rotor rotation angle in the Partial Admission case, the 
sections corresponding to the flowing and non-flowing sections have been marked, the rotation direction is shown. 
 
Figure 144: Distribution of entropy generation within a single turbine passage at different operating points of the 
turbine: including the full admission peak efficiency case (A, see Figure 137) and at 3 points through the flowing 
sector in the partial admission case (D, E & F, see Figure 143). 
Figure 145 shows a contour plot of entropy generation within the volute, nozzle and rotor wheel 
at 50% of blade span. The normalisation value is the same as that used in Figure 138 to Figure 
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140. This plot can be used to explain some of the features seen in Figure 143 although in order 
to examine the flow field in the partial admission case more fully it is also useful to survey the 
vorticity. This is a useful concept because in one sense it relates directly to the flow field, 
showing the local rate of rotation of the fluid, but it also acts as an indication to the creation of 
turbulence. Ultimately turbulence will lead to the dissipation of mechanical energy, which is the 
primary interest of this study. Figure 146 shows contours of vorticity magnitude at 20, 50 and 
80% of blade span. In this figure the constant span plots have been unwrapped such that the 
whole 360 degrees of the nozzle ring and turbine wheel have been represented in a linear blade 
to blade plot, the flowing and non-flowing entries have been shown. Although most of the 
following commentary refers to the 50% span plot it is clear that many of these features are also 
directly evident in the plots at 20% and 80% of blade span. 
On examination of the flow field in the non-flowing section of the rotor wheel it becomes clear 
that there are several major effects causing loss generation. In the first nozzle passage of the 
non-flowing section (Feature 1 in Figure 146) there is an intense region of vorticity. This is due 
to leakage from the adjoining higher pressure limb through a gap between the volute tongue and 
the connecting stator blade leading to a region of circulating flow within the nozzle passage. 
Evidence of this effect is also visible in Figure 145 which shows significant entropy generation in 
the first nozzle of the non-flowing section (Feature 1), and in Figure 143 which shows a spike in 
the entropy generation within the stator at the start of the non-flowing section. Although this 
seems a small effect, Figure 143 shows the generation of entropy in this area to be a significant 
contributor to the overall entropy generation within the turbine. A similar phenomenon is 
observed in the last nozzle of the non-flowing sector. 
Downstream of this nozzle blade there is a shear layer where the high velocity fluid from the 
adjoining limb mixes with the lower velocity fluid in the non-flowing region (Feature 2 in Figure 
145 and Figure 146). This effect is perhaps the most significant contribution to the high entropy 
generation seen in the Interspace region in the non-flowing section in Figure 143 and seems to be 
one of the most significant areas of energy dissipation in the whole turbine.  
Referring to Figure 143, the next most significant loss in the non-flowing section comes from 
within the blade passage (PS Passage and SS Passage). The contribution of these areas is seen to 
increase as the rotor wheel moves through the non-flowing section (moving in the direction of 
rotation in Figure 143). This can be primarily attributed to the development of strong vortices on 
the leading and trailing edges of the rotor blade (Features 3 and 4 in Figure 145 and Figure 146). 
As the rotor passage first enters the non-flowing section of the volute it is evident that the fluid 
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within the passage has considerable momentum and does not stop flowing instantaneously, this 
helps to delay the development of these vortices however, by the time the rotor passage has 
reached the 4th or 5th nozzle in the non-flowing section, the flow within the rotor passage has 
slowed considerably. Referring to the vortex on the leading edge of the blade (Feature 3), as the 
rotor continues to turn, the slow moving fluid in the interspace region will impinge on the 
suction surface of the blade where it is then accelerated around the leading edge. The fluid then 
separates from the pressure surface leading to the formation of a vortex on the leading edge of 
the blade which grows rapidly to span across the whole rotor passage from the pressure surface 
to the suction surface. This creates a significant blockage to the flow entering the passage. This 
vortex is maintained as the rotor wheel moves through the non-flowing section and right into 
the flowing sector of the turbine. A similar mechanism is observed in the creation of a vortex at 
the trailing edge of the blade (Feature 4). 
Moving from the non-flowing region back to the flowing region another shear layer is formed 
where the high velocity flow meets the neighbouring stagnant fluid (Feature 5 in Figure 145 and 
Figure 146). Although this does directly cause a certain amount of entropy generation (see Figure 
145), this is not to the same extent as the shear layer formed moving from the flowing region 
into the non-flowing region (Feature 2 in see Figure 145) however, its effect is wider reaching. 
As the rotor wheel moves into the flowing section of the volute the vorticity generated in this 
shear layer is convected into the blade passage where it meets with the high vorticity region on 
the leading edge of the blade, carried through from the non-flowing section, associated with 
Feature 3 in Figure 146. This creates a region of significant vorticity at the entrance to the 
turbine passage, which has a large impact on the flow entering the blade passage. The vortex on 
the trailing edge of the blade, associated with Feature 4 in Figure 146, creates a further blockage 
at the exit of the first rotor passage causing more disruption to the flow. As the turbine wheel 
rotates through the flowing section these vortical regions are convected with the flow. The 
trailing edge vortex only imparts a noticeable effect on the flow structure in the first passage of 
the non-flowing section however, even up to 90 degrees of rotor rotation into the flowing 
section the vortices originally formed at the entrance to the rotor passage are still having an 
evident effect on the flow field, see Feature 6 in Figure 145 and Figure 146 which show evidence 
of the remnant vortical structure in the turbine passage at this point.  
Throughout the whole period of rotor rotation in this section it seems that the rotor passage 
does not reach a fully developed state, although it is definitely moving towards this. The 
combination of the shear layer at the meeting between the flowing and non-flowing sections and 
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the vortices formed on the leading and trailing edges of the blade throughout the non-flowing 
section have a definite detrimental effect on the development of the flow within the turbine 
passage in the flowing section. This suggests that the flow within the rotor wheel in the partial 
admission case is fully unsteady. Copeland et al [10] also made this conclusion in their CFD 
analysis of the partial admission condition although they did not conduct such a thorough 
examination of the flow field and used a much coarser model.  
 
 
Figure 145: Contour plot of Normalised Entropy Generation Rate at 50% span, the numbers correspond to the 
same features seen in Figure 146 (below). The inner (flowing) and outer (non-flowing) limbs have been marked.  
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Figure 146: Contours of Vorticity in the blade to blade plane at 20, 50 and 80% of blade span with the flowing 
and non-flowing entries marked. The figure has been annotated to show several features of the flow, also shown in 
Figure 145 (above). 
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6.9 SUMMARY 
A detailed computational study was undertaken in order to investigate the distribution of losses 
inside a double entry turbine under conditions of both full and partial admission. Ten conditions 
of full admission were simulated at a speed of 48.3rps/√K using a single passage turbine model. 
The prediction of turbine efficiency by the single passage model exhibited a reasonable 
agreement with the experimental data. The peak efficiency was predicted to be around 6 points 
of efficiency higher than the measured value. The CFD model predicted a steeper decline in 
efficiency with increasing velocity ratio than was measured on the experiment. The prediction of 
mass flow by the CFD analysis was within 3% of the measured experimental values presented by 
Copeland [7] for the whole range of data. 
The rotor passage was divided into 7 different control volumes and each nozzle blade was taken 
as a single control volume. The concept of entropy generation rate was used to calculate the 
magnitude of loss within each control volume for all 10 of the full admission conditions 
simulated. For the peak efficiency case the main area of loss generation was associated with the 
tip leakage loss. This is a parameter that the turbine designer already endeavours to minimise. 
Although further reduction in the tip gap clearance may be possible, especially on the 
experimental turbine used in this study, this is can be difficult to achieve on a production exhaust 
turbocharger whilst maintaining the necessary mechanical integrity of the turbine. For the higher 
velocity ratio conditions (lower pressure ratio) the most significant loss was found to result from 
a large separation on the pressure side of the blade due to a highly negative incidence angle in 
this case. The opposite was true of the high pressure ratio (low velocity ratio) case which saw a 
positive incidence angle. This led to a separation on the suction side of the blade though not as 
severe. 
In order to allow simulation of the partial admission condition a full turbine model was created 
incorporating the volute, 24 nozzle passages, 12 rotor passages and an exit duct. This contained 
almost 15 million mesh nodes in total. A single partial admission condition was simulated and 
the boundary values were taken directly from experimental measurements. The mass flow rate in 
this case was under predicted by around 3%. The prediction of turbine efficiency did not match 
the experimental data as closely. Although some difference would be expected between the 
computational and experimental results, further research would be required to fully account for 
this discrepancy. Some of the difference may be attributed to leakage of mass between the two 
turbine limbs. 
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An entropy audit was carried out using the same control volumes in each blade passage as those 
defined for the full admission case. This made it possible to compare the distribution of losses 
within the turbine in the full and partial admission cases and to identify the main areas leading to 
increased losses in the partial admission case. It was found that the generation of entropy in the 
non-flowing sector of the turbine was greater than the generation of entropy in the flowing 
sector of the turbine. This will have a significant effect on the turbine efficiency since the power 
associated with generating this entropy in the non-flowing section will be taken from the useful 
shaft work developed in the flowing section of the turbine. Minimisation of these losses could 
have a significant effect on the turbine performance, even if the efficiency of the turbine in the 
flowing section of the volute were compromised. The loss distribution in the partial admission 
case was very different to that seen in any full admission case for both the flowing and non-
flowing sectors. 
An analysis of the flow field within the partially admitted turbine was undertaken in order to 
identify the sources of these losses. One of the most significant areas of entropy generation in 
the whole turbine was associated with the shear layer formed between the flowing and the non-
flowing regions. This was evident at both tongues although the effect was most severe where the 
turbine wheel moves from the flowing section into the non-flowing section. By itself this area 
represents a large portion of the overall entropy generation within the turbine system.  
Another important area of entropy generation in the non-flowing section is at the leading and 
trailing edges of the blade pressure surface where vortices are formed as the rotor wheel is driven 
through the stagnant fluid. Not only does the shearing of the fluid, associated with these vortical 
structures, cause a significant amount of entropy generation but they also have a wider effect as 
they are carried through to the flowing section of the turbine. Here they impact on the passage 
flow structure, blocking the flow entering and exiting the passage. 
As the rotor moves through the flowing region these vortical structures are convected through 
the passage. It is evident that the passage flow is moving towards a fully developed state 
although it is clear that this is not reached before the rotor wheel moves back to the non-flowing 
section. This shows that the rotor wheel in a partially admitted double entry turbine is operating 
in a fully unsteady regime, even though the conditions driving the turbine are time invariant. 
 
 
239 
 
7 CFD ANALYSIS OF PULSATING FLOW PERFORMANCE 
7.1 INTRODUCTION 
This chapter will use computational fluid dynamics (CFD) to study the flow processes within the 
turbine under pulsating inlet conditions. In this chapter, as for the previous chapter, only Nozzle 
B is considered. As well as considering the effects of pulse frequency a detailed study of the flow 
field under pulsating conditions will be given for one case. The analyses presented in this chapter 
are the first pulsed flow CFD results published for a double entry turbine and are one of very 
few pulsed flow turbine analyses which have been validated against experimental results. 
The unsteady CFD analyses in this thesis will look at the out of phase pulsating flow 
performance of the turbine under 38Hz, 52Hz and 77Hz pulsations at a cycle averaged speed of 
43.0rps/√K. Out of phase pulsating flow represents the most realistic boundary condition for 
the turbine under on-engine conditions. 
7.2 THE CFD MODEL 
The previous chapter covered the majority of the detail in the setup of the computational model. 
The same turbulence modelling and temporal and spatial discretisation schemes were used in the 
work in this chapter, however a different mesh was used for the rotor and nozzle domains 
compared to the full partial admission model. Section 6.2 presented some of the challenges in 
modelling the double entry turbine under conditions of equal, unequal and pulsating inlet flows. 
This showed that modelling of the turbine under pulsating conditions was especially 
computationally laborious since it is necessary to capture the timescales related to the 
development of the flow within each passage of the rotor wheel and also those related to the 
pulse time which are several orders of magnitude apart.  
Because of these timescale constraints it is not feasible to use the same mesh as for the previous 
chapter. Instead a smaller mesh was chosen. The sensitivity analysis showed that even when the 
mesh density approached 2 million nodes per blade passage (Mesh F from Table 23) the final 
solution could not be taken as completely mesh independent, although the effect of increasing 
mesh density was evidently less noticeable as the overall mesh density was increased. Considering 
this the mesh was chosen as a balance between accuracy and computational expense.  
In the analyses of this chapter Mesh C (see Table 23) was chosen for the rotor, which contained 
180,411 nodes per passage. For the nozzle domain Mesh 1 was chosen (see Table 22), this 
contained 48,732 nodes per passage. The exit duct and volute meshes were the same as those 
used in Chapter 6. The final mesh contained 4,170,192 nodes and 4,526,118 elements. 
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7.2.1 BOUNDARY CONDITIONS 
The application of boundary conditions for the unsteady model was similar to that for the partial 
admission case in the previous chapter. Table 27 shows how the different boundary conditions 
were specified for the pulsating flow cases. In specifying the boundary conditions it was desirable 
to apply only conditions measured (or inferred in the case of temperature) directly on the test 
facility. It was thus decided to apply a static pressure condition at the inlet even though this 
represents a less stable condition than for stagnation pressure which is more commonly 
prescribed. 
The initial conditions for each of the unsteady cases were specified by first carrying out a frozen 
rotor steady state simulation. The boundary conditions for the frozen rotor simulation in this 
case were the same as those for the first timestep in the unsteady simulation. 
Table 27: CFD model settings for pulse flow analyses 
Analysis type Transient 
Inlet conditions (both 
limbs) 
Static pressure measured directly on the test facility and 
static temperature inferred through the average measured 
temperature, assuming adiabatic compression and 
expansion. Flow direction specified as normal to the inlet 
plane on each limb 
Exit Area averaged static pressure measure in the test facility 
Nozzle Rotor Interface Transient rotor stator interface, 1° rotation per timestep 
Walls Smooth, adiabatic 
Turbulence Model k-ε with scalable wall functions 
Turbine Speed Average turbine speed measured during unsteady testing 
 
Table 28 shows the average conditions which were applied for each of the three different cases 
run in CFD. The specific speed was nominally kept at 43.0rps/√K and the overall velocity ratio 
set to around 0.65. The number of rotor revolutions per pulse (N/f) was nominally 10, 15 and 20 
for the three different cases. 
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Table 28: Cycle average conditions for pulse flow analyses 
Pulse Freq. 
(Hz) 
N/√T 
(rps/√K) 
U/Cis Mass flow inner 
(kg/s) 
Mass flow outer 
(kg/s) 
N/f 
38.2 42.23 0.640 0.208 0.212 19.98 
51.7 42.4 0.636 0.215 0.217 14.70 
77.5 43.01 0.659 0.203 0.217 9.94 
 
7.2.2 CONVERGENCE 
A good convergence of the solution is important since this indicates how well the conservation 
equations which govern the fluid behaviour have been solved. In transient analyses however, it is 
also important to reach a cyclically converged solution. This means that not only is the solution 
converged within each timestep but the solution has been allowed to develop enough, in a 
temporal sense, so that it represents a cyclically repeating solution.  
Consideration of the cyclic convergence was subject to greater ambiguity than the convergence 
within each timestep and was judged by observation of various performance parameters as the 
solution progressed. Throughout the solution phase of the analyses the instantaneous torque and 
mass flow rate into each limb were monitored for this purpose. 
With the timestep set in each case to be equivalent to 1° of rotor rotation, this corresponded to 
between 3,600 and 7,200 timesteps for each pulse. In some cases it was found that several pulses 
would be needed in order to achieve cyclic convergence which would equate to more than 
10,000 timesteps. In order to speed up cyclic convergence the computational model was first run 
with a frozen rotor interface between the nozzle and rotor domains at a much larger timestep 
corresponding to 30° of rotation. This could be run for several pulse cycles in order to establish 
the wave dynamics within the volute limbs and lead to a quicker convergence when the solution 
was changed to 1° per timestep as detailed in Table 27. The final solution would have to be run 
for atleast 1 pulse cycle at 1° per timestep.  
Figure 147 demonstrates a typical cyclic convergence of the mass flow rate into each limb for the 
77Hz out of phase case. The first 600 timesteps show the frozen rotor solution which was run 
with a timestep equivalent to 30° of rotor rotation. The solution was run for 5 pulse cycles with a 
larger timestep which, by looking at the maximum and minimum values of mass flow rate for 
each pulse in the inner and outer limbs, can be seen to converge as the solution progresses. After 
600 timesteps the transient rotor-stator interface is implemented and the timestep is decreased to 
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1° of rotation. Almost two full pulse cycles are modelled after this. Comparing the wave shapes 
of successive pulses in each limb the solution was considered to show adequate cyclic 
convergence. The convergence in each timestep was set to be 1×10-05 which was generally 
achieved after 5-8 iterations in each timestep at 1° of rotation. 
Like for the partial admission case the simulations were run on the high performance computer 
(HPC) at Imperial College. The pulsating flow simulations were each run on a single HPC node 
with each one containing either 8 or 12 CPUs with 16GB or 24GB of RAM respectively. The 
time required to achieve a cyclically converged solution was anywhere from 5 weeks to almost 10 
weeks for the 38Hz case. 
 
Figure 147: Variation of mass flow rate throughout pulsed flow CFD calculation with a 77Hz pulse plotted 
against timestep. 
7.3 UNSTEADY RESULTS 
7.3.1 EXPERIMENTAL VALIDATION 
As a means of validation the computational predictions were compared against the 
experimentally measured traces of instantaneous torque and the mass flow rate in each limb and 
the traces of pressure measured in the interspace region by ultra-miniature pressure transducers 
as detailed in Section 3.4.3. Although the pulsed flow analyses here will consider several different 
cases for Nozzle B, the main analysis will look at the flow regime in the case of 52Hz pulsations 
and therefore the validation of the computational model will concentrate on this case.  
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7.3.1.1 Mass flow 
Figure 148 shows a comparison of the predicted mass flow rate against that measured on the test 
facility for the 52Hz out of phase case. It is worth noting that the abcissa on this plot shows the 
absolute time from the start of the simulation as opposed to the chopper plate phase angle which 
was primarily used in the experimental analysis. The CFD simulations were not phase locked to 
the chopper plate rotation in the same way as the experimental data collection and so the data 
will not necessarily all be extracted over the same range in terms of chopper plate phase angle, 
although all of the plots show a complete pulse cycle. The chart spans 0.02s in total which 
corresponds to a little more than 1 pulse cycle at 52Hz. The broken lines show the CFD 
prediction whilst the solid lines show the data measured on the test facility.  
For the inner limb the peak measured mass flow rate is 366gm/s whereas the CFD prediction 
gives 357gm/s, this is an under prediction of around 2.5%. For the outer limb the CFD under 
predicted the peak mass flow rate by around 3.5% from a measured peak of 376gm/s to a 
predicted peak of 362gm/s. These differences are relatively small and are similar to the 
discrepancies seen for the full admission steady state CFD of Section 6.7.1. 
Although there is some discrepancy in the peak measured values it is nevertheless clear from 
Figure 148 that the shape of the mass flow curve is predicted well by the CFD. This is an 
encouraging result since only the static temperature and pressure profiles were specified at the 
inlet boundary it suggests that the wave dynamics inside the volute are predicted well by the 
CFD calculation. 
 
Figure 148: Comparison of measured (solid lines) and predicted (broken lines) mass flow rate with a 52Hz out of 
phase pulsed flow 
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7.3.1.2 Interspace pressure 
A comparison of the predicted and measured pressures in the interspace region, at the exit of the 
nozzle ring, brings greater confidence in the CFD results; this is shown in Figure 149. The 
experimental data in this plot (solid lines) were taken from the ultra-miniature Kulite transducers 
mounted downstream of the nozzle vanes (see Section 3.4.3). The CFD data (broken lines) were 
taken as point measurements on the volute surface at the same location as the Kulite transducers 
were mounted. In this case the general shape of the pressure pulse is predicted well by the CFD, 
especially in the peak region. The peak value predicted by the CFD for the inner limb was 
176,177Pa whereas the measured peak was 174,294Pa, an over-prediction of around 1%. For the 
outer limb the peak predicted by the CFD was 166,621Pa, the peak measured value was 
167,471Pa, an under-prediction of around 0.5%.  
Although the overall shape is predicted well, the CFD results show a high frequency undulation 
which is not present in the experimental results. This is most likely a result of rotor blade passing 
which would be filtered out in the experimental results. It is worth noting that this high 
frequency component in the computational results is not be completely resolved due to signal 
aliasing since the results were only sampled at every 100° of rotor revolution.  
 
Figure 149: Comparison of measured (solid lines) and predicted (broken lines) interspace pressure with a 52Hz 
out of phase pulsed flow 
7.3.1.3 Torque 
The agreement of the torque measurement is less impressive than for the mass flow rate or the 
pressure in the interspace. Figure 150 shows that the CFD prediction plotted against the 
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measured torque trace for the 52Hz out of phase case. It is clear that the CFD simulation does 
not follow the measured trend in detail. Although the two peaks are clearly predicted by the 
CFD calculation, the form of these is different to that measured on the test facility. In comparing 
the measured and calculated torque traces it was found that as the frequency of the pulse was 
increased the agreement between the computation and the measurement became weaker. This is 
similar to the finding in the quasi-steady analysis of Section 5.4 which saw a much better 
agreement between the 38Hz in phase case than for the 77Hz out of phase case. Figure 151 
shows both the experimental and computed torque traces for the 77Hz out of phase case aswell 
as the quasi-steady prediction. The computed torque trace shows very little agreement in shape 
with the measured torque trace, however it is much closer to that of the quasi-steady calculation.  
On top of looking at the instantaneous torque curves the average toque over each pulse cycle 
can also be used for model validation. Table 29 shows the average torque measured during 
experimental testing on each case and the computational prediction. The computational model 
over predicts the average torque in all cases, this is not unexpected since it was also found in the 
steady calculations (Section 6.7) that the torque was over predicted resulting in higher efficiencies 
for the computational cases. However, the level of agreement for the average torque is still good. 
The fact that, on an instantaneous basis, the computational analysis is not able to predict the 
measured torque raises a question over where this inconsistency arises. The difference between 
the two traces in Figure 151 could be due to an unsteady effect within the rotor wheel which the 
CFD calculation was not able to resolve, however, the pressure and mass flow rate are predicted 
well by the CFD. It is also worth considering that the instantaneous torque measured on the test 
facility is a sum of the average torque measured by a load cell and the fluctuating component 
measured by the acceleration of the rotating shaft. The average torque measured by the load cell 
and the cycle average torque predicted by the CFD calculation are shown to be in good 
agreement providing further confidence in this model. Since the computational model provides a 
good prediction of all other parameters one would expect that the instantaneous torque should 
also be well predicted. In light of this it seems that the measurement of the fluctuating torque 
component on the test facility may be flawed, specifically at higher pulse frequencies and during 
out of phase admission.  
A description of the experimental technique used to calculate the fluctuating torque is given in 
Section 3.4.6. Although this measurement is relatively straightforward, relying solely on the 
number of clock pulses between pulses of a 10 toothed encoder, it may also be susceptible to 
very small mechanical effects.  For example vibration of the rotating shaft may affect the timing 
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of the encoder teeth interfering the optical sensor, this may become more severe for out of 
phase pulsating flow and as the pulse frequency is increased. A more complete explanation of the 
difference between the experimental results and the computational prediction of torque is not 
possible here but could be a subject of further work. In the current analysis it will be taken that 
the computational prediction of torque is correct. 
 
Figure 150:  Comparison of the measured and predicted torque trace across 1 pulse cycle with a 52Hz out of 
phase pulsed flow 
 
Figure 151:  Comparison of the measured and predicted torque trace across 1 pulse cycle with a 77Hz out of 
phase pulsed flow 
247 
 
Table 29: Comparison the measured and predicted cycle average torque for each unsteady CFD case 
Case Measurement (Nm) CFD (Nm) % difference 
38Hz out of phase 3.164 3.397 7.36 
52Hz out of phase 3.384 3.545 4.76 
77Hz out of phase 3.207 3.394 5.83 
 
Overall the computational model agrees well with experiment, especially in terms of mass flow 
and pressure prediction. However, it should be kept in mind that the validation presented here 
was based on comparison with integrated quantities measured on the experiment. A more 
complete validation of the analyses presented in this chapter, and those of Chapter 6, would 
require a more complex experimental setup with new instrumentation. This is true even if a 
simplified validation case, such as stationary nozzle with pulsating inlet conditions, were to be 
undertaken.  Although desirable, such a pursuit was beyond the constraints of this project, this is 
left as a suggestion for future work on this topic. 
7.4 ANALYSIS OF UNSTEADY CFD 
The CFD data can be used to extract information about the performance of the turbine under 
pulsed conditions which was not possible with the experimental setup. In this respect it is a 
valuable asset in understanding the behaviour of such complex flow systems. Computational 
simulations however are not without problem. The computational effort involved in carrying out 
the calculation solving phase has already been discussed but analysis of the resulting data can also 
be laborious. 
Because of the nature of the unsteady analyses, incorporating several thousand timesteps, 
processing this information by hand is not a realistic option. Instead it was necessary to 
implement most of the analyses by creating case files in the CFX command language which 
could be left to run autonomously. Some of these case files could take upwards of 12 hours to 
complete. 
The analysis of the pulsed flow CFD data will be split into 2 parts. The first part will compare 
the performance of the turbine under three different conditions of pulse frequency. The second 
part of this section will look in detail at the aerodynamics of just the 52Hz case. 
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7.4.1 COMPARISON OF 3 DIFFERENT FREQUENCIES 
Much of the analysis in this section is based upon the collection of data from a few different 
surfaces in the CFD model. It is therefore worth first describing these surfaces. Figure 152 
shows the surfaces created within the stationary domain, the surfaces pertaining to the inner limb 
are shown in green whilst those for the outer limb are shown in red. The rotor blades and nozzle 
vanes are shown in blue whilst the volute domain is shown as a semitransparent solid. Data were 
collected from surfaces at the inlet to each of the volute entries, upstream of the nozzle row and 
at the trailing edge of the nozzle row. Figure 153 shows the surfaces which were used to collect 
data in the rotating domain. The rotor blades are again shown in blue, the hub surface is shown 
in orange whilst the data collection surfaces at the inlet and outlet to the rotor wheel are shown 
in magenta. These surfaces are coincident to the leading and trailing edges of the rotor wheel. 
 
Figure 152: Figure showing where data were collected for the measuring plane, the nozzle inlet and the nozzle 
outlet for the inner (green) and outer (red) limbs 
 
 
Figure 153: Figure showing the planes of data collection in and out of the rotor wheel 
7.4.2 A STUDY OF UNSTEADINESS AND THE Ω CRITERION 
Section 5.5 made an analytical assessment of unsteadiness within a flow system based on the 
conservation of mass. This led to the formation of a new parameter, Ω, however, this made 
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several assumptions about the behaviour of the turbine and the form of the pulsating flow 
driving the turbine. With the computational model it is possible to obtain the mass flow rate at 
different stations through the turbine and to calculate the temporal mass imbalance with respect 
to what is entering and exiting each domain at each instance in time, which is the basis of the Ω 
parameter. The normalised massflow discrepancy, which will be abbreviated to the Greek letter 
of capital Psi (Ψ) was thus defined for any domain; 
   
 ̇    ̇   
 ̅̇   
 
Equation 66 
Where ̇̅  is the average mass flow through a given domain over a whole pulse cycle and ̇    and 
 ̇    are the instantaneous mass flow rates entering and exiting the domain. Ψ was evaluated at 
timestep intervals corresponding to 100° of rotor rotation throughout an entire pulse cycle for 
each of the 3 unsteady CFD cases for three different domains; the inner volute limb, the outer 
volute limb and the rotor wheel.  
Figure 154 to Figure 156 show the variation of Ψ throughout a pulse cycle for each of the 
different unsteady cases. Again it is worth noting that these plots show the absolute time on the 
abscissa, as opposed to the chopper plate phase angle. These plots are a graphical demonstration 
of the effect of unsteadiness on each of these different components; a value of zero indicates 
that both the inlet and outlet are passing the same amount of mass and therefore there will be no 
mass storage within the domain, as the value moves away from zero this shows a greater degree 
of mass storage or mass emptying from the domain and hence a greater departure from a quasi-
steady condition.  
It is immediately apparent that the outer volute sees the greatest level of Ψ in all cases; this is 
noticeably higher than the level of Ψ shown for the inner volute limb. The value of Ψ 
experienced by the rotor wheel is again lower still, with very little movement away from the zero 
line, especially for the 38Hz and 52Hz cases. These results are not surprising from the 
experimental calculations of Ω which showed the outer volute to suffer the greatest 
unsteadiness, followed by the inner volute and then the rotor wheel.  
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Figure 154: Figure showing the normalised mass flow discrepancy predicted by the CFD model for the inner and 
outer volute limbs and the rotor wheel under a 38Hz pulsating flow 
 
Figure 155: Figure showing the normalised mass flow discrepancy predicted by the CFD model for the inner and 
outer volute limbs and the rotor wheel under a 52Hz pulsating flow 
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Figure 156: Figure showing the normalised mass flow discrepancy predicted by the CFD model for the inner and 
outer volute limbs and the rotor wheel under a 77Hz pulsating flow 
Table 30 allows a further quantitative insight into the effects of unsteadiness and the calculation 
of Ω. For each component (inner volute limb, outer volute limb and rotor wheel) the table 
shows the maximum values of Ψ as well as the overall root mean squared (RMS) values of Ψ and 
the values of Ω calculated from the experimental data.  
From Table 30 it is possible to see that the greatest Ψ is 0.711 which corresponds to the outer 
volute entry in the 77Hz case. This means that at one given instance in time the mass flow which 
is diverted to filling or emptying of this volume is equivalent to 71% of the overall pulse cycle 
averaged mass flow through this domain. It is palpable that this degree of mass storage will cause 
a large deviation from quasi-steady flow across this domain. The inner volute entry does not see 
as large an effect of unsteadiness, nevertheless the peak value of Ψ for the 77Hz case was 0.468 
and even for the 38Hz case this was still 0.186. The peak values of Ψ in both the inner and outer 
volute entries signal a large effect of unsteadiness in these domains due to mass storage effects. 
Looking at the experimentally calculated values of Ω for the inner and outer volute limbs these 
are, in order of magnitude terms, very similar to the maximum values of Ψ from the CFD 
simulation. This gives some confidence in the use of Ω as a parameter to define unsteadiness 
within a domain. However, the most appropriate comparison is perhaps between the 
experimental values of Ω and the RMS values of Ψ predicted by the CFD model since these 
both represent the average mass imbalance experienced by each domain over an entire pulse 
cycle, not just the peak value. The RMS values of Ψ shown in Table 30 for the inner and outer 
volute entries are around 2-3 times smaller than the maximum values. Comparing these values to 
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the experimental values of Ω suggests that the calculation of Ω leads to an overestimate of the 
average rate of mass storage and emptying within the flow domain, usually by a factor of 1.5-2. A 
discrepancy of this sort is of little surprise since the calculation of Ω is based on several 
simplifying assumptions, not least that the waveform entering the domain has a sinusoidal shape.  
Although the three different measures (peak value, and RMS value of Ψ and the experimental 
value of Ω) all give different evaluations of unsteadiness, it is clear that all of these approaches 
imply that mass storage effects will play a significant role in the fluid dynamics inside the volute. 
In the rotor wheel the 38Hz and 52Hz cases show maximum values of Ψ of 0.014 and 0.016 
respectively demonstrating that, at most, only around 1.5% of the average mass flow through the 
turbine will be used in filling or emptying this volume at any point in time. Numbers of this 
magnitude would indicate that filling and emptying will only have a very small effect on the fluid 
dynamics inside the turbine wheel and that a quasi-steady approximation would be acceptable. 
For the same two cases Ω is calculated as 0.03 and 0.044 respectively, suggesting a greater level 
of unsteadiness in the rotor wheel than was captured by the CFD. For the 77Hz case the peak 
value of Ψ sharply increases to 0.041, whilst Ω increases further to a value of 0.061. 
The RMS values of Ψ for the rotor wheel are significantly lower than the peak values showing 
that on average just 0.4% of the mass flow through the turbine will be diverted to filling and 
emptying through a pulse cycle in the 38Hz case, 0.7% in the 52Hz case and 1.8% in the 77Hz 
case. From these values it is credible that applying a quasi-steady approximation to the rotor 
wheel will only lead to a small error. However, for all three CFD cases it seems as if the 
experimental values of Ω are almost an order of magnitude greater than the RMS values of Ψ 
calculated by the CFD analysis. This brings into question the fidelity of the Ω parameter in 
determining the level of mass flow storage in this domain. 
Using CFD it is possible to investigate the calculation of Ω further. In the case of the 
experimental data this was based upon the measurement of pressures in the interspace region by 
ultra-miniature pressure transducers, as described in Section 3.4.3. The mass flow discrepancy 
calculated for the rotor wheel was based on the mass flow entering the turbine wheel through a 
plane coincident to the leading edge of the rotor blades. It was found from the CFD model that 
the acceleration of the flow between the plane of pressure measurement and the leading edge of 
the rotor led to a considerable dampening of the pressure wave. This can be seen in Figure 157 
which shows the pressure trace at the exit of the inner and outer halves of the nozzle ring, at the 
position of pressure measurement in the experimental setup, and that at the inlet to the rotor 
wheel, which is considerably damped down. An extra column was added to Table 30 to show Ω 
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as calculated based on the pressure wave amplitude at the inlet to the rotor wheel on the CFD 
model, this leads to a reduction by a factor of 2 to 3 in all cases. These values compare more 
closely to the RMS values of Ψ calculated for the rotor wheel in each case but are still larger. 
The rotor wheel poses another question since, during out of phase admission, the flow feeding 
the rotor wheel will for the most part be unequally split between the two entries so that a great 
variation will be seen around the periphery of the rotor wheel. The last chapter showed that 
during partial admission the flow within the turbine wheel is highly unsteady as it rotates 
between the two entries. The above analysis of Ψ in the rotor wheel on the other hand showed 
that overall the rotor wheel was acting in a manner very close to quasi-steady, with very little 
difference between the inlet and outlet mass flow rates at each instance in time, especially for the 
52Hz and 38Hz cases. Figure 158 shows the normalised mass flow discrepancy, Ψ, calculated for 
1 passage during 52Hz out of phase flow. This shows a highly unsteady flow within each rotor 
passage with values of Ψ reaching over 0.5. This illustrates that, although the overall flow 
through the rotor is close to quasi-steady, the actual flow inside each passage of the rotor wheel 
is highly unsteady due to the unequal mass flow between the two limbs and not as a result of the 
pulsating flow. 
Table 30: A comparison of the values of Ω calculated from experimental results and the RMS and maximum 
values of mass flow discrepancy, Ψ, predicted by CFD in each case  
 
 
Inner limb Outer limb Rotor wheel 
RMS Ψ 
CFD 
MAX Ψ 
CFD 
Exp. Ω RMS Ψ 
CFD 
MAX Ψ 
CFD 
Exp. Ω RMS Ψ 
CFD 
MAX Ψ 
CFD 
Exp. Ω CFD - Ω (from 
rotor inlet) 
38Hz 0.095 0.186 0.143 0.185 0.514 0.351 0.004 0.015 0.030 0.011 
52Hz 0.130 0.267 0.189 0.233 0.425 0.406 0.007 0.016 0.044 0.019 
77Hz 0.166 0.468 0.241 0.267 0.711 0.397 0.018 0.041 0.061 0.020 
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Figure 157: Figure demonstrating the damping of the static pressure pulse between the nozzle outlet and the rotor 
wheel inlet 
 
Figure 158: Mass flow discrepancy predicted for a single rotor passage under a 52Hz out of phase pulsation. 
7.4.3 TURBINE EFFICIENCY 
Table 31 shows the cycle averaged turbine performance measured experimentally across the 
whole turbine, this is including everything from the inlet of the volute to the end of the exit duct, 
compared to those predicted by the CFD analyses across the whole turbine and across only the 
rotor wheel. The cycle average values of efficiency were calculated in the same manner as the 
experimental case, by integrating the shaft work output and the isentropic power available over a 
whole pulse cycle and then taking the ratio of the two. In the case of the CFD efficiency across 
the whole turbine the instantaneous isentropic power was calculated based upon the 
instantaneous total to static pressure ratio from the volute inlet to atmospheric conditions at the 
end of the exit duct along with the instantaneous mass flow and stagnation temperature at the 
volute inlet, this was exactly equivalent to the experimental calculation. Because the exit pressure 
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was constant this meant that phase shifting of the data was not necessary, either in the 
computational or experimental cases.  
For the CFD results only across the rotor wheel the instantaneous isentropic power was 
calculated based upon the instantaneous pressure ratio from the area at the leading edge of the 
rotor wheel to the trailing edge of the rotor wheel, the same as the two surfaces shown in Figure 
153, this measurement was not possible experimentally. Using the station numbering 
conventions outlined in Section 3.6 this was; 
 ̇    ̇       (  (
  
   
)
    ⁄
) 
Equation 67 
This again was integrated over the whole pulse cycle to get a value for the overall isentropic 
energy available at the turbine wheel over this period. Although on a strict basis the pressure at 
the exit of the turbine wheel will not be exactly matched to that at the inlet of the wheel the 
previous section showed very little evidence of mass flow storage in the rotor wheel and so it 
was deemed acceptable not to apply any phase shifting here. The instantaneous shaft power in 
the case of both CFD cases was calculated by the instantaneous speed and torque produced by 
the turbine, this was also integrated across a pulse cycle to find the total work output during a 
pulse cycle.  
Comparing the results across the whole turbine the CFD analyses show a higher cycle averaged 
efficiency than the equivalent experimental cases, the difference being between 7-8 points of 
efficiency, which is roughly a 10% over-prediction. This difference is slightly greater than that 
shown for the steady state CFD calculations of the previous chapter near to the peak condition. 
Both the CFD and the experimental results show an increase in the overall efficiency of the 
turbine as the pulse frequency is increased. This is a good comparison between the 38Hz and the 
52Hz cases since these are at almost exactly the same operating point, judging from the cycle 
averaged velocity ratio, the 77Hz case on the other hand is operating at a slightly higher velocity 
ratio which may bear some influence on the overall turbine performance.  
What is also interesting to compare from Table 31 is the predicted performance by the CFD 
across the whole turbine and across only the rotor wheel. The overall total to static efficiency of 
the turbine is better when taken across the whole stage rather than across only the rotor wheel; 
this is true in all cases. The improvement in efficiency is between 0.6 and 1.4 points. This 
improvement may seem in some way counterintuitive since when the volute, nozzle ring and exit 
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duct are included this can only lead to greater losses within the flow system as a whole. In fact 
the improvement is due to the exhaust diffuser which is designed to recover the available kinetic 
energy at the exit of the turbine wheel by diffusing the flow before reaching the atmosphere, 
therefore improving the total to static efficiency. 
Table 31: Cycle averaged turbine performance from experimental results and the CFD prediction 
 Experimental results CFD results CFD results 
(across whole turbine) (across whole turbine) (across rotor wheel) 
Velocity ratio Efficiency Velocity ratio Efficiency Velocity ratio Efficiency 
38Hz 0.641 0.705 0.636 0.787 0.646 0.781 
52Hz 0.642 0.719 0.636 0.799 0.646 0.785 
77Hz 0.652 0.736 0.654 0.806 0.667 0.797 
 
7.4.4 INSTANTANEOUS ROTOR EFFICIENCY 
The instantaneous efficiency of the rotor could be evaluated as the ratio of the instantaneous 
power produced by the turbine to the isentropic power right at the inlet to the rotor wheel, as 
described above (see Equation 67). Calculation of the instantaneous efficiency in this way 
assumes that the behaviour of the rotor will be quasi-steady, although this is not precisely correct 
the previous section showed that deviation from quasi-steady within the rotor was very small and 
so this method was deemed acceptable. The instantaneous efficiency of the turbine was 
calculated at timestep intervals equivalent to 100° of turbine rotation for each of the different 
cases. 
Figure 159 shows traces of instantaneous total to static efficiency of the turbine wheel plotted 
against the instantaneous velocity ratio for each of the different cases run in CFD (38Hz, 52Hz 
and 77Hz out of phase pulsating flow). In this figure there is little distinction to be made 
between the operation of the turbine under the 38Hz and 52Hz pulsating flows, this is not the 
case for the operation of the turbine under a 77Hz pulsating flow. Although the instantaneous 
operation of the turbine under 38Hz and 52Hz pulse frequencies trace different loci in this 
figure, they are each operating in almost the same area of the chart over the same span of 
velocity ratio. The operating loop for the 52Hz case does sit marginally higher than that from the 
38Hz case, this is reflected in a slightly improved cycle averaged efficiency, as shown in Table 31, 
this difference is only small. Looking at the trace for the 77Hz case on the other hand, this 
performs quite differently to the other two pulse frequencies. Overall the 77Hz case operates 
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over a higher velocity ratio range than the other two pulse frequencies but also a narrower range. 
The minimum velocity ratio achieved for both the 38Hz and 52Hz cases was 0.568 and 0.567 
respectively, the 77Hz case on the other hand only gets down to a velocity ratio of 0.636. 
At this point it is useful to refer to Figure 160 which shows the same information as Figure 159 
however, instead of tracing the performance of the turbine as a line, markers are shown for each 
point that the instantaneous turbine efficiency was evaluated. The evaluation of instantaneous 
efficiency was carried out at equally spaced timesteps; this is useful because the spacing of the 
points in this chart indicates the amount of time that the turbine wheel spent in each condition. 
For the 38Hz and 52Hz cases the distribution of the points is reasonably even across the velocity 
ratio range over which the turbine was operating during pulsating flow. Here we see another 
difference in the 77Hz case. In this case the points are clustered towards the low velocity ratio 
end which is around the region of peak efficiency. Only very few points extend to the higher 
velocity ratio, lower efficiency region indicating that only a short portion of the turbine operation 
throughout a pulse cycle is spent here. The insinuation from this is that it may not be the pulse 
frequency per se that affects the performance of the turbine but instead the pulse shape, which 
may be affected by the pulse frequency.  
Section 5.2.2 discussed how the pressure pulse amplitude is reduced during 77Hz pulsating flow 
compared to 38Hz or 52Hz pulsating flow. This reduction in amplitude was found to be due to a 
limit on the degree of mass accumulation within the volute during the high frequency pulsation. 
From the CFD results it looks as if the lower amplitude waveform resulting from this limitation 
may aid the overall performance of the turbine. 
 
Figure 159: Lines tracing the instantaneous efficiency across rotor wheel for three different pulse frequencies 
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Figure 160: Markers showing the instantaneous efficiency across rotor wheel for three different pulse frequencies 
calculated at evenly spaced timesteps throughout teach pulse cycle 
The efficiency ratio (see Equation 36), which is the ratio of the unequal admission efficiency to 
the equivalent equal admission efficiency at the same velocity ratio, was found to be described as 
a function of the efficiency parameter (see Equation 47), this was in turn a function of the 
turbine loading (U/Cis) and the mass flow ratio between the two turbine limbs. Using CFD the 
mass flow ratio and velocity ratio were determined at the outlet of the nozzle guide vanes, just 
upstream of the rotor wheel leading edge as shown in Figure 152, so that the efficiency 
parameter could be calculated at each time step. Using the experimentally determined constant D 
(see Equation 48) it was then possible to calculate a value for the prediction of efficiency ratio, 
which is the ratio between the measured turbine efficiency during unequal admission and the 
equivalent full admission efficiency at the same velocity ratio (see Equation 36), at each timestep 
throughout the CFD analysis. The variation of the efficiency ratio throughout the pulse cycle for 
each of the CFD cases is shown in Figure 161. In this figure the time is shown on the abscissa, 
which has been referenced to the start of the point of data collection in the CFD model for each 
case. Table 32 below this figure shows the isentropic power weighted average efficiency ratios 
for each of the different cases, throughout a pulse cycle, and also the minimum value of 
efficiency ratio.  
Looking at Figure 161 the variation in efficiency ratio throughout the pulse cycle is similar for 
each of the different cases. The efficiency ratio will rise to a peak at unity, where the mass flow 
from the inner and outer limbs approaching the rotor wheel is evenly balanced. From here the 
mass flow from one of the limbs will continue to rise whilst that from the alternate limb will fall 
leading to a more and more unbalanced flow and a drop in efficiency ratio to a minimum point 
before returning to a point of balanced flow as the mass flow from one of the limbs drops and 
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the other now increases. The variation in efficiency ratio throughout the pulse cycle is similar for 
each of the different nozzles although the overall minimum efficiency ratio is reached during the 
77Hz case of 0.919. This means that the maximum effect of unequal admission on the 
performance of the turbine will be around an 8% drop in efficiency. The isentropic power 
weighted cycle average values of efficiency ratio range from 0.954 for the 38Hz case to 0.965 for 
the 77Hz case, showing an overall effect of around 3%-5% on the overall efficiency due to 
unequal admission. These numbers are small compared to the steady state experimental results 
which saw efficiency parameters of less than 0.5, or a drop in efficiency of 50% due to unequal 
admission, in some cases.  
Although, from these numbers, the effect of unequal admission on turbine performance is 
minor, it is still present. Looking at the average efficiency ratios in Table 32 for the 38Hz and 
52Hz cases, these show that overall the 38Hz case is operating at a lower efficiency ratio, 0.954 
compared to 0.961 for the 52Hz case. This may explain the difference in cycle averaged 
efficiency between the two cases. From Figure 159 and Figure 160 the 38Hz and 52Hz cases 
looked to operate over almost exactly the same range of velocity ratio throughout a pulse cycle 
yet the 52Hz case outperformed the 38Hz case, a 78.5% overall efficiency compared to 78.1% 
respectively, across the rotor wheel. 
 
Figure 161: Figure showing the variation of efficiency ratio (as calculated by Equation 48 as a function of the 
efficiency parameter) throughout a pulse cycle for each of the different frequency cases 
Table 32: Average and minimum efficiency ratios calculated for each CFD case 
 38Hz 52Hz 77Hz 
Average Efficiency Ratio 0.954 0.961 0.965 
Minimum Efficiency Ratio 0.931 0.937 0.919 
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7.5 A COMPUTATIONAL STUDY OF THE 52HZ OUT OF PHASE CASE 
The previous section used CFD analyses to study the performance of the turbine at 3 different 
pulse frequencies. This section will look in detail at just one of those. The distribution of entropy 
generation within the turbine will be discussed, a quasi-steady analysis will also be undertaken. 
7.5.1 ENTROPY GENERATION 
A pulsed flow analysis such as this one provides an extensive amount of data; the use of entropy 
generation can help to display this data in a useful and meaningful manner. As described in the 
previous chapter the instantaneous distribution of entropy generation within the turbine can be 
found by integration of Equation 63 across different control volumes which make up the whole 
domain. Using this technique not only can the magnitude of losses in different regions be 
compared but also how this distribution changes throughout a pulse cycle.  
For the pulsed flow analysis the rotor domain was divided into 5 circumferential volumes Figure 
162 shows a radial slice through these volumes; this is equivalent to a meridional planar view. In 
this figure the nozzle is included for orientation however, the analysis only considered the 
rotating domain. The areas used in the analysis are shown in bold font within red boxes. This 
starts from the Interspace region which is coloured red in this figure. The blade passage is split 
into 2 sections; the Tip and the Passage regions which are shown in blue and orange respectively. 
The Tip region accounts for the top 25% of blade span and generally encompasses the tip 
leakage vortex. Finally the flow downstream of the rotor is again split into Exit tip and Exit 
passage regions, these are shown in magenta and green respectively. 
The instantaneous entropy generation rate was evaluated for each of these control volumes at 
timestep intervals of 100° of rotor rotation throughout an entire pulse cycle. This allowed the 
distribution of entropy generation to be plotted against time during a pulse cycle. This is 
illustrated in Figure 163 which shows the level of normalised entropy generation in each of these 
areas represented by a stacked area plot with the time shown on the horizontal axis. The value of 
entropy generation here has been normalised by the maximum value of entropy generation 
which was obtained throughout the pulse cycle for this case, this was found to be at the top of 
the second peak. 
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Figure 162: Division of the rotor passage for analysis of entropy generation in different regions 
 
Figure 163: Division of the entropy generation throughout an entire pulse cycle within the different regions of the 
rotor wheel 
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On top of the normalised entropy generation rate is plotted the instantaneous pressure ratio, 
from the inlet to exit, for both inner and outer limbs on a secondary axis to allow orientation 
with the pulse cycle, these are the blue and red lines. Three further lines are plotted, labelled A, B 
and C in the legend, these correspond to the points of maximum and minimum entropy 
generation throughout the pulse cycle and will be referred to in the analysis. Point A shows a 
first peak in entropy generation within the rotor wheel, this relates to the peak in pressure from 
the inner limb (shown as a blue line), Point B shows the position of minimum entropy 
generation which happens between the pulses from the inner and outer limbs. Finally Point C 
represents the overall peak entropy generation which corresponds to the peak of the pulse from 
the outer limb, this was 9% greater than at Point A.  
Figure 164, Figure 165 and Figure 166 show contours of normalised entropy generation rate per 
unit volume on a plane corresponding to 50% span through the rotor wheel at these different 
points throughout the pulse cycle, the same normalisation value was kept for each of these plots. 
Finally Figure 167 shows the distribution of entropy generation for the three different operating 
points, A, B and C as a proportion of the total instantaneous entropy generation evaluated at 
each of these positions.  
Over the pulse cycle the interspace region, which has a solid black fill in Figure 163, is 
responsible for the least amount of entropy generation compared to the other areas. This is in 
contrast to the partial admission analysis of the previous chapter which saw that the losses in the 
interspace played a large role in the overall loss distribution. The reason for this difference is not 
thought to be an influence of the pulsating flow but rather that the operating point of the turbine 
does not reach the partial admission condition. Throughout the pulse cycle the interspace losses 
count for between 4% and 8% of the losses in the rotating domain at any instant and roughly 6% 
of the overall losses. The peak in entropy generation in the interspace region is found to be at 
the point where the pulses from either the inner or the outer limbs reach the rotor wheel (Points 
A and C). Figure 164 and Figure 166 show that this increased entropy generation arises from the 
mixing of the flows from either limb. 
The passage region sees the largest change in loss through the cycle. Its portion of the total loss 
varies between around 14% and 51% at any instant in time throughout the pulse cycle. Overall 
the rotor passage region counts for around 34% of the overall entropy generation throughout 
the pulse. Figure 167 shows the contribution from passage losses at Points A and C to be much 
greater than for Point B. In terms of the actual value of normalised entropy generation this 
change is from a minimum of around 0.02 at Point B to a maximum of around 0.5 at Point C, an 
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increase by a factor of 25. This shows that the flow regime within the rotor wheel must change 
considerably over the whole time period. This is also evidenced in Figure 164 to Figure 166. 
In Figure 164, which corresponds to Point A, the isentropic velocity ratio of the flow entering 
the rotor wheel from the high pressure (inner) limb on its own is around 0.515, this is well below 
the peak condition for this rotor speed which was found to be at a velocity ratio of 0.62 
experimentally. In the steady state full admission CFD analyses of the previous chapter a similar 
condition of velocity ratio (0.53) was found to cause a separation bubble on the suction side at 
the rotor leading edge due to a highly positive incidence angle. Looking at Figure 164, a similar 
separation at the rotor leading edge can be seen in the high pressure region of the flow, this is 
evidenced by a region of high entropy generation. Moving from the high pressure limb into the 
lower pressure region this incidence loss is found to become much more extensive causing a very 
large region of entropy generation within the first 4 blade passages of the low pressure region. 
This is due to the expansion of the gas from the high pressure limb into the low pressure area of 
the interspace causing it to be accelerated further introducing an even higher, and more adverse, 
incidence angle to the rotor wheel.  
By Point B the pressure pulse from the inner limb has died down whilst the pressure pulse from 
the outer limb has not arrived at the turbine. At this time the passage losses are very small, this is 
compounded by Figure 165 which shows very little evidence of entropy generation at 50% span 
in the rotor. Although this position in the cycle also corresponds to a relatively low power 
condition it is worth noting that the isentropic power entering the rotor wheel at this point is still 
12.3kW with an instantaneous shaft power output of 10.2kW. By the time the pressure pulse 
arrives from the outer limb (Point C) the passage losses can be seen to have increased once 
more. Figure 166 again shows contours of entropy generation per unit volume at 50% of the 
rotor blade span, this is remarkably similar to that of Figure 164 albeit with the inner and outer 
limbs reversed.  
The tip losses form a significant contribution to the overall losses throughout the pulse cycle 
varying between 24% and 60% of the overall loss. This variation in contribution is in large part 
due to the change in the passage losses. At the two peaks (represented by Points A and C) the 
huge increase in passage entropy generation means that the tip leakage flow becomes less 
significant, whereas at Point B, between the peaks, the passage losses are much smaller and the 
tip leakage flow becomes much more significant, this can again be seen in Figure 167. Looking at 
the normalised entropy generation the variation over the pulse cycle, Figure 163, for the tip 
region this varies between about 0.08 and 0.3, a factor of around 3.5, a much smaller variation 
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than for the passage region. Overall the entropy generation in the tip region contributes around 
43% to the overall generation of entropy throughout the pulse. 
The losses downstream of the rotor wheel in the exit and exit tip regions, although smaller than 
those within the rotor passage itself, still contribute up to 21% of the overall losses for a given 
instant in time. Overall the entropy generation in these areas accounts for 17% of that over a 
pulse cycle.  
 
 
Figure 164: A snapshot of a plane showing the normalised entropy generation rate per unit volume at point A 
from Figure 163 
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Figure 165: A snapshot of a plane showing the normalised entropy generation rate per unit volume at point B 
from Figure 163 
 
 
Figure 166: A snapshot of a plane showing the normalised entropy generation rate per unit volume at point C 
from Figure 163 
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Figure 167: Figure showing the distribution of entropy generation at points A, B and C in Figure 163 
7.6 QUASI-STEADY ASSESSMENT 
The previous section showed how the flow structure and loss distribution with a double entry 
turbine changes significantly throughout a pulse cycle. Some of the flow structures seen were 
similar to those of the last chapter which looked at the steady state operation of the turbine but 
no direct comparison could be made. This section will present a direct quasi-steady comparison, 
carried out using CFD, of a single time timestep in the 52Hz pulsating flow analysis and an 
equivalent steady state simulation. The quasi-steady case here will consider Point A from Figure 
163.  
7.6.1 QUASI-STEADY MATCHING 
Section 7.4.2 showed a large amount of mass flow storage in the volute inside both the inner and 
outer limbs. Therefore it would not make sense to base a quasi-steady analysis of the flow on the 
boundary conditions at the inlet to the volute. The rotor wheel was found to be much closer to 
quasi-steady in terms of mass flow storage and so a quasi-steady analysis based upon the rotor 
inlet conditions would have more significance.  
The mass flow rate and stagnation temperatures evaluated from the unsteady CFD analysis were 
used as boundary conditions as opposed to the stagnation pressure and temperature. The inlet 
boundary conditions for the quasi-steady model were evaluated at the exit of the nozzle domain. 
At this position the flows from each limb have had minimal chance to mix. The same 
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atmospheric pressure at the end of the exit duct was used in the quasi-steady case as was applied 
for the unsteady case. 
The quasi-steady case, which was in a state of unequal admission, was under the same constraints 
as for the partial admission case in the previous chapter. Therefore, in order to fully capture the 
interaction between the two limbs and its effect on the flow inside the rotor wheel a transient 
analysis with explicit rotor rotation was necessary even though the boundary conditions were 
steady state. An initial frozen rotor analysis was undertaken which was used to prescribe the 
initial conditions for the transient simulation. The timestep for the transient part of the analysis 
was set to be equivalent to 1° of rotor rotation. 
7.6.2 QUASI-STEADY COMPARISON 
Table 33 shows a comparison of the global parameters for the quasi-steady and the equivalent 
timestep from the pulsed flow CFD calculation. As described above the quasi-steady case was 
matched to the unsteady operating point by the mass flow rate at the exit of the nozzle vanes 
which can be seen to match almost perfectly here, some slight difference is due to the definition 
of the plane on which the mass flow rate was evaluated in each case. A slightly larger difference 
is seen in the mass flow entering the rotor wheel, this was slightly downstream of the nozzle exit 
plane where the boundary conditions were evaluated from the pulsed flow model and so would 
not be expected to agree exactly.  
The other parameters shown in Table 33 are those which were necessarily predicted by the quasi-
steady CFD analysis. Most of the parameters between the two models are within around 1% of 
eachother showing that the quasi-steady case is very similar to the unsteady case in the 
performance of the rotor. The rotor exit pressure in the quasi-steady case was around 1% lower 
than for the pulsed flow case. This impacted on the calculation of isentropic power entering the 
rotor wheel which was around 1.5% greater overall in the quasi-steady case. 
The greater rotor exit pressure in the unsteady case suggests that, for this operating point, the 
turbine under pulsating conditions has a slightly larger swallowing capacity in being able to pass 
the same amount of mass at a slightly lower pressure ratio. However, this difference is relatively 
small. Further, when the mass flow leaving the rotor wheel in the unsteady case is evaluated this 
is found to be 0.498kg/s, around 0.7% greater than that flowing in, showing that the rotor wheel 
is undergoing mass depletion at this point. This indicates that the mass flow through the rotor 
wheel in the pulsating flow case is decreasing.  
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In the case of instantaneous torque the quasi-steady case produced almost 2% more than the in 
the unsteady case. The comparison of a single number in this way however is not entirely 
meaningful as the instantaneous torque will change with rotor rotation in both the unsteady and 
quasi-steady cases as each rotor blade passes either of the two tongues. Figure 168 shows the 
variation in instantaneous torque over the last 200° of rotor rotation before the final results files 
used in this comparison. In this figure there is a clear undulation of the torque curve as the rotor 
spins, in the case of the quasi-steady analysis this undulates between about 5.43Nm and 5.29Nm, 
which is a difference of around 2.6% of the overall torque. Although this is greater than the 
difference between the torque reported for each case in Table 33 it is also clear from Figure 168 
that the quasi-steady torque does sit above that for the unsteady case. Over the last 30° of 
rotation, which is 1 rotor blade pitch, before the final results files the quasi-steady case predicts 
an average torque of 5.366Nm compared to the unsteady case which gives 5.287Nm, a difference 
of around 1.5%.  
Interestingly this difference in average torque is almost the same as the difference in isentropic 
power shown in Table 33. The isentropic power available for each limb was calculated using the 
mass flow rate and stagnation temperature evaluated at the exit of the nozzle and the total to 
static expansion ratio from the nozzle exit to the rotor exit. Of all the flow properties used to 
calculate the available isentropic power, from Table 33, it is palpable that the rotor exit pressure 
shows the greatest difference between the unsteady and quasi-steady cases. When the quasi-
steady rotor exit pressure (97,190Pa) is used to calculate the expansion ratio across the rotor in 
the unsteady case (instead of that which was evaluated in the unsteady CFD: 98,213Pa) the 
available isentropic power is 33,306W, just 0.3% less than for the quasi-steady case.  
It perhaps is not surprising that the greatest difference between the quasi-steady and unsteady 
cases, regarding the flow within the rotor, appears to be the rotor exit pressure. This is an 
indicator of the effectiveness of the diffuser downstream of the turbine wheel in recovering the 
kinetic energy of the flow at the turbine rotor exit. The effectiveness of the diffuser relies upon 
the flow field in the exit duct which is a relatively large body of gas and so would not be 
expected to show a quasi-steady flow throughout a pulse cycle. For the unsteady case, the mass 
flow leaving the exit duct is 0.570kg/s compared to a massflow from the turbine wheel exit of 
0.498kg/s. The difference between these is 0.072kg/s, which is the rate at which mass is 
emptying from the exit duct, clearly a not a quasi-steady situation. In terms of normalised mass 
flow discrepancy (See Equation 66) this gives a value of 0.173 for an average mass flow rate of 
0.416kg/s through the turbine throughout a pulse cycle. 
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Table 33: A comparison of different properties between the quasi-steady CFD analysis and the equivalent timestep 
from the pulsed flow CFD analysis 
 Unsteady Quasi-steady  Difference (%) 
Total mass flow into rotor wheel (kg/s) 0.4949 0.4935 -0.28 
Inner entry mass flow rate @ Nozzle exit (kg/s) 0.3367 0.3366 -0.03 
Outer entry mass flow rate @ Nozzle exit (kg/s) 0.1568 0.1569 0.09 
Inner entry stagnation pressure @ Nozzle exit (Pa) 239,034 240,087 0.44 
Outer entry stagnation pressure @ Nozzle exit (Pa) 161,103 161,070 -0.02 
Rotor exit pressure (Pa) 98,213 97,190 -1.04 
Atmospheric pressure (Pa) 100,401 100,399 0.00 
Speed (rpm) 45,712 45,712 0.00 
Torque (Nm) 5.2283 5.3190 1.73 
T0 inner limb @ Nozzle exit (K) 347.58 347.49 -0.03 
T0 outer limb @ Nozzle exit (K) 314.28 314.56 0.09 
Wis inner limb @ Nozzle exit (W) 26,378 26,750 1.41 
Wis outer limb @ Nozzle exit (W) 6,527 6,665 2.11 
Wis total @ Nozzle exit (W) 32,905 33,415 1.55 
 
 
Figure 168: Torque plotted against rotor rotation for the quasi-steady and unsteady CFD cases 
Figure 169 presents a graphical representation of the difference between the steady and quasi-
steady flows in the exit duct. The figure shows contours of static pressure on a plane which 
dissects the exit duct, the unsteady case is shown on the left whilst the quasi-steady case is shown 
on the right. The orientation of the plane is shown on the right hand side of the figure, the rotor 
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exit end and the end open to the atmosphere have been marked on the figure. Both pressure 
fields show a high pressure and a low pressure side of the turbine exit, resulting from the flows 
from the different sides of the volute, beyond this however, there is little similarity between the 
two. 
It is clear that the rotor exit pressures in the unsteady case are greater, this is especially true on 
the high pressure side (Side A in the figure). Figure 169, which shows the same pressure 
contours on the same plane as Figure 170 with velocity vectors overlaid, shows how this affects 
the flow field downstream of the rotor exit. In the unsteady case the flow from the high pressure 
side is seen to expand further over to the low pressure side than for the quasi-steady case. This 
will cause a blockage in the flow exiting the rotor wheel from the low pressure side.  
Figure 171 shows the pressure field for both the unsteady (left hand side) and quasi-steady (right 
hand side) cases on a plane through 50% span of the rotor and nozzle, including the volute, 
nozzle and rotor. This shows the pressure field in the nozzle and rotor to be almost identical 
between the quasi-steady and unsteady cases. A small difference is seen around the nozzle 
passages in the low pressure (outer) limb suggesting that the acceleration of the flow in this 
region may be slightly different between the two cases. This difference is minor however in 
contrast to the pressure distributions for each case in the exit duct as seen in Figure 169 and 
Figure 170. 
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Figure 169: Contours of pressure on a plane dissecting the exit duct for the unsteady (left) and quasi-steady (right) 
CFD cases. 
 
Figure 170: Velocity vectors on a plane dissecting the exit duct for the unsteady (left) and quasi-steady (right) 
CFD cases showing the difference in flow structure in the exit duct between the two cases. 
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Figure 171: Contours of pressure on a plane at 50% nozzle and rotor span for both the unsteady (left) and quasi-
steady (right) CFD cases, the pressure field looks similar in both cases. 
7.6.3 ENTROPY GENERATION 
This section will look at the distribution of entropy generation throughout the rotor domain in 
the unsteady and quasi-steady cases in order to further study the similarities and differences 
between the two. The rotor domain for each case was divided in the same way as described in 
Figure 162 and the entropy generation rate evaluated as described in Section 6.6 for each of these 
volumes. The resulting values of entropy generation were again normalised by the same value 
used for the normalisation of Figure 163. The resulting distribution of entropy generation for 
both cases is shown below in Figure 172. 
Qualitatively the distribution of entropy generation within the rotor domain in each case looks 
very similar. The overall entropy generation in the unsteady case is about 1.66% greater than for 
the quasi-steady case. Table 34 shows the same data as Figure 172 but in a tabulated form so that 
the differences between the two cases can be quantified more clearly. In this table there is one 
region of entropy generation that particularly sticks out; this is in the interspace region. In this 
region the unsteady case generates 30% more entropy than in the quasi-steady case. Although 
the interspace region is only responsible for a relatively small amount of entropy generation 
overall this difference amounts to 1.45% of the total entropy generation. This is a large 
proportion of the total 1.66% difference between the two cases. 
Figure 173 can be used to show where this extra entropy generation in the volute arises. This 
figure shows contours of normalised entropy generation rate per unit volume on a plane at 50% 
rotor and nozzle blade span. The normalisation value here is the same as that used in Figure 164 
to Figure 166. Overall the entropy generation fields look similar to eachother and to that of 
273 
 
Figure 164. A tangible difference between the two cases is found in the area of mixing between 
the inner and outer limbs, this area has been encircled in the figure. The unsteady case on the left 
hand side shows a clearly more intense region of entropy generation in this area suggesting a 
more vigorous mixing between the flows of both of the entries. This more severe mixing 
between the two limbs comes as a result of a greater expansion of the flow from the high 
pressure limb in the unsteady case. This fits with the findings in Figure 171 which showed that 
the pressure distribution on the same plane at 50% span between the unsteady and quasi-steady 
cases was very similar with a small difference around the nozzle of the low pressure limb. In the 
unsteady case the pressure inside the nozzle passages of the low pressure (outer) limb was higher 
than that in the quasi-steady case showing that the acceleration of the flow through the nozzles 
was compromised which is due to the greater acceleration of the flow from the high pressure 
limb into this region.  
Although some differences have been highlighted between the unsteady and the quasi-steady 
cases the overall distribution of entropy generation in each case is remarkably similar showing 
the flow within the rotor wheel to be very similar in both steady and pulsating flow. This is in-
line with the analysis of normalized mass flow discrepancy, Ψ, from Section 7.4.2 which showed 
the rotor wheel to be very near to quasi-steady on the whole. Although the connecting 
components, namely the volute and exit duct, operate in a manner far from quasi-steady the 
actual flow field inside the rotor wheel does not seem to be largely affected by this, operating in a 
nearly quasi-steady manner. 
 
Figure 172: A comparison of entropy generation rate in different areas of the turbine wheel for both the unsteady 
and quasi-steady CFD cases 
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Table 34: Differences in entropy generation in each area of the turbine wheel between the steady and unsteady 
CFD cases 
 Unsteady Quasi-steady Difference (% from 
unsteady case) 
Difference (% of 
total) 
 Interspace 0.044 0.031 29.994 1.450 
 Passage 0.450 0.450 -0.054 -0.027 
Passage tip 0.272 0.269 1.196 0.357 
 Exit passage 0.077 0.078 -0.609 -0.052 
 Exit tip 0.068 0.069 -0.902 -0.067 
Total 0.911 0.896 1.661 1.661 
 
 
Figure 173: A plane at 50% of nozzle and rotor span showing contours of normalised entropy generation rate per 
unit volume for the unsteady (left) and quasi-steady (right) CFD simulations. 
7.7 SUMMARY 
This chapter has looked at the performance of the double entry turbine under pulsating 
conditions using computational fluid dynamics (CFD) and is the first study of this kind to be 
carried out for a double entry turbine. Three different cases were run in CFD with different 
pulse frequencies. These were 38Hz, 52Hz and 77Hz, all with out of phase pulsations. The same 
geometry was used for all analyses which was that of Nozzle B.  
The computational results were first compared to experimental data including the instantaneous 
mass flow rate measured at the inlet to the volute, the pressure measured in the interspace region 
and the torque. Broadly speaking a good fit was found especially in terms of mass flow rate and 
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pressure. The discrepancies between the peak values in the computational prediction and the 
measured values of mass flow rate and interspace pressure were around 1%-4% however the 
pulse shapes in both cases were captured very well. The agreement between the CFD and the 
torque measured instantaneously showed less good agreement with the CFD and experimental 
measurement showing quite different trends. Despite this the average torque was predicted well 
with a maximum discrepancy of 7.4%, similar to the differences recorded between the steady 
state CFD and experiment. 
The first part of the analysis looked at how close the turbine was to quasi-steady. This was 
calculated by evaluating the discrepancy in mass flow rate between the mass entering and leaving 
the domain at each instance in time. A parameter, which was named the normalised mass flow 
discrepancy (Ψ), was used to show the mass flow discrepancy as a proportion of the overall cycle 
averaged mass flow through each domain. The analysis of Ψ within the turbine under pulsed 
flow conditions has confirmed that the pulsating flow will lead to a definite deviation from quasi-
steady operation in the volute for both the inner and outer entries. The outer volute entry saw 
values of Ψ as high as 0.711 for the 77Hz case, suggesting that up to 71% of the average mass 
flow through the domain may be diverted to mass accumulation effects at one point in time. The 
large effect of mass accumulation in the volute is the same conclusion that was reached by the 
experimental calculation of Ω although in general the CFD analyses have established that the use 
of the Ω parameter will insinuate an overall higher level of unsteadiness than is actually the case. 
This was especially true in the rotor domain where Ω was up to 7.5 time greater than the RMS 
value of Ψ.  
Considering the rotor wheel as a whole the CFD calculation showed a very small deviation from 
the quasi-steady condition, with nearly the same mass flow entering and leaving the domain at 
each time; even for the 77Hz case the peak value of Ψ was found to be only 0.041, which in 
broad terms, may be interpreted as around a maximum of 4% deviation from a quasi-steady 
mass flow rate condition. For the same 77Hz case Ω was calculated as 0.061 for the rotor wheel 
suggesting an average of around 6% deviation from the quasi-steady condition. When just one 
passage was studied however, this was found to be acting in a highly unsteady manner due to the 
flow inequality between the two limbs as the turbine rotated with values of Ψ greater than 0.5.  
Following the study of unsteadiness the rotor efficiency was investigated. The cycle average 
efficiencies were presented first, the computational results captured the trend of the experimental 
results of increasing efficiency with pulse frequency but were generally found to be 7-8 points 
higher than the experimental results. A study of the instantaneous rotor wheel efficiency showed 
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that at all of the different pulse frequencies the rotor wheel operated around the same region in a 
graph of efficiency against velocity ratio. The 77Hz case operated over a narrower range and a 
slightly higher value of velocity ratio than the other two cases. It was surmised that this 
difference was responsible for the higher efficiency of the 77Hz case compared to the other two 
cases. This means that, although the pulse frequency will affect the pulse shape entering the 
turbine it does not seem to strictly be the increase in pulse frequency which affects the turbine 
efficiency but rather the change of pulse shape associated with this. The overall performance of 
the 38Hz and 52Hz cases in terms of efficiency was very similar although the 52Hz case did 
perform marginally better. The difference between these two cases was postulated to be due to 
the levels of flow inequality experienced throughout the pulse cycle. 
Following this the analysis was restricted to just the 52Hz case. The distribution of entropy 
generation between 5 different areas within the turbine wheel was evaluated throughout the 
pulse cycle. Two distinct peaks were found in the overall entropy generation within the turbine, 
these coincided with the pressure pulses from each limb. The distribution of entropy was found 
to change dramatically throughout the pulse cycle indicating that the flow field within the rotor 
must also change a great deal. The largest change of entropy generation within a single region 
throughout the pulse cycle was found to be in the passage region, this changed by a factor of 25 
from minimum to maximum.  
A quasi-steady analysis was then undertaken for one point throughout the pulse cycle for the 
52Hz case. The point chosen was at the peak of the pulse from the inner limb (Point A in Figure 
163). The quasi-steady condition was matched to the unsteady case by the instantaneous mass 
flow exiting from each half of the nozzle ring associated with the inner and outer entries.  
A comparison of the global performance parameters for the unsteady and quasi-steady cases 
showed generally a good agreement between the two with most differences less than 1%. The 
unsteady case was found to have a slightly lower pressure ratio overall in order to pass the same 
amount of mass flow into the rotor wheel suggesting the swallowing capacity of the wheel in the 
unsteady case is slightly larger. A distinct difference between the two cases was found in the 
rotor wheel exit pressure with the unsteady case being around 1% higher than the quasi-steady 
case. The pressure distribution in the exit duct of the unsteady case was shown to be different to 
that of the steady case, this compared to the pressure field at the inlet of the turbine which was 
very similar in both cases.  
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The higher exit pressure in the unsteady case consequently led to a lower expansion ratio across 
the turbine and so also a lower available isentropic power for almost exactly the same inlet 
conditions. The isentropic power available at the turbine inlet for the unsteady case was around 
1.55% lower than for the quasi-steady case. This was similar to the difference in average torque 
between the two models. 
The distribution of entropy generation was investigated next between the unsteady and the 
quasi-steady cases. Broadly speaking both cases showed a very similar distribution of entropy 
generation although the unsteady case was found to produce around 1.7% more overall. Most of 
this difference was accounted for in the interspace region. Although the interspace region only 
accounted for a relatively small proportion of the total entropy production, the unsteady case 
generated around 30% more than the quasi-steady case in this area, accounting for around 1.5% 
of the overall entropy generation. This was found to be a consequence of a greater acceleration 
of the flow from the high pressure (inner) limb into the low pressure region of the interspace in 
the unsteady case compared to the quasi-steady case. 
Although some small differences were found between the unsteady and the quasi-steady cases, 
these generally amounted to less than 1% in the global parameters. This shows that although the 
rotor wheel is not acting in a strictly quasi-steady manner, this assumption will not lead to a 
significant error. 
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8 CONCLUSIONS AND FUTURE WORK 
8.1 CONCLUSIONS 
The introduction laid down a set of specific objectives for this thesis. Therefore it is prudent to 
discuss the conclusions of this thesis in relation to these desired outcomes 
I. To determine the effect of nozzle angle on the performance of the double entry 
turbine under conditions of unequal admission and to link the unequal admission 
performance to that under full admission. 
The steady state experimental results were discussed in Chapter 4, including both equal and 
unequal admission conditions. This chapter made several key contributions to this objective, 
primarily by the development of two novel, empirical relationships to link the equal and unequal 
admission efficiency and mass flow through the turbine, these are summarised in Figure 86. 
These were laid out in a structured method for determining the overall unequal admission 
performance of the turbine based on the full admission maps and a number of empirically 
determined constants. 
Both the mass flow and efficiency of the turbine were affected by unequal admission. The 
efficiency of the turbine dropped with increasing flow inequality compared to the equivalent full 
admission condition. However, it was found that the degree to which unequal admission affected 
the turbine efficiency did not seem to be influenced by the different nozzle geometries. For a 
constant velocity ratio of around 0.55 the efficiency declined by around 20% from the full 
admission condition to the partial admission condition. For a velocity ratio of around 0.8, this 
decline was greater than 50%. The empirical relationship developed for the prediction of unequal 
admission efficiency from the full admission maps showed promising accuracy with a mean error 
of 0.338 points of efficiency with a standard deviation of 1.62 points. 
In terms of mass flow rate, the high pressure limb during unequal admission was always found to 
pass more mass than the equivalent full admission condition whilst the low pressure limb would 
always pass less. The empirical correlation to link full and unequal admission mass flow rate was 
based on the idea of treating the stator components as an isentropic nozzle. The interaction 
between the limbs was accounted for by a series of weighting coefficients. Analysis of the 
weighting coefficients for the different nozzle geometries showed that the nozzle with the 
smallest throat area (Nozzle A) suffered from the greatest degree of interaction between the two 
limbs during unequal admission. This approach for predicting the unequal admission mass flow 
rate led to an overall mean error in each inlet of 4.5gm/s with a standard deviation of 11.3gm/s. 
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II. To investigate the effect of nozzle angle on the performance of the turbine under 
pulsating flow conditions and to determine which nozzle setting leads to the 
optimal performance. 
Chapter 5 looked at the turbine performance under pulsed flow conditions with three different 
nozzle geometries. In the current experimental data set there was a clear trend that Nozzle C 
(with the largest throat area) performed best under conditions of pulsating flow, on a cycle 
averaged basis this was true for all conditions. The efficiency improvement was greatest at lower 
frequency. For a 38Hz in phase pulsation Nozzle C realized a cycle average efficiency 3.17 points 
greater than Nozzle A (with the smallest throat area). For out of phase pulsations this gap was 
4.34 points. For a 77Hz pulse frequency the improvement in cycle average efficiency of Nozzle 
C over Nozzle A was around 1.2 points during in phase pulsations, however, during out of phase 
pulsations both nozzles showed almost the same efficiency. 
Analysis of the instantaneous isentropic and actual power produced by the turbine wheel 
throughout a pulse cycle showed that most of this increase in performance was achieved around 
the peak of the pressure pulse. This was contrary to the steady flow experimental results which 
indicated that all three nozzle geometries should attain similar performance at these high power 
conditions. This suggests that the flow inside the turbine stage under pulsed flow conditions will 
be different to that under steady conditions. A following analysis of unsteadiness within the 
turbine suggested that the difference would primarily originate from filling and emptying effects 
in the volute, as concluded by previous authors. 
The effect of pulse frequency on the cycle average turbine performance was not as clear. All 
cases showed an improvement from a 52Hz pulsating flow to a 77Hz pulsating flow but when 
the pulse frequency was decreased to 38Hz from 52Hz some of the cases showed an increase in 
efficiency whilst others showed a decrease. Analysis of the pulsating flow field within the rotor 
during the CFD analysis of Chapter 7 showed that the increase in performance for the 77Hz 
case was likely due to the change in wave shape seen at this frequency as opposed to the actual 
change in pulse frequency. 
III. To study the losses within the double entry turbine under both steady and 
unsteady conditions and to ascertain how pulsating flow affects the loss 
distribution within the double entry turbine. 
Chapter 6 and Chapter 7 used CFD to study the flow inside the double entry turbine under 
steady and pulsating flow conditions. The concept of entropy generation was used to calculate 
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the loss generation in different areas of the turbine. Under steady flow conditions full and partial 
admission cases were modelled. During full admission conditions the tip leakage losses were 
found to dominate near to the peak efficiency point, at high pressure ratio the losses were 
dominated by a separation on the suction side of the leading edge of the rotor due to a highly 
positive incidence angle. At low pressure ratio the turbine suffered a highly negative incidence 
leading to a separation on the pressure side which became the leading cause of loss. The loss 
distribution under partial admission was found to be different to any condition in full admission 
with a large contribution of loss coming from the interspace region. Each rotor blade passage 
was found to act in a fully unsteady manner despite the fact that the inlet conditions were steady. 
Under pulsating flow the losses were calculated throughout a pulse cycle for one pulse 
frequency. This showed a large variation of the loss profile throughout the pulse indicating a 
highly dynamic flow structure within the turbine wheel. In the low pressure region of the cycle 
the tip leakage losses were dominant however, in the high pressure region the losses within the 
passage of the rotor were prevailing. This was due to a highly positive incidence angle causing a 
separation on the leading edge of the blade in a similar manner to the steady state full admission 
case at high pressure ratio. 
Calculation of a quasi-steady point for one timestep in the pulsed flow case showed that the loss 
profile in the rotor wheel was very similar between the pulsed flow condition and the equivalent 
quasi-steady condition. The overall entropy generation in the pulsating case was 1.66% greater 
than for the quasi-steady case, this could be primarily attributed to an increase in entropy 
generation in the interspace region. Generally it was concluded that the flow regime in the rotor 
wheel during unsteady flow will act very closely to a quasi-steady fashion. 
IV. To quantify the level of unsteadiness within a pulsed flow turbocharger and to 
relate this to the deviation from quasi-steady behaviour. 
Chapter 5 of this thesis presented the derivation of a new parameter, Ω, which could be used to 
quantify the level of unsteadiness within a flow domain. This number was based on the 
conservation of mass and attempting to quantify the average difference between the mass 
entering and leaving a flow domain over a pulse cycle. A comparison with the Strouhal number 
based analysis of Szymko [19] showed that for the most part these two criteria were in agreement 
in showing that the turbine volute would be primarily affected by filling and emptying. At low 
frequency the Strouhal number criterion predicted that the inner volute entry would follow a 
quasi-steady behaviour, this was not realized by the experimental results which still showed 
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significant filling and emptying. The Ω criterion predicted this to be the case. No correlation 
could be made between the Ω criterion and the deviation of the turbine performance from 
quasi-steady. However, it was found that the most closed nozzle (Nozzle A), on a cycle average 
basis generally was closest to the quasi-steady prediction of turbine performance.  
The Ω criterion was investigated further in the CFD analyses of Chapter 7. This compared the 
values of Ω calculated experimentally against the normalized mass flow discrepancy, Ψ, 
calculated within the CFD domain. The Ω criterion was found generally to overestimate the level 
of mass flow storage effects within all of the different domains although it was able to give a 
good idea for the peak normalized mass flow discrepancy in each case. 
8.2 SUMMARY OF CONTRIBUTIONS 
The main conclusions of the work, given above, relate to the objectives laid out at the beginning 
of the thesis; however it is worth summarising the major contributions that this thesis has made 
to this field of engineering.  
The first contribution from this thesis is the analysis in Chapter 4 of the unequal admission 
steady-state experimental results. Here a methodology is presented which allows a prediction of 
the unequal admission performance of the double entry turbine (both efficiency and mass flow 
rate) from the full admission turbine performance maps along with some empirical constants 
outlined in Section 4.3 and summarised by Figure 86. It is rare that the unequal admission 
performance of a double entry turbine would be available compared to the full admission maps 
which are more common. When matching a turbocharger turbine to an internal combustion 
engine it is common to assume that the turbine behaves in a quasi-steady manner, it is therefore 
necessary to have knowledge of the full equal and unequal admission behaviour of the turbine. 
Current matching procedure will commonly treat the double entry turbine as two completely 
separate single entry devices, this will lead to inaccuracy in the performance prediction. The 
contribution of this methodology beyond this thesis to users of double entry turbines is 
therefore clear. 
The second major contribution relates to the assessment of “unsteadiness” in Chapter 5 based 
on the rate of mass accumulation within a domain under a time varying boundary condition. The 
analysis resulted in the development of a parameter, Ω, which represents the average rate of 
mass accumulation within a flow domain throughout an unsteady pulse cycle. This parameter 
gives a tangible measure of “unsteadiness” by way of its derivation from the continuity equation, 
as opposed to the more standard approach of using the Strouhal number, or reduced frequency, 
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which are simply the ratio of two different timescales.  Establishing the deviation of turbine 
performance from purely quasi-steady when it is operating under pulsating flow conditions is 
important for optimal matching with an internal combustion engine. The fact that the 
experimental results of Chapter 5 in this thesis showed filling and emptying of the flow domain 
to be of great importance during pulsating flow it seems that the Ω parameter is a promising 
development for relating the quasi-steady and unsteady turbine performance. 
The final contribution relates to the computational analyses of Chapters 6 and 7. Entropy 
generation rate is presented as a method to quantify the aerodynamic losses within the turbine 
passage. In this case entropy generation rate represents the dissipation of flow kinetic energy 
through irreversible turbulent and viscous action and is equivalent to a loss of stagnation 
pressure. The turbine domain was divided into a number of sub-volumes so that the overall 
entropy generation rate could be evaluated in each of these different areas. The unsteady CFD 
analysis in this thesis shows that, throughout a pulse cycle, the turbine wheel operates at 
conditions far from the ideal full admission condition for which it was designed. The use of 
entropy generation rate in a CFD analysis in the manner laid out in this thesis allows a 
quantitative evaluation of where the differences lie between the ideal design condition of the 
turbine and the actual operation of the turbine. This method of analysis can support the design 
process for any turbocharger turbine by allowing the evaluation of a direct quantity which can be 
minimized in an optimization process, the application of this technique is much wider that just 
for a double entry turbine. 
8.3 FUTURE WORK 
This thesis has presented an extensive experimental and computational investigation which has 
served to answer the objectives laid out at the beginning of this thesis. There still remain areas 
for further investigation in order for a better understanding of the double entry turbine and the 
effect of pulsating flow. The suggestions for further work have been split into 3 different 
categories, namely experimental, computational and design related additions. 
8.3.1 EXPERIMENTAL 
The unsteady experimental work in this thesis was primarily based on 6 different conditions of 
pulsating flow for each of the different nozzle geometries. These were all at the same speed and 
nominally the same velocity ratio. Some further results were presented for Nozzle A but these 
were only discussed briefly. It would be beneficial to undertake a much more extensive unsteady 
experimental program incorporating a greater number of variables such as different turbine 
283 
 
speeds and different velocity ratios. The effect of pulse amplitude may also be interesting to 
consider in relation to the Ω criterion.  
The work in this thesis considered three different nozzle geometries with different nozzle areas, 
however, the geometry of all other components was the same throughout all of the analyses. 
Some of the work, specifically in relating the unequal admission behaviour of the turbine to the 
full admission characteristics, showed a very strong pattern. It would be beneficial to test these 
correlations on experimental data for different volute and rotor wheel geometries as it remains a 
question as to whether the correlations presented in this thesis are unique to the tested geometry 
(see for instance Figure 80).  
The Ω criterion developed in this thesis for the quantification of unsteadiness showed some 
promise in predicting filling and emptying behaviour within the volute however it did show some 
limitations. Namely, the CFD showed this criterion to generally over-predict the level of mass 
flow storage within a domain, also a link was not found between this parameter and the 
deviation of the turbine behaviour from quasi-steady. It may be of interest to measure directly 
the level of mass accumulation within a flow domain (by measuring the inlet and exit mass flow 
rate simultaneously) and to compare this to the calculated value of Ω for different size domains 
(in terms of flow length and volume) and for different pulse shapes. Continued improvement of 
this parameter and further attempts to relate this to the deviation from quasi-steady behaviour 
would be beneficial for the whole turbocharger community.  
On top of further testing the computational analysis in this thesis raised a question as to the 
measurement of fluctuating torque on the test facility. A clear departure was seen between the 
computational prediction and the measured torque trace for the 77Hz out of phase case. No 
precise explanation for this difference could be given. It would be instructive to carry out a 
further investigation of this measurement, and perhaps further CFD calculations, in order to 
determine where this difference arises.  
8.3.2 COMPUTATIONAL 
The first opening for further work in the computational analyses is in the partial admission 
analysis of Section 6.8. This showed a disagreement between the turbine efficiency measured 
experimentally and that predicted computationally. This difference was found to stem primarily 
from the prediction of torque. From the current work a clear explanation for this difference was 
not possible however, further work on understanding this difference would be useful. It was also 
discussed in Chapter 7 that the validation of the CFD results in this thesis looked only at 
integrated parameters, measured on the experimental facility. In most cases the CFD results 
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matched well to the experimental data, however, a more complete validation of this or any other 
similar computational model would be a good contribution to this area. This would require new 
instrumentation, namely the application of laser anemometry.  
 
The second point on which further work could be carried out is that only one quasi-steady 
condition was considered in the pulsed flow CFD analysis. This was able to show that the rotor 
wheel acted in a manner extremely close to quasi steady. Further analyses such as this at different 
points throughout the pulse cycle and for different cases of pulsating flow would be a valuable 
addition to fully understanding the difference between the performance of the turbine under 
steady and pulsating flow.  
Another opportunity to further the work in this thesis is to consider the loss associated within 
the volute during unsteady operation. The experimental and computational analyses both 
showed that the unsteady effect was much greater within the volute than in the rotor wheel, it 
would therefore be interesting to study how the pulse shape and the losses are affected within 
the volute during pulsating flow using CFD analyses. 
Finally, a great deal of the computational work in this thesis was related to the prediction of 
entropy generated in different areas of the turbine domain by way of Equation 63. It was 
discussed briefly how the calculation of entropy generation rate in this thesis was found to be 
dependent on mesh size (Section 6.6.1). A greater discussion of this effect was beyond the scope 
of the objectives for this thesis as this parameter was only used in a comparative sense. However, 
further work on the sensitivity of the calculation of entropy generation rate with mesh size would 
be a valuable further contribution to the computational analysis of turbine aerodynamics.  
8.3.3 DESIGN 
The CFD analyses showed that the flow within the interspace region can be of some importance 
when the turbine is operating in unequal admission. This can be either under steady state or 
during out of phase pulsating flow, where the losses in the interspace were found to be 
responsible for the majority of the difference in the overall loss between the unsteady and the 
quasi-steady case. An interesting extension to this work would be to look at novel designs for the 
nozzle geometry with the idea of minimizing this loss. This may include asymmetric nozzle 
designs intended to minimize the generation of entropy within the interspace area. 
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10 APPENDICES 
10.1 APPENDIX A: V-CONE CALIBRATION DOCUMENT 
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10.2 APPENDIX B: MASS FLOW CORRECTION DUE TO LEAKAGE 
Upon processing the steady state mass flow data it was found that the inner and outer limbs each 
gave slightly different mass flow characteristics. This was contrary to the findings of Copeland 
who saw that the mass flow characteristics for each limb were almost exactly the same. A 
subsequent investigation into this issue found a small leakage from the high pressure port of the 
v-cone on the inner limb. This leakage led to a small pressure loss in the impulse line which 
affected the measurement of differential pressure and hence the mass flow rate in this limb.  
Looking at all the measurements taken for nozzle 60 the mean difference in mass parameter 
between the inner and outer limb was calculated to be -5.94% with a standard deviation of 
2.58%, the difference was slightly larger at conditions of lower mass flow. For Nozzle 80 the 
mean difference was -2.90% with a standard deviation of 2.13%. It is important to remember 
here that these are the differences calculated between the mass flow parameter measured for the 
inner and outer limb; it would not be expected that these should each be exactly the same, 
although close. Therefore these numbers do not represent the error in mass flow measurement 
but it is likely that the real error would be close to this. Figure 174 shows the difference between 
the measured mass flow characteristics for the inner and outer volute entries for Nozzle 60 at 
60% speed ( √  ⁄          √ ). The inner and outer entry mass flow characteristics are 
seen to follow the same trends but the inner mass flow always falls below that of the outer entry. 
This figure was found to be typical for all measured data. 
 
Figure 174: Appendix B - Mass Flow characteristic measured on the test facility for the inner and outer limb. 
In terms of total mass flow it is expected that the inner limb, which was measured incorrectly, 
would deliver approximately half of the mass to the turbine wheel. Therefore the overall error in 
the calculation of turbine performance would be expected to be around half of the numbers 
given above.  
0.00E+00
5.00E-06
1.00E-05
1.50E-05
2.00E-05
2.50E-05
1 1.2 1.4 1.6 1.8 2 2.2 2.4
M
a
ss
 P
a
ra
m
e
te
r 
(m
.s
q
rt
(T
0
)/
P
0
) 
Expansion Ratio 
MFP inner
MFP outer
294 
 
Because the effect was only relatively small, it was considered reasonable to take action to correct 
the data, rather than re-test for all points. This involves re-processing the data with a corrected 
differential pressure for the calculation of mass flow rate in the inner limb. Fortunately, whilst 
testing, some data were taken for Nozzle 70; this could be directly compared to data taken 
previously for this Nozzle by Copeland [7].  
Figure 175 shows a comparison of the data measured by Copeland [7] and the latest data taken 
from the test facility for Nozzle 70 at 60% speed. Firstly it is seen that, for Copeland [7], the 
inner and outer limb mass flow characteristics are almost exactly coincident. Further, it is seen 
that the characteristic for the outer limb measured more recently, using the v-cone system, agrees 
with that measured by Copeland [7] allowing confidence in both of these measurements. It is 
clear that the mass flow characteristic measured for the inner limb falls below the expected trend.  
 
Figure 175: Appendix B - Mass flow characteristic measured for Nozzle 70 at 60% speed by Copeland [7] and 
the latest data measured on the test facility. 
Following the trend of the data taken by Copeland [7], an assumption was made that the inner 
and outer limbs should each adhere to the same mass flow characteristic. This allowed the data 
taken for the inner limb to be corrected such that the mass flow characteristic agreed with that of 
the outer limb. The differential pressure, measured across the v-cone on the inner limb, was 
adjusted to match the inner and outer mass flow characteristics; the corrected mass flow 
characteristic is shown in Figure 176. 
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Figure 176: Appendix B - Mass flow characteristics for each limb measured by Copeland [7] and the v-cone 
system, after the mass flow for the inner limb has been corrected. 
Ideally a correction of this type would be based on a larger data set hence, after discovery of the 
problem, further testing was carried out in an attempt to produce more data to characterise the 
leakage effect on pressure measurement. This was done by direct comparison of the mass flow 
rate measured by the v-cone and the orifice plate on the inner limb. Unfortunately, due to the 
nature of the problem, prolonged studying of this effect was not practical since it was necessary 
to amend the leak. Subsequently it would be impossible to recreate the geometrical configuration 
to achieve the same leakage characteristic. Nevertheless, several further data points were 
collected on which to base a correction for this data. In order to determine a correction, after 
collection of this data, it was first necessary to process this data in a meaningful way. 
The error in the measurement of pressure in the affected impulse line is due to mass escaping 
through a small opening.  Treating the cavity as an ideal nozzle it is possible to derive an 
expression for the mass flow rate of leakage air through this hole in terms of the opening area 
and the pressure and temperature inside the pipe, starting from the mass flow rate at the throat; 
 ̇          
 ̇   
  
   
        
Equation 68 
The subscript 2 represents values at the throat of the leakage opening. All of the constants in this 
equation can be consolidated into a single value, including     and   and, since the expansion is 
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always to atmosphere,    will be the atmospheric pressure which will also be treated as a 
constant. The equation reduces to; 
 ̇    
   
√  
 
Equation 69 
Assuming that this process of expansion is isentropic we then find; 
 ̇    √
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)
    ⁄
  )
(
  
  
)
    ⁄
  
 
Equation 70 
Although the assumption of an isentropic leakage process is not realistic it is expected that the 
rate of mass leakage should follow a relationship similar to that shown above. This analysis 
requires a further step since it is not dealing directly with the leakage mass flow rate but the 
change in pressure within the impulse line due to this leakage. It is assumed that the head loss in 
the impulse line is caused at the junction of the impulse line and the main supply pipe to the 
turbine, as this is not likely an ideal geometry the escaping mass will suffer a drop in stagnation 
pressure as it passes this connection. The resulting stagnation pressure, measured by the 
scanivalve, at the end of the impulse line will thus be reduced in this manner. From fluid 
mechanics we know that the loss in stagnation pressure may be described as a function of the 
dynamic pressure [84]; 
          
   
 
        
Equation 71 
Where, in this equation,       is the loss coefficient. As the geometry for this system is unknown 
it is not possible to make an estimate of the loss coefficient, however, we may assume that this 
parameter will remain a constant, as long as the geometric configuration is not changed. Again 
consolidating all constants into a single value,     and using the above expression for mass flow 
rate through the cavity we can write; 
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Equation 72 
We expect that the head loss in the impulse line will show a linear relationship with the last two 
terms on the right hand side of Equation 72, the gradient of this relationship will be the 
coefficient,    . This leads to the definition of the leakage parameter (LP); 
   
(
 
 
 
   ((
  
  
)
    ⁄
  )
(
  
  
)
    ⁄
  
)
 
 
 
  
  
 
Equation 73 
Figure 177 shows the change in differential pressure required to correct measurement of mass 
flow rate on the inner entry, plotted against the leakage parameter: As expected a linear 
characteristic is found, albeit with some scatter. This forms the correction applied to the 
experimental data points. 
 
Figure 177: Appendix B - Change in differential pressure required to match the inner mass flow characteristic 
with the outer characteristic measured on the test facility, plotted against the leakage parameter. 
The application of this correction to the measured data will undoubtedly introduce a larger error 
in the mass flow measurement in this limb. The standard error of regression calculated for the 
difference between the discrete data points and linear trend line in Figure 177 is 3.2mbar [56]. 
The standard deviation calculated for the intercept will be ±0.2mbar and the standard deviation 
calculated for the slope of the linear trend is 18% of the value given in Figure 177. For a 95% 
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confidence interval the associated uncertainty will be  0.4mbar in the value of the intercept and 
 36% of the given gradient. Since this includes an uncertainty in the gradient of the linear 
regression, the overall uncertainty will be a function of the leakage parameter calculated for each 
point. Further, the uncertainty associated with the measurement of differential pressure was 
given as 0.075% of the full scale output of the pressure transmitter; this equates to  1.2mbar. 
The individual uncertainty for each data point was calculated as the square root of the sum of the 
squares of the individual uncertainties. Generally the uncertainty in the measurement of mass 
flow in this limb was below ±10%, some 8 data points of a total of 158 had an uncertainty 
greater than this although these had a very low mass flow.  The overall average uncertainty was 
4.91%. Figure 178 shows the corrected data for Nozzle 60 at 60% speed with uncertainty bars 
applied for the calculation of mass flow parameter; this can be directly compared with Figure 
174, which shows the un-corrected data. In Figure 178 the corrected mass flow characteristic for 
the inner limb matches closely to that for the outer limb, this gives confidence to the correction 
since it agrees with the findings of Copeland and also that this is the design intent of the 
symmetric double entry volute.  
 
Figure 178: Appendix B - Corrected data with error bars shown for the inner limb mass flow parameter for 
Nozzle 60 at 60% speed. 
10.3 APPENDIX C: HOTWIRE CORRECTION 
Hotwire response is predominantly defined by the heat transfer coefficient of the wire to the 
bulk fluid and the temperature difference between the two. The most common relationship to 
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describe the heat transfer from a hotwire stems from the work of King [65]. He showed that the 
following relationship applies to the heat transfer from an infinitely long cylinder in a fluid; 
          ⁄  
Equation 74 
This is the starting point for the hotwire correction used in this work. The Nusselt number can 
be expressed in terms of the voltage across the Constant Temperature hotwire probe. Firstly, the 
total heat transfer from a section of wire,   ̇ , can be equated to the electrical power dissipated 
across the wire element over length   ; 
  ̇  
    
  
        
Equation 75 
Where,  , is the current,  , is the resistivity and    is the cross sectional area of the wire. The 
total heat transfer from the hotwire can be expressed by the 4 different heat transfer processes 
affecting the wire. 
 
  ̇    ̇     ̇    ̇    ̇  
Equation 76 
Here   ̇   is the heat transfer by forced convection,   ̇  is the heat transfer by conduction to 
the prongs,   ̇  is the heat transfer by radiation and   ̇  is the rate of heat storage in the wire. 
Starting with the heat transfer relation for an infinitely long wire, the heat transfer by conduction 
to the prongs can be ignored. The radiation from the wire can also be ignored as negligible and 
since the hotwire is operated in constant temperature mode there will be no thermal inertia effect 
of heat storage in the wire. So heat transfer by forced convection will be the only non-negligible 
effect. The total heat transfer from the wire can therefore be approximated as the forced 
convective heat transfer from the wire due to the bulk flow, applying Newton’s law of cooling 
we get; 
  ̇                   
Equation 77 
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Where Tw is the temperature of the wire and    is the free stream gas temperature. Integrating 
this expression along the length of the wire and combining with Equation 75 we get; 
                  
Equation 78 
This can then be written in terms of the Nusselt number; 
                   
Equation 79 
Finally, using Ohm’s law, the relationship can be written to relate the Nusselt number directly to 
the potential difference across the wire probe; 
   
  
 
             
 
Equation 80 
Here it is more useful to determine the Nusselt number in terms of the anemometer output 
voltage rather than just the potential difference across the actual wire. The wire voltage is related 
to the anemometer output voltage by the following relationship 
  
        
  
   
Equation 81 
Where    is the resistance in the top arm of the Wheatstone bridge,    is the hotwire lead 
resistance and    is the electrical resistance of the hotwire element. Since each of these 
resistances is a constant when operating in CT mode, this fraction can be replaced by a single 
constant,   . It is now possible to describe King’s relation in terms of the anemometer output 
voltage 
  
               
     (
    
 
)
  ⁄
 
Equation 82 
The constants in this equation can be amalgamated into the empirically determined constants A 
and B to produce new constants A* and B*. It is also useful at this point to multiply both sides 
by the overheat temperature (Tw-Tref). Where Tref is a reference temperature, this was taken as the 
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ambient temperature during the initial calibration of each hotwire and was generally around 
290K. The overheat temperature is defined by the overheat ratio, α, and the temperature 
coefficient of resistance, β by; 
(       )  
 
 
 
Equation 83 
The overheat ratio is a constant which is defined by the user, this was selected as 0.8. The 
temperature coefficient of resistance of the wire represents the percentage change in wire 
resistance with temperature. For the tungsten wire used here this was 0.36%/°K resulting in an 
overheat temperature of around 222K and a wire temperature of 512K. The overheat 
temperature was also treated as a constant and so can be amalgamated into the constants A* and 
B* on the right hand side of Equation 84; 
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Equation 84 
It is then useful to express the fluid properties in terms of temperature [63] 
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Equation 85 
By applying this relationship to real property data for air a good fit was found for p=0.83 and 
q=0.73 [85]. 
Finally we have an expression to relate the air velocity, density and temperature to the 
anemometer voltage 
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Equation 86 
In reality it is found that this correlation will not exactly describe the response of a real hotwire. 
A large part of this discrepancy can be ascribed to the assumption made here of an infinitely long 
wire such that conductive end losses to the prongs could be ignored, also King’s relationship 
neglects to account for the effect of Mach number and Prandtl number and so will not be 
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adhered to strictly. To account for this effect the above expression is modified to give a final 
relationship between hotwire voltage and mass flux. The exponent of ½ is replaced with a 
constant n which must be determined empirically and also a constant m is added to the exponent 
in the temperature correction term; 
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Equation 87 
This can be re-arranged to get the final relationship in terms of mass flux; 
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Equation 88 
10.4 APPENDIX D: DIMENSIONAL ANALYSIS OF TURBINE PERFORMANCE 
10.4.1 SINGLE ENTRY TURBINE 
Whitfield and Baines [66] show the functional relationship formed by the basic parameters which 
affect the behaviour of a turbine, this is; 
        ̇                          
Equation 89 
It is worth noting here a convention in the definition of turbocharger turbine performance that 
is not always seen in the analysis of other types of turbines. It is often the case that a 
turbocharger turbine will be a single stage device with no further extraction of work from the 
fluid downstream, this means that any kinetic energy available at the exhaust of the turbine rotor 
will be wasted (unless the flow is diffused, that is). Because of this it is more common to look at 
the static pressure downstream of the rotor rather than the stagnation pressure since it is 
assumed that any mechanical energy associated with the dynamic pressure will be wasted. The 
reference exit pressure (station 5) used in this thesis was the measured atmospheric pressure. A 
more appropriate relationship for a turbocharger turbine will therefore be; 
        ̇                          
Equation 90 
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Although knowledge of these parameters allows one to determine the full performance of a 
turbine, comparison of different turbines or even the same turbine at different conditions on this 
basis becomes essentially impossible due to the number of variables. It is common practice in 
the field of turbomachinery to reduce the presentation of machine performance to a number of 
representative dimensionless variables; most commonly these dimensionless variables are 
determined through implementation of Buckingham’s Pi theory. Although this is not always 
followed strictly, the definition of the different performance parameters is heavily based upon 
this analysis.  
The parameters that make up the relationship of Equation 90 are formed of 4 different 
fundamental dimensions; length, time, mass and temperature. Therefore Buckingham’s theory 
states that this relationship could be reduced to 6 dimensionless П terms, there being 10 
parameters and 4 dimensions. The resulting dimensionless terms will depend upon the 
parameters chosen to act as repeating variables. If we choose          and     as the repeating 
parameters then the functional relationship can be reduced to the following dimensionless terms: 
 (
   
√    
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 √    
   
 
  
   
 
   
   
   
 √    
     
)    
Equation 91 
Although it is known that the Reynolds number term (the final term within the parentheses) will 
have an effect on turbine performance this is usually only small since the turbine will generally 
operate in a highly turbulent flow field. Because of this it is usually neglected from most analyses 
except in cases where the effect may become significant, for instance in comparing the 
performance of two very differently sized turbines. The ratio of specific heats is also often 
neglected, especially when dealing with cold performance data as in this work, in this case   can 
be taken as a constant. We now end up with just 4 parameters in our functional relationship; 
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)    
Equation 92 
10.4.2 DOUBLE ENTRY TURBINE PERFORMANCE 
When dealing with a multiple entry turbine the problem becomes more complex since at the inlet 
to the turbine there are 2 sets of operating parameters, one for each limb. The functional 
relationship for turbine performance now becomes: 
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        ̇   ̇                                      
Equation 93 
The parameters that make up this relationship are again formed of 4 different fundamental 
dimensions; length, time, mass and temperature. Therefore Buckingham’s theory states that this 
relationship could be reduced to 9 dimensionless П terms. The resulting dimensionless terms will 
depend upon the parameters chosen to act as repeating variables. Choosing           and      
as the repeating parameters then the functional relationship reduces to the following 
dimensionless terms: 
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Equation 94 
The ratio of temperatures in each limb,  
    
    
, was neglected since this remained very close to 
unity throughout testing and so was deemed to have little influence on the recorded turbine 
performance. Also, applying the same logic as for the single entry turbine, the relationship can 
then be reduced to; 
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  )    
Equation 95 
Here we are left with 6 parameters to define the performance of a dual entry turbine. In reality 
some of these were altered to reflect the simplifications made above 
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Equation 96 
10.5 APPENDIX E: TURBINE MAP EXTRAPOLATION 
The extrapolation used in this thesis was based on the method of Salim et al [68] which used a 
process of normalizing all of the data. The normalised efficiency characteristic is defined such 
that it will peak at a value of unity on both the efficiency and velocity ratio axes. The following 
function can then be fitted to the data: 
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Equation 98 
Using this method the mean error in efficiency between the measured experimental data and the 
extrapolation function was 1.13% with a standard deviation of 2.75%. Figure 179 shows the 
extrapolation function plotted against the measured experimental data points for the 43.0rps/√K 
speed line, both axes have been normalised to the peak efficiency condition.  
Contrary to intuition, which would attempt to describe the mass flow parameter as a function of 
the expansion ratio, the normalised mass flow parameter was correlated against the velocity ratio. 
A simple quadratic polynomial function was fitted to this data of the form: 
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Equation 99 
 The fit to experimental data in this case was better than for efficiency, the mean error was 
0.002% with a standard deviation of 0.55%. Figure 180 shows a comparison of the extrapolation 
function to the measured data for the normalised mass flow parameter plotted against the 
velocity ratio.  
A problem is encountered with this model however, in conditions of large flow inequality near to 
partial admission. Here the useful work from one of the limbs drops below 0 so that it is actually 
dissipating some of the useful power produced in the opposing limb; this is an area not covered 
by the normal turbine maps which are only defined for positive values of efficiency.  In this 
simple model it was assumed that at zero mass flow (corresponding to the non-flowing limb at 
the partial admission condition) the dissipation would be equal to the isentropic power 
availability at the point of zero efficiency (corresponding to a normalised isentropic velocity ratio 
of around 1.8 in Figure 179). For conditions between the zero efficiency point and zero mass 
flow, the dissipated shaft power was assumed to follow a linear trend with mass flow rate.  
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Figure 179: Appendix E - Plot showing a comparison of the extrapolation function for the full admission 
efficiency characteristic compared to the measured full admission performance 
 
Figure 180: Appendix E - Plot showing a comparison of the extrapolation function for the turbine mass flow 
parameter compared to the measured full admission performance against velocity ratio 
To test the fidelity of this assumption the actual shaft power produced by the turbine, for a 
constant speed, can be plotted against turbine pressure ratio. This gives an almost linear trend as 
shown in Figure 181. When the extrapolated values are plotted on the same figure a very similar 
trend is followed allowing some confidence in the method. Although this assumption will clearly 
not accurately model the dissipation within the turbine, it is adequate to establish an indication of 
the effect of different turbine loading on the unequal admission efficiency ratio. 
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Figure 181: Appendix E - Figure showing the delivered shaft power (normalised by the peak measured power) 
predicted by the full admission maps (blue diamonds) and the extrapolated “negative efficiency” region (red 
diamonds) plotted against pressure ratio at a constant speed of 43.0rps/√K 
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10.6 APPENDIX F: PULSATING FLOW RESULTS 
 
 
Figure 182: Appendix F - Instantaneous isentropic and actual power for 38Hz and 77Hz pulsating flow, in and 
out of phase 
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Figure 183: Appendix F - Instantaneous mass flow characteristics for 38Hz and 77Hz pulsating flow 
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Figure 184: Appendix F - Instantaneous mass flow rate for Nozzle A with quasi-steady prediction 
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Figure 185: Appendix F - Instantaneous mass flow rate for Nozzle B with quasi-steady prediction 
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Figure 186: Appendix F - Instantaneous mass flow rate for Nozzle C with quasi-steady prediction 
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Figure 187: Appendix F - Instantaneous torque for Nozzle A with quasi-steady prediction 
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Figure 188: Appendix F - Instantaneous torque for Nozzle B with quasi-steady prediction 
 
315 
 
 
Figure 189: Appendix F - Instantaneous torque for Nozzle C with quasi-steady prediction 
 
10.7 APPENDIX G: CFD THEORY 
10.7.1 THE GOVERNING EQUATIONS 
The behaviour of a fluid system can be described mathematically by a number of analytically 
derived equations. These are the continuity equation for the conservation of mass, the Navier-
Stokes equations, which govern the conservation of momentum and the energy equation, which 
is a consequence of the first law of thermodynamics. These equations, except in very simplified 
cases, have no known general analytical solution. The fundamental basis of CFD is to discretise 
these equations such that they can be solved numerically to obtain a prediction of the fluid flow 
field. Versteeg and Malalasekera [86] give a comprehensive derivation of these equations from 
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first principles, with particular attention to their use in CFD, here however, only the final result 
will be presented. 
The simplest and perhaps the most fundamental of the governing equations is the continuity 
equation for the conservation of mass. This says that the rate of change of mass within a fluid 
system is equal to the net mass flux, in or out of that system. This can be expressed as a partial 
differential equation, in conservative form; 
  
  
           
Equation 100 
The momentum transport equations describe the conservation of momentum in a fluid system. 
Physically this can be stated as: the rate of change of momentum is equal to the sum of all forces 
acting on a fluid particle which is a statement of Newton’s second law of motion. For a 
Newtonian fluid, in which the shear stress is proportional to the rate of deformation, we obtain a 
special form of the momentum transport equations called the Navier-Stokes equations. The x-
component is given by; 
     
  
           
  
  
                    
Equation 101 
For the y-component of momentum; 
     
  
           
  
  
                    
Equation 102 
And finally, the z-component of momentum; 
     
  
           
  
  
                   
Equation 103 
In these equations the source terms (   ) contain all body forces on the fluid, including 
gravitational, centrifugal and Coriolis forces, they also contain some contribution from the 
viscous stress terms.  
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The governing equation for the conservation of internal energy, which is derived from the first 
law of thermodynamics, can be written; 
     
  
                                       
Equation 104 
Where the dissipation function, , contains all effects due to viscous stresses, this can be shown 
to be; 
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Equation 105 
It is clear that, since all terms in this equation are squared, it will always be positive and so acts as 
a source term for internal energy. This represents the dissipation of mechanical energy into heat 
due to viscous effects as the fluid is deformed. 
Within the unknowns in this system of equations are four thermodynamic variables:       and 
 . By assuming a state of thermodynamic equilibrium these intensive properties can be related by 
two equations of state, reducing the number of unknown thermodynamic variables to two. For a 
perfect gas the equations of state are; 
      
Equation 106 
And 
      
Equation 107 
These governing equations together make a series of 7 equations with a total of 7 unknowns 
(             ) making this a closed mathematical system.  
10.7.2 THE GENERAL TRANSPORT EQUATION 
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As well as the overall governing equations for the conservation of mass, momentum and energy, 
it is possible to formulate a general transport equation for a conserved scalar quantity,  . This 
can be formulated as; 
     
  
                           
Equation 108 
The first term accounts for the rate of accumulation of   within a control volume, the second 
term represents the transport of   by advection with the main flow. The first term on the right 
hand side corresponds to the transport of   by diffusion, where   is the diffusion coefficient, 
the final term accounts for source terms.  
It is clear that Equation 108 shows commonalities between the governing equations (Equation 
100 to Equation 104), notably with the exception of the pressure terms in the momentum 
equations and both the pressure and dissipation terms in the energy equation. If however, we 
insert these non-common terms into the source term then it is possible to cast all of the 
governing equations into this general form. It is this general transport equation which forms the 
basis of the numerical methods used by most CFD codes. 
10.7.3 NUMERICAL METHODOLOGY 
The non-linearity of the transport equation and the fact that it is a function of both space and 
time mean that they cannot be solved analytically and instead require a solution through 
numerical methods. The simplest method of numerical solution, and that used by early pioneers 
of the subject [87], is the finite difference method. The finite difference method divides the 
computational (flow) domain into a grid,   can then be evaluated at each vertex. The derivative 
terms in the transport equation can be evaluated by application of a truncated Taylor series in 
terms of the value of   at a given vertex and its immediate neighbours. This leads to a series of 
algebraic equations which can be solved to find   at each grid vertex. In general the finite 
difference method only sees application for simple Cartesian geometries. 
An alternative methodology is the finite element approach, this is very flexible in terms of 
geometry and mesh type. The domain is divided into a series of elements, this method works by 
using simple functions to describe the variation of a property,  , across the element in order to 
try and satisfy the overall governing equations. In reality these simple functions do not 
adequately describe the variation of   to precisely comply with the governing equations leading 
to an error, or residual. Various methods can be used to minimise the residual values, although 
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this is usually applied globally and so even in the case of a zero global residual this does not 
guarantee local conservation within the flow domain. This property makes the finite element 
method unsuitable for application in fluid problems. 
The most widely used numerical method for application in CFD, and indeed that used by 
ANSYS CFX, is the finite volume method. This has local conservation built into its formulation. 
As with the other numerical methods, the computational domain is divided into a number of 
sub-volumes or cells. The crucial aspect of the finite volume method is to integrate the 
governing equations across this whole volume. This ensures the conservation of relevant physical 
quantities for each finite control volume. A discrete value for each physical quantity is held at the 
centre of each control volume. Gradients of variables can be calculated by making 
approximations about their distribution between these nodes, the nature of these approximations 
will be discussed later. It is then possible to forge a set of algebraic equations to calculate the 
values of relevant variables at each nodal point.  
10.7.4 THE FINITE VOLUME METHOD 
Looking more closely at this methodology, taking a control volume,   , the integration of the 
general transport equation (Equation 108) over this finite volume yields; 
∫
     
  
    ∫             ∫                 ∫     
        
 
Equation 109 
The next key step in the finite volume method is the implementation of Gauss’ divergence 
theorem for the convective and diffusive terms in the above equation. The divergence theorem 
of Gauss shows that a triple (volume) integral can be transformed into a double (surface) 
integral. Physically, in terms of fluid flow, this theorem says that the overall change in a flow 
variable inside a control volume is equal to the net flux of that variable across the bounding 
surface of the control volume. Kreyzig [88] provides a more rigorous proof of this theorem; here 
we are interested in the final result which can be written mathematically as: 
∫           ∫       
   
 
Equation 110 
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Where,   is the control surface unit normal vector and     represents the flux of   across the 
control surface. Thus we can now re-write Equation 109; 
∫
     
  
    ∫            ∫                ∫     
      
 
Equation 111 
Finally, for time dependant problems, to allow temporal discretisation of transport equation, 
Equation 111 must be integrated over a small time interval,   . This yields the most general 
integrated form of the transport equation which is the basis of the finite volume method; 
∫
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Equation 112 
10.7.5 DISCRETISATION OF THE GOVERNING EQUATIONS 
In theory Equation 112 can be applied to each individual control volume within the 
computational domain to allow an overall approximation of the entire flow field. However, as 
already stated, an analytical solution to these equations is not possible and instead they must be 
discretised, in both a spatial and temporal sense, to allow an iterative solution.  
10.7.6 SPATIAL DISCRETISATION 
In order to describe the method used in CFX for the discretisation of the governing equations it 
is first helpful to consider an elemental control volume and the attached surrounding nodes, for 
brevity only a 2D system is considered here, the principles can easily be applied to a 3D 
geometry, details of such an extension are given by Versteeg and Malalasekera [86]. Figure 190 
shows a control volume (filled in solid grey) and the eight adjacent nodes in the computational 
mesh. The control volume is comprised of four element sectors, which are in turn, each part of 
the four elements surrounding the control volume, one element is marked out by the thicker 
black lines. Between each element sector is an element segment which marks the bounding 
surface of the control volume, at the centre of this lies an integration point (shown by blue dots) 
which is used to approximate the value over the whole segment.  
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Figure 190: Appendix G – Sketch of a 2D finite volume cell 
Discrete solution field properties are stored at the nodal points at the centre of each control 
volume. However, in order to evaluate some of the terms in the governing equations, values of 
the flow variables gradients must be known on the bounding surface of the control volume, i.e. 
at the integration points. In order to evaluate these terms CFX uses finite element shape 
functions to approximate the variation of the different solution variables across the element in 
terms of the values at the surrounding nodes. The variation of a variable   within an element is 
described by; 
  ∑    
 
   
 
Equation 113 
Where   and    are the shape function and the value of  , respectively, associated with node   
and   is the number of nodes on the boundary of the element. The distribution of   within an 
element is therefore a function of the value of   at all nodes attached to this element. The 
formulation of the shape functions means that each bounding node will have an equal effect on 
the value of   at the integration point (with respect to its distance from the integration point). 
Details of the shape functions are given in the CFX theory guide [72]. 
Physically, the diffusion of a scalar in a fluid flow occurs due to interactions on a molecular scale, 
or in the case of turbulent flow, on a turbulent scale. The amount of diffusion in any given 
direction will be a function of the scalar spatial gradient with respect to that direction with no 
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effect from the overall mean flow direction. With this in mind it seems physically reasonable to 
base the calculation of the diffusion term on the local variable gradient with equal influence from 
each surrounding node (i.e. with the shape function approach to describe the variation of a scalar 
across an element). The pressure gradient terms in the momentum and energy equations are also 
evaluated using the shape function approach. The same cannot be said for the advection term 
since this, by definition, represents the transport of the scalar property with the main flow.  
Considering this, it is expected that the advection term will be affected differently by different 
nodes. It is assumed that the value of   from an upwind node will have a much greater effect 
than that of a node sitting downstream of the integration point in question. Because of this, the 
evaluation of the integration point values of   for the advection term is not normally carried out 
using the method of shape functions. CFX has a number of discretisation schemes for the 
advection term and in general they can all be cast in the form [72]; 
              ⃗ 
Equation 114 
Where     is the value of   at the integration point,     is the value of   at the upwind node, 
   is the gradient of   calculated using the shape function approach,   is the blend factor and 
finally,   ⃗ is the vector from the upwind node to the integration point. By specifying different 
values for   the influence of the surrounding nodes will be changed compared to the influence 
of the upstream node. The two most well known schemes are with  =0, this gives the upwind 
differencing scheme or for  =1 which gives the central differencing scheme. The discretisation 
scheme used in the analyses in this thesis was the so-called High-Resolution Scheme which 
calculates a value for   between 0 and 1 based on the maximum and minimum values allowed 
for   at each node. 
10.7.7 TEMPORAL DISCRETISATION 
Second order backwards Euler 
10.7.8 TURBULENCE 
As with most fluid flows of practical interest, the flow inside a turbocharger turbine will be 
entirely turbulent. Turbulence is characterised by a stochastic and irregular motion of the flow in 
the form of eddies which can span many orders of magnitude spatially and temporally. Although 
the motion of these turbulent eddies could, in theory, be described by the governing equations of 
the last section, resolution of the turbulent scales is, in most cases, not of particular interest and 
323 
 
in any case would impose an unrealistic computational burden. To avoid this prohibitive 
computational burden it becomes necessary to model the effect of turbulence on the 
macroscopic flow characteristics. It is the modelling of this turbulence that is responsible for 
perhaps the largest error in computational fluid modelling. 
In his book “Hydrodynamics” in 1916, Horace Lamb commented that turbulence was the “chief 
outstanding difficulty” in this subject [89]; almost 80 years on Bradshaw re-iterated his feelings 
[90]. Moving on another 16 years, specifically in relation to CFD modelling, Denton [75] remarks 
that turbulence modelling has come on little in the last few decades. He goes on to show how 
different turbulence models can affect the final flow prediction especially for separated or 
separating flows. Clearly our understanding of this stochastic phenomenon is not complete but 
there are modelling approaches which appear to give reasonable predictions on actual flows in 
turbulent conditions. 
10.7.9 REYNOLDS AVERAGING 
Figure 191, from Van Dyke [91], is an effective depiction of turbulence. On the left hand side a 
laminar flow enters the photograph, evident by the uniform smoke trails. This laminar flow 
passes through a grid, and a short distance downstream de-stabilises into a fully turbulent flow. 
The stochastic behaviour of the fluid, evidenced by the break-up of the smoke trails downstream 
of this turbulent transition, is typical of that found in a turbulent flow.  
 
Figure 191: Appendix G - Laminar to turbulent flow 
If an observer were to monitor the velocity at a fixed point in space, downstream of this 
turbulent transition, the resulting velocity profile would look similar to that in Figure 192. The 
instantaneous velocity of the flow can be seen to change randomly in time around a mean value. 
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The Reynolds decomposition can be used to separate the different flow properties into averaged 
and fluctuating components, as shown in Equation 115 for the   component of velocity; 
   ̅     
Equation 115: Reynolds decomposition for u component of velocity 
Where    is the instantaneous component of velocity which is superposed on top of the time 
averaged velocity component,  ̅ . This is referred to as the Reynolds decomposition and 
underpins most modern turbulence models. 
 
Figure 192: Appendix G – Figure showing turbulent velocity fluctuations 
It is possible to replace the velocity, pressure and scalar quantities in the governing equations for 
mass and momentum continuity (Equation 100 to Equation 103) and the general scalar transport 
equation (Equation 108) with the decomposed, mean and fluctuating components, the mean 
flow equations for a turbulent flow can hence be derived. If an incompressible fluid were 
considered this would lead to the Reynolds Averaged Navier-Stokes (RANS) equations, a 
complete derivation of the RANS equations can be found in Pope [92]. However, for a 
compressible fluid the density variation must also be accounted for which leads to the Favre-
averaged form of the mean flow equations which is widely used in commercial CFD packages 
[86]. The Favre-averaged continuity equation becomes 
  
  
       ̅    
Equation 116 
The Favre-averaged x-component of momentum 
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Equation 117 
For the y-component of momentum 
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Equation 118 
And the z-component of momentum 
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Equation 119 
The scalar transport equation becomes 
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Equation 120 
In these equations   is the time averaged density [86]. Comparing the Favre-averaged equations 
to the standard governing equations (Equation 100 to Equation 103 and Equation 108) it is 
immediately obvious that there are many similarities. Indeed, because of the rules which govern 
the Reynolds decomposed variables, most terms can simply be replaced by the time averaged 
value. There is a noticeable additional set of terms in the Favre-averaged equations, the so called 
second moment terms which are in square brackets. These terms arise due to the fact that, even 
though the time average of any individual fluctuating components is 0, the time averaged 
product of two fluctuating quantities will be non-zero.  
In the momentum equations these second moment terms take the form of a density multiplied 
by two fluctuating components of velocity. Dimensionally this is the same as a stress and these 
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are referred to as the Reynolds Stress terms. Physically these fluctuating terms are found to affect 
the macroscopic behaviour of the fluid in the same manner as the molecular, viscous shear 
stress. If one thinks of the mechanics of viscous action, which is based on the transfer of 
momentum due to interactions at a molecular level, it is quite intuitive that the Reynolds stress 
terms cause a similar diffusion of momentum but at the turbulence scale through the fluctuating 
velocity field [92]. In a similar analogy these second moment terms act to diffuse the scalar 
variable   in the transport equation. 
In the momentum equations there are now 6 extra Reynolds Stress Terms and another 3 extra 
terms in the transport equation giving 9 extra unknowns within the set of 7 governing equations. 
This makes a system that is not solvable mathematically. In order to amend this problem these 
second moment terms must be approximated in terms of known or calculable quantities. This is 
known as second moment closure and is the basis of turbulence modelling. 
Probably the most common approach to modelling these terms is the turbulence viscosity 
hypothesis, introduced by Boussinesq [92]. This accounts for the action of turbulence on the 
flow by the introduction of a turbulence, or eddy viscosity,   , analogous to the molecular 
dynamic viscosity. The Reynolds stress will then be proportional to the time average shear strain 
rate in the fluid, written in index notation this can be summarised as; 
        ̅̅ ̅̅ ̅̅ ̅    (
   ̅
   
 
   ̅
   
)  
Equation 121 
An equivalent parameter, the turbulent diffusivity,   , is introduced into the transport equation 
for a general scalar which can be used to describe the effects of the second moment terms in this 
case. 
Turbulence modelling thus becomes an exercise in modelling these turbulent diffusive 
coefficients. Over the past century many different correlations have been introduced to model 
these terms with varying degrees of simplicity. The turbulence model used exclusively in this 
work was the k-ε model; this is part of the two equation turbulence model family. The basis of 
this model is that the turbulent coefficient of viscosity can be related to the turbulence kinetic 
energy,    
 
(   ̅̅ ̅̅ ̅    ̅̅ ̅̅̅    ̅̅ ̅̅ ̅), and the turbulence kinetic energy dissipation rate,  . The turbulence 
viscosity is related to these two properties by the following relation; 
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Equation 122 
Where    is an empirically determined constant. Transport equations, in the form of the general 
transport equation, can be formulated for   and   so that their values can be determined directly, 
introducing 2 extra equations for the CFD solver. The exact formulation of these equations, as 
implemented within CFX, can be found in the CFX theory guide [72]. 
The k-ε model is widely used since it offers a good compromise between computational effort 
and accuracy. The k-ε model has been widely validated and shown good performance in 
predictions of confined flows although it is clear that this some information lost when such a 
model is used as opposed to directly modelling all scales of the flow from the macroscopic level 
to the smallest scales of turbulence. One problem common to all 2-equation eddy viscosity 
turbulence models is the assumption of isotropic turbulence. In reality turbulent effects on the 
flow may show some directionality, especially in highly sheared flows, the k-ε model has 
sometimes shows poor performance in such cases. 
10.7.10 TURBULENCE NEAR THE WALL 
 Figure 193 shows a typical velocity profile for a turbulent boundary layer, such a boundary layer 
can be divided into 3 sections as shown in the figure. Nearest to the wall is the laminar, or 
viscous sub-layer, in this region the flow undergoes a very high shear strain and molecular 
viscosity effects dominate over the effect of the Reynolds stresses. Beyond the viscosity affected 
sub-layer is the buffer layer; here the effects of molecular viscosity and turbulence effects are 
both important. Finally outside of the buffer layer the flow enters the fully turbulent log law 
region where viscosity effects are negligible and turbulent effects dominate. 
 
Figure 193: Appendix G – Regions in a turbulent boundary layer 
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Modelling turbulent flows near walls becomes problematic. Because of the very high strain in the 
boundary layer a very high mesh density is required to resolve the flow, also the use of the k-ε 
model in the near wall region is flawed as the viscous effects become more important closer to 
the wall. Again, as with turbulence modelling as a whole, implementing a model to predict the 
near wall flow becomes advantageous. 
First it is helpful to define length and velocity scales for turbulent boundary layer flows by 
looking at the region by the wall. At the wall, where there is no relative velocity of the fluid, the 
Reynolds stresses are necessarily 0 and so the wall shear stress is entirely due to the contribution 
of molecular viscous action, the wall shear stress is defined as; 
     (
  
  
)
   
 
Equation 123 
Clearly the wall shear stress and the kinematic viscosity are important parameters in the near wall 
flow, from these it is possible to define appropriate viscous scales for length and velocity. The 
friction velocity is defined; 
   √
  
 
 
Equation 124 
And the viscous length scale 
    √
 
  
 
 
  
 
Equation 125 
Hence the following dimensionless groups can be defined for velocity and distance for a near 
wall flow, for velocity; 
    
 ̅
  
 
Equation 126 
And for length; 
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Equation 127 
It is found experimentally that a turbulent boundary layer will follow a universal profile when 
described in terms of the turbulence velocity and length scales. Although this relation holds 
strictly for a zero-pressure gradient boundary layer, Bradshaw and Huang [93] concluded that 
this is still valid for a boundary layer under a pressure gradient. The resulting dimensionless 
velocity profile defines the so-called law of the wall, the shape of the profile is shown in Figure 
194 plotted on semi-log axes in dimensionless wall units.  
 
Figure 194: Appendix G – Turbulent velocity profile in terms of wall units on semi-logarithmic axes 
10.8 APPENDIX H: FREE VORTEX FLOW 
One of the greatest disadvantages of the single passage model is the absence of the volute 
geometry which sets the flow angle into the nozzle ring. Several assumptions can be made to 
help specify the inlet flow angle to the single passage domain. Firstly, the design intent for a 
volute is usually to follow a free vortex flow so that the angular momentum of the fluid is 
maintained as it approaches the nozzle ring; 
           
Equation 128 
If a station is defined as 1’ so that it corresponds to a plane downstream of the measurement 
plane but just upstream of the volute tongue, before the flow has met the rotor but where the 
flow is entirely tangential to the rotor motion, then Equation 128 can be written; 
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Equation 129 
Where, in this case, the station 2 represents the entry to the inlet block used in the single passage 
CFD model and shown in Figure 118. Japikse and Baines [77] suggest that this relationship can 
be modified to produce a more realistic relationship by the addition of a swirl coefficient, S, 
which accounts for the effect of wall friction in the volute; 
 
               
Equation 130 
Japikse and Baines suggest a swirl coefficient of 0.9; this value was used for all single passage 
analyses in this chapter. The next assumptions which can be made about the volute performance 
are that the flow will be approximately incompressible and the mass flow into the nozzle ring will 
be evenly distributed around the periphery of the turbine so that; 
               
Equation 131 
But since the velocity of the flow at Station 1’ is entirely tangential to the motion of the rotor, 
Equation 131 can be written; 
                
Equation 132 
Thus, from Equation 130 and Equation 132 it is possible to specify the radial velocity at the inlet 
to the nozzle ring as a function of the tangential velocity at the same location and the mean radii 
and the flow areas at planes 1’ and 2; 
   
   
   
  
        
Equation 133 
By assuming that the axial velocity of the flow entering the inlet block was negligible this 
formulation was used to specify the flow direction into the inlet block of the single passage 
model. The stagnation pressure and temperature were specified at the inlet boundary, whilst 
static pressure was specified at the exit.  
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10.9 APPENDIX I: DERIVATION OF ENTROPY GENERATION RATE PER UNIT 
VOLUME 
Greitzer et al [70] derive an analytical expression for the entropy production rate per unit mass in 
a fluid system; 
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Equation 134: Specific entropy generation rate 
The first term on the right hand side of Equation 134 represents the change in entropy of the 
system due to an internal heat source, such as combustion, with a heat rate  ̇, this is not relevant 
for the CFD analyses in this thesis.  The second term represents the entropy change due to heat 
flux where    is the ith component of the heat flux vector, q. This may be modeled as the 
product of thermal conductivity and the temperature gradient: 
    
  
   
 
Equation 135: Heat flux 
The final term on the right hand side represents the dissipation of mechanical energy into 
entropy where      is the viscous stress tensor: 
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)          
Equation 136: Shear stress tensor 
A Reynolds decomposition can be applied to Equation 134 into mean and fluctuating 
components of velocity and temperature to allow its application to a turbulent flow field. 
Multiplying both sides by temperature, T, and density, ρ, it is thus possible to write an equation 
for the entropy generation rate per unit volume, σ, within a turbulent flow field; 
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Equation 137 
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For the current model, the system was adiabatic and the effect of thermal diffusion was assumed 
to be negligible compared to the generation of entropy through turbulent dissipation. This 
allowed the entropy generation term associated with heat flux on the right hand side of Equation 
137 to be neglected. Finally, Moore and Moore use the eddy viscosity to model the turbulent 
viscous dissipation [94, 95]: 
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Equation 138: Equivalent shear stress due to Reynolds Stress terms 
The equation for entropy generation rate per unit volume, used in this study, is finally given by; 
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Equation 139: Entropy generation rate per unit volume 
 
